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PREFACE 


This book is intended to serve as a reference for practicing engineers 
and as a text for engineering students. The treatment is rigorous and is 
restricted to fundamental principles and rational procedures; refrigera¬ 
tion and air conditioning are treated as sciences rather than as arts. Such 
treatment seems desirable since the scientific background of both these 
fields of engineering is relatively unchanging whereas the arts of refrigera¬ 
tion and'air conditioning are subject to rapid development. 

The theoretical treatment has the additional advantage of embracing 
not merely the equipments and methods which are in use today, but those 
also which are of the future. The potentialities and limitations of such 
relatively new applications as the heat pump, radiant heating, and porous- 
coil humidifying are implicit in existing theory; thus the engineer with a 
sound psychrometric and thermodynamic background can use his knowl¬ 
edge to foresee some of the patterns of the future. 

For the above reasons this book contains neither descriptive material 
nor performance data on actual equipments; nor does it reproduce any 
appreciable amount of the empirical data which are available in such 
standard handbooks as the American Society of Heating and'Ventilating 
Engineers Guide and the American Society of Refrigerating Engineers 
Data Book . Proficiency in the art of refrigeration and air conditioning 
must be gained largely through experience rather than study and the 
authors therefore visualize that in a college course the text will be supple¬ 
mented with laboratory work, inspection trips, and catalogue studies. 

Such claim to originality as may be advanced for the material presented 
here must be with respect to the emphasis placed on graphical procedures. 
Wherever possible, graphical solutions have been devised for the more 
important rational equations. Such solutions are given for polytropic 
processes, dual-effect compression, ventilation volume requirements, the 
equivalent radiation coefficient, duct friction losses, and duct-fitting head 
losses. Similarly, charts are developed for use in rapidly selecting the 
most efficient fan for any given service. The entire subject of refrigera¬ 
tion is treated in terms of pictorial representation of cycles, actual as well 
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as ideal, on the pressure-enthalpy chart and a new method of graphically 
solving cycle problems, using a superimposed trace sheet, is developed; ph 
charts and trace sheets, in pairs, are provided for eight of the most widely 
used refrigerants. 

The influence of transient and periodic heat transfer on load determina¬ 
tion is given extended treatment with emphasis on methods for obtaining 
approximate graphical solutions. Detailed illustrative examples are given 
to show how the approximate methods can be applied to practical prob¬ 
lems without recourse to advanced mathematics. 

All air-vapor processes and cycles are treated in terms of the psychro- 
metric chart. New material in this section includes the treatment of 
critical loading conditions (Chapter X) and the visualization of health as 
well as comfort zones on the psychrometric chart. The latter item (Fig¬ 
ure 13 ' 2 ) is one of increasing importance to designers who are concerned 
with the many industrial problems requiring careful differentiation be¬ 
tween conditions which are definitely unhealthy and those which are un¬ 
comfortable but not hazardous to health. 

B. F. R. 

F. W. H. 

Berkeley, California 
January, 19/fi 
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CHAPTER I 


THERMODYNAMIC PRINCIPLES 

Three major divisions of subject matter in refrigeration and air con¬ 
ditioning— psychrometrics, heat transfer, and reversed cycle analysis — 
are special applications of thermodynamics. A fourth important division, 
fluid'flow, requires an understanding of hydrodynamics which, in turn, 
makes use of the same basic concepts. Before proceeding with the special¬ 
ized study of these four branches of engineering the fundamentals of 
thermodynamics must be thoroughly understood. The present chapter is 
intended as a brief review with particular emphasis on those definitions, 
concepts, and basic thermodynamic equations which find specific applica¬ 
tion in the fields of refrigeration and air conditioning. 

ENERGY 

Almost every process performed in refrigeration, ventilation, or air con¬ 
ditioning has as its purpose the supply, removal, transformation, or trans¬ 
fer of energy. Within the limited scope of these specialized fields of 
engineering, energy can be defined as the ability to do work, or, more gen¬ 
erally, the ability to produce an effect. Before attempting to design or 
analyze a refrigeration or ventilation system one must be able to supply 
satisfactory answers to four fundamental questions concerning energy: 

1. In what forms can energy be transferred and how can the transfer 
rate be expressed? 

2. In what forms can energy be stored and how can the quantity in 
storage be evaluated? 

3. What are the quantitative relationships among the various forms of 
energy? 

4. Under what conditions and to what extent can energy be transformed 
from one form to another? 

Of the above questions, the first three are discussed in this section 
whereas the fourth is taken up in a later section on Energy Equations. 

1*1. Energy in Transition. Two forms in which energy can be trans¬ 
ferred are as heat, Q, and as work, W. Heat refers to any energy transfer 
occasioned by a temperature difference between the source and receiver, 
and work refers to energy transfers occurring for reasons other than a 
temperature difference. In refrigeration and air conditioning, work al¬ 
ways appears as energy transfer through a shaft or as “ flow ” of energy 

1 
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through a steady and continuous column of fluid either in a pipe or in a 
cylinder. 

(a) Work. Whatever its method of appearance, work is measured as 
the action of a force through a distance. Since the engineering units of 
force and distance are the pound and foot, one unit of work (foot-pound) 
can be defined as the quantity of energy transferred during the action of 
a 1-lb force over a distance of 1 ft. The rate of work, power, is expressed 
in units of foot-pounds per second, or horsepower (1 hp = 550 ft-lb 
per sec). 

Shaft work is a measure of the flow of energy through a shaft and is 
expressed in terms of a circumferential force times the distance through 
which that force would travel if it remained fixed at one point on the 
circumference and acted through the distance represented by the travel of 
that point. Thus a force of 10 lb acting on the circumference of a shaft 
2 ft in diameter would do 10 (n X 2) ft-lb of work per revolution. If the 
shaft were making 200 revolutions per minute the total work for one 
minute would be 

10 X * X 2 X 200 - 12,600 ft-lb or 12,600/(550 X 60) * 0.38 hp 

The concept of energy “ flowing ” through a shaft arises from the fact 
that there is no external evidence of the passage of energy and the con¬ 
dition of the shaft is not affected by the quantity of energy transferred; 
the energy is not stored and in no way affects the properties of the shaft 
during passage through it. Distortion of a shaft under load is caused not 
by work, but by turning moment. A large turning moment frequently 
occurs when the work rate increases, but this moment is not necessarily 
a measure of the rate of energy transfer. Thus of two shafts through 
which energy is flowing at the same rate, one could be turning at high 
speed with small moment and the other at low speed with large moment; 
the deflection in these cases would vary with moment rather than with the 
rate of energy transfer. The most important fact to visualize concerning 
the flow of energy as work is that it in no way affects the material, 
whether solid or fluid, through which it is passing. 

In refrigeration and air conditioning the only appearance of a term for 
energy transfer as shaft work is in such equipments as the fan, pump, and 
compressor. In each of these cases work is done on the fluid in order to 
^ie its j>rcjssure. .. . *. 

Flow work is comparable to shaft work in every respect except that the 
transfer of energy occurs by steady and continuous action of a fluid rather 
than by rotation of a solid shaft. In Fig. 1*1, consider a piston located 
at d and acted on by a working fluid, at a pressure of P pounds per square 
foot absolute, or p pounds per square inch absolute. The fluid pressure is 
resisted by a force acting through the piston rod. Taking the area of the 
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piston as A square feet, the force acting on each side of the piston is 
F — PA — 144pA. If the piston is moved to the left a distance L, causing 
discharge at constant pressure of fluid from the cylinder, the work input 
to the shaft would have to be equal to FL foot-pounds. If now (with 
constant force F, applied to the right side of the piston) additional fluid 
were pumped into the cylinder and the piston returned to its original 
position, the work performed by the enter¬ 
ing fluid on the piston would likewise be 
equal to FL. But FL — PAL, and AL is the 
volume of fluid, V\ entering the cylinder so 
the work performed by the entering fluid 
(and transmitted through the shaft) is PV'. 

Assuming that w pounds of fluid enter and 
that the volume of each pound is v, the total Fl0 1-x Flow Work during 
work done by the fluid on the piston is wPv, Admission, 

and the work done per pound of entering 

fluid is Pv; this is the quantity of energy transferred through the fluid as 
flow work for each pound of fluid passing through the system. 

In the general case of any fluid moving in steady continuous motion 
past any cross section of a pipe, a quantity of flow work Pv is associated 
with each pound of fluid; this energy quantity is independent of the 
velocity, temperature, or viscosity of the fluid. Flow work is present in 
constant quantity whenever steady continuous fluid flow exists at constant 
pressure and specific volume; when flow ceases, flow work no longer exists. 
The requirement of flow as an accompaniment to flow work sometimes leads 
to confusion in that the product Pv can have the same numerical value 
independent of the fact that motion of th6 pound of fluid may or may not 
exist. The numerical value of the Pv product is always in foot-pound 
units, but the term has significance as a measure of energy in transition 
only when steady continuous flow exists. 

Flow work is energy in transition and not energy stored in the fluid. 
Therefore it is not possible to multiply the total weight of fluid in a pipe by 
the flow work associated with one pound to obtain the total energy in transi¬ 
tion. Considering friction losses and heat transfer as negligible, the quan¬ 
tity of energy present as flow work (for an incompressible fluid) is the 
same at all cross sections of a pipe; the same not merely in numerical 
val^e, but literally the identical energy. The flow work at any given 
cross section of such a pipe is the total energy in transition for the entire 
column of fluid. Flow work can be considered as the energy input at the 
pipe entrance needed to inject the fluid, or an energy dissipation at the 
pipe outlet representing the work done in discharging the fluid against the 
discharge pressure. 

Work Swing expansion or compression of a given weight of fluid in a 
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cylinder is of basically different origin from work realized from flow enei 
transformed during admission or discharge. In Fig. l*2o consider 
’right, w, of fluid in the cylinder. Assume that energy is added to 1 
Hi d, causing an expansion under constant pressure with consequent d 
pl< cement of the piston to a new position. During the expansion fl< 
can be considered as occurring through the cylinder cross section at whi 

4b 



Fig. 1*2. Work during Expansion or Compression. 

the piston was first located; the flow work dissipated in moving the piste 
would be equal to 144 pV' where V' is the volume of fluid passing the cro 
section. But V' is obviously equal to the difference between the final an 
original volumes of the fluid and the external work performed by the flui 
during constant pressure expansion is therefore equal to 144p(v 2 ~ Vi 
foot-pounds per pound of fluid. 

When the pressure varies, as during the compression process in median 
cal refrigeration, the work can be determined by visualizing the com 
pression path as consisting of many short constant-pressure processes con 
nected by constant-volume processes (Fig. 1-26). The work for such 
path is 

W ta = 144[ Pl (AV') + p 2 (AF') + pa(AV') + ••• + p„(A7')l 


«= 144 Ep(Ay') 

pi 



where V[ and V d are the volumes at beginning and end of compression ant 
the minus sign precedes the integral because the volume decreases during 
compression. Equation 1*1 gives the work in foot-pounds required during 
the actual process of compression (exclusive of admission or exhaust) anc 
indicates that this work can be numerically evaluated when a known funo 
tional relationship exists between the pressure and volume. 

Work egmyalentj^ ext&rm 

expansion. Whenever *3643, expanse ftBfansLconrt^^ 
mg the evaporation of water toeteam^ 

energy eanisKlent of ^'is'.wk must either be exacted,f s a n s to r a ge ,in 
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the fluid or supplied frorn an outsi de so urce. The specific volumes of 
water and steam at 212°F and atmospheric pressure (14.696 psia) are 
0.01672 and 26.78 cu ft/lb respectively (from Keenan-Keyes Stegty 
Tables), bo the energy which must be supplied to 1 lb of such water tjijjfo 
the external work of expansion is 14.696 X 144 X (26.78 ~ 0.0167%^ — 
56,700 ft-lb or 73 Btu. This energy is called the external latent heajt of 
vaporization. It is not a quantity of energy which goes into storage in 
the fluid during evaporation but is energy passing through the fluid during 
the evaporative process; it is supplied to the fluid from an outside source 
(usually as heat) and dissipated by the fluid to an outside recei er (usually 
as work). 

(6) Heat. Energy transfer as heat occurs by conduction when flow 
is through a series of contiguous molecules and by radiation when the 
transfer is without reference to a tangible medium. A third mechanism 
of transfer, convection, need not be as heat since it may occur as a result 
of a purely mechanical mixing process rather than due to the temperature 
difference which defines an energy transfer as heat. Usually, however, all 
forms of energy exchange which occur when molecules at one tem perature , 
are physically transported into a region at different temperature are 
* grouped under the term convective heat transfer. Equations defining the 
conditions under which a flow of energy may occur as heat are established 
in Chapter VI. 

Unit of heat is the British thermal unit, Btu, defined as 1/180 of the 
quantity of energy transferred to 1 lb of water in raising its temperature 
(at standard atmospheric pressure) from the freezing to the boiling point; 
1 Btu is approximately equal to the energy required to raise the tempera¬ 
ture of 1 lb of water 1°F. Since heat and work are but two forms of 
energy, the arbitrarily chosen units must be related in a fixed way. The 
relationship, expressed as the mechanical equivalent of heat, is 

1 Bt u - 77 8jtrlb 

Thus, 

778 Q - W or JQ-W 

where Q is a heat quantity expressed in Btu, W is the equivalent work 
quantity expressed in foot-pounds, and J * 778. 

The rate of heat transfer, expressed in Btu per hour, is equivalent to the 
rate w of work and is therefore an expression for power. Though the Btu 
per hour is the customary unit for power transfer as heat, equally correct 
expressions for rate of heat transfer in terms of horsepower or of watts 
may be used; thus, 

1 hp « 550 ft-lb/sec « Btu/sec 

Although the above equation expresses a quantitative relationship be- 
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tween units of energy transferred in different forms, it does not give any 
information concerning the possibility of achieving a transformation from 
one form to another. 

1*2. Energy in Storage. Of the factors determining energy in storage, 
those which are of greatest importance include: velocity^gravity, internal 
molecular energy, chemical energy, capillarity, eleclrTcity, and magnetism. 
For problems in refrigeration and air conditioning, velocity, gravity, and 
molecular activity are the only ones that need be considered.^ A tangible 
body can store energy either in mechanical form, with respect to other 
tangible bodies, or in internal form by virtue of molecular activity within 
the body. 

Mechanical energy , ME , consists of the sum of energies possessed by a 
tangible body owing to its position and velocity with respect to an arbi¬ 
trary reference. For most problems in refrigeration and air conditioning, 
changes in the mechanical energy of the working substance are so small 
with respect to changes in internal energy that the former can usually be 
neglected. In the few cases where changes in either elevation or velocity 
are sufficient to suggest a need for consideration of mechanical energy the 
change (expressed as a reduction) of this energy quantity, expressed in 
foot-pounds per pound of working fluid, is given by 

A ME = A Z+ ft-lb/lb (1-2) 

where AZ is the decrease in elevation in feet of the fluid between the two 
points a and b for which energies are being compared, and V is the velocity 
in feet per second measured at the same points. 

Specific internal energy , u, like mechanical energy, consists of a sum of 
potential and kinetic energies. In this case, however, the potential energy 
term is with respect to the system of molecules within the tangible body; 
likewise the kinetic energy term refers to energy contained within the 
molecular system. For these reasons internal energyJs actually stored 
within the single tangibleJ^yj^hile mechanical within 

a system consisting of the tajftg^le.iody and some reference body, usually 
the eartfiT 

The kinetic fraction of internal energy manifests itself as temperature. 
Any increase in the quantity of kinetic internal energy within a body re¬ 
sults in a rise of temperature whereas a decrease is accompanied by a 
corresponding drop in temperature. The concept of an absolute tempera¬ 
ture scale is based on the proportionality existing between change in the 
kinetic internal energy of a body and its degree of “ hotness.” TfcqjBfr* 
passion " sensible heat "r efers .to., intern 
becyge~~tEe~'temp erature asso ciated with 

recog^si Wbf its presence by the senses. Use of the word heat in con* 
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nection with any form of internal energy is common but unfortunate since 
heat in the thermodynamic sense refers only to a particular form of energy 
in transit. Thus, strictly speaking, a hot body possesses not “ heat,” but 
kinetic internal energy; the energy which flows from such a hot body by 
virtue of temperature difference is, however, heat. 

The potential fraction of internal energy is the energy storage required 
to maintain the molecules in their positions with respect to one another 
against the forces of mutual attraction. Because the forces responsible 
for potential internal energy are not subject to direct or rational evalua¬ 
tion in terms of the measurable properties of the tangible body, this frac¬ 
tion of internal stored energy is frequently called the internal latent heat. 

The total internal energy of 1 lb of fluid, u, is the sum of the kinetic and 
potential fractions and is expressed in Btu per pound. 

(c) Combination Energy Terms. The basic classifiable energy terms 
are those for energy in transition or storage. For convenience of calcula¬ 
tion, additional relationships are established which represent combinations 
of one or more of the basic terms. The combined relationships permit 
necessary and desirable simplifications, but their use requires greater care 
because the physical significance of the energy quantities is not always 
self-evident. 

Latent heat of vaporization , h fgy is the total energy which must be sup¬ 
plied to accomplish evaporation of 1 lb of liquid at constant pressure and 
temperature. During the process of evaporation the quantity of energy 
stored in internal potential form increases and, simultaneously, a further 
quantity of energy must be temporarily supplied to the fluid in order to 
accomplish the external work of expansion. The latent heat of vaporiza¬ 
tion is equal to the sum of the energies which flow into the fluid (to 
storage) and through the fluid (to dissipation as external work). The 
term kf 0 therefore represents energy in transition during the process of 
evaporation, but does not represent the gain in storage experienced by the 
fluid. The statement that steam at 212°F and 14.696 psia possesses a 
latent heat of 970.3 Btu/lb means that this quantity of energy had to be 
supplied to achieve evaporation, but it does not mean that the 970.3 Btu 
are present in 1 lb of steam; 73.0 Btu passed through the fluid during 
evaporation and were dissipated as work of expansion (see page 5), the 
remaining 897.3 Btu remain in the fluid as stored internal potential 
energy. Thus the latent heat is, strictly speaking, not a true energy term 
since it refers to real energy quantities only during the actual process of 
evaporation (or condensation); at all other times the latent heat does not 
refer to a particular energy quantity, but expresses a condition — addition 
Or subtraction of energy — which would be realized if the fluid were under¬ 
going either evaporation or condensation. The latent heat of vaporiza¬ 
tion is Numerically equal to the increase in internal energy plus the work 
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of expansion and can therefore be written, 

p 

h/g = U 2 — Ul + — (t>2 — V\) 

where the subscripts 1 and 2 refer to conditions of the fluid before and 
after evaporation. By regrouping terms, 

h/g = (u 2 + - (ui + —^ = h 2 - hi = Ah (1-3) 

where h is the specific enthalpy, as defined below. 

Specific enthalpy, h, is a combined energy term defined by the equation 

h = u -f- Btu/lb (14) 

j 

The sum of internal energy and the Pv work term appear so frequently 
in thermodynamic calculations that selection of a single letter to represent 
it is a definite convenience; since enthalpy is defined in terms of prop¬ 
erties of the fluid it must also be a property. 

Enthalpy appears as an energy relationship in either of two basically 
different ways. First, if the fluid is not undergoing steady and continu¬ 
ous flow the enthalpy remains a property, but does not represent energy. 
Referring to equation 14, the first term, u, is stored internal energy, but 
the second term, Pv/ 778, is merely a product of properties of the fluid and 
happens to have the dimensions of Btu; it is neither energy in storage nor 
in transition. For the case of non-steady, non-continuous flow, Pv/ 778 
is not an energy term and therefore enthalpy cannot be an energy term. 
However, the difference in enthalpies, Ah, between two conditions of the 
fluid for which the pressure is the same is seen from equation 1*3 to corre¬ 
spond to the latent heat of vaporization and therefore to have the same 
energy significance as does the term h fg . In a later section it will be 
shown that the energy significance of Ah exists even when pressure is not 
constant provided there are no thermal or mechanical losses. 

The second use of enthalpy occurs where the fluid is flowing steadily 
and continuously. In^such cases the second term of equation 14, Pv/ 778, 
is equal to specific flow work; enthalpy is then a true energy term, but not 
a homogeneous one since it is made up of the sum of two terms one of 
which is for energy in storage and the other for energy in transition. 
Almost without exception, use of enthalpy in refrigeration problems is 
with respect to its significance as a combination energy term for steady 
and continuous flow conditions. 

Specific heat is defined as the number of Btu which must be added to 
1 lb At fluid under specifically defined conditions in order to bring about 
a temperature rise of l°F, Innumerable different conditions may obtain 
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at the time of heat addition so the specific heat can therefore have many 
different values. 

When heat addition takes place without change in volume of the fluid 
no external work is done and all energy added as heat remains stored in 
the fluid as internal kinetic energy. The temperature increase of any 
material is proportional to the increase in internal kinetic energy so it 
follows that, per unit of heat added, maximum temperature rise will occur 
when the process of heat addition takes place at constant fluid volume. 
But specific heat is the inverse of temperature rise per unit of heat added, 
so the minimum specific heat will therefore be that which is realized during 
a constant-volume process of heat addition. This particular specific heat, 
c„, is a true energy term since it relates the increase of stored energy to the 
increase of temperature. All other values of the specific heat, for differ¬ 
ent heat addition processes, take the form 

c “ c v 4* c w (1*5) 

where c is the specific heat for any given process, c v is the specific heat of 
the same fluid for a constant-volume process, and c w is the number of Btu 
expended as external work (or as change of potential internal energy) for 
each degree temperature rise of the fluid when heated by the process for 
which the specific heat is c. 

The term c w in equation 1*5 varies widely with the process which the 
fluid undergoes. Maximum external work is done when expansion occurs 
at constant pressure; for this condition, c w is a maximum and the specific 
heat at constant pressure c„ therefore represents the largest obtainable 
value of c. Between cp and c v , there are an infinite number of possible 
values of c for a given fluid, but in the fields of refrigeration and air con¬ 
ditioning Cp and c v alone constitute the values of specific heat which find 
application. Aside from c v , specific heats are not true energy terms since 
they do not represent energy either stored in or passing through the fluid, 
but serve merely to indicate the energy addition which must have occurred 
at the time of the temperature rise; part of the energy then added, c», 
remains as kinetic internal energy stored within the fluid, but the balance, 
the c w fraction, has usually passed from the fluid and been dissipated as 
external work. In many respects the specific heat resembles the latent 
heat in that it refers to an energy quantity which was of significance at 
the tim€ of the process occurrence, but which is without meaning when 
applied to the fluid in its new condition. 

FLUIDS, PROPERTIES, AND PROCESSES 

1*8. Working Substances. Previous sections have investigated the 
storage, transfer, and transformation of energy. With the exception of 
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energy transfer by radiation, all these occurrences take place in, or with 
respect to, some tangible medium which can be caused to pass through the 
series of processes constituting a thermodynamic cycle. The fluid in 
which, and on which, energy changes occur is the working substance. In 
the fields of refrigeration and air conditioning three basic types of work* 
ing substances find use: gases, vapors, and gas-vapor mixtures. 

In air conditioning, selection of the fluid is not left to the discretion of 
the engineer; the gas-vapor mixture of air with associated water vapor is 
the working substance which ^ must be used. In refrigeration a choice is 
possible, but the thermodynamic and practical advantages of vapors so 
greatly outweigh those of the other two classes of materials that vapors 
are used almost exclusively in such systems. Paradoxically, the absence 
of a rational method of expressing vapor properties serves to simplify the 
calculations involved in analysis of such systems; because mathematical 
expression of the behavior of vapors is not accurately possible, tables and 
charts of properties have been prepared from which the engineer can 
directly obtain information which, for a perfect gas, he would have to 
calculate. Because of the almost universal acceptance of liquefiable 
vapors as refrigerating working substances the treatment throughout this 
section will be devoted exclusively to fluids of this type. 

(a) Selection and Comparison of Working Substances. The selec¬ 
tion of a particular liquefiable vapor for use as the working fluid in a given 
refrigerating system is based upon many considerations. Although not 
having a place in a textbook on engineering principles, such practical con¬ 
siderations as toxicity, stability, non-corrosiveness, low viscosity, fire and 
explosion hazard, high thermal conductivity, interaction effects with 
lubricants are all factors of great importance which may more than 
offset the thermodynamic advantages or disadvantages of a particular 
refrigerant. 

Thermodynamically, the characteristics most desired in a refrigerant 
are low saturation pressure corresponding to the condenser temperatiire, 
hjgh (preferably above atmospheric) satur ation pr e ssure corre sponding to 
th® desir ed evaporator jaessuge, high and low specific heats of the vapor"* 
^'“^.respectively, large latent heat, a s aturate djgapor.line, which' 
*s closely as possible an isentropie and a high coe fficient n * 
performance. In addition, the refrigerant should "have a specific vol- 
ume^ipeHTc enthalpy relationship such that the required piston dis¬ 
placement corresponding to a given load •will be small. ] 
figure 1*3 shows saturation lines, drawn to uniform scales, for many of 
the common refrigerants. Examination of this figure brings out the wide 
range of characteristics and indicates that selection of a r efri gerant on the 
bails of one particular characteristic may require acceptance of 
factory conditions for some of the others. Ammonia, for example, has a 
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largeJatent heat^ but a saturated vapor line which departs widely Jrom 
the isentropic (see pTTchart for'ammonia). Dichlorodifluoromethane and 
methyl cEloride have more satisfactory saturated vapor lines but cannot 
compare with ammonia in terms of latent heat. Similar comparisons of 
other refrigerants and other thermodynamic characteristics will provide 
some of the data needed in making a selection. Complete data on the 
properties and essential characteristics of refrigerants are available in the 
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Fia. 1*3. Comparison of Refrigerantsi 

literature and should be studied carefully before a selection is attempted. 

Based on a temperature range from 5°F to 86°F the coefficient of per¬ 
formance of the ideal reversible system (Carnot cycle efficiency) is 5 . 74. 
The coefficients of performance of some typical refrigerants, whenuseain 
a cycle without either superheating at compressor suction or subcooling at 
condenser discharge are given in Table 1*1 together with the percentage 
ol Carnot performance realized (in the stated temperature range) by each 
refrigerant; 
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TABLE M* 



COP 

% Carnot 

Dichloroethylene 

5.14 

89.5 

Dichloromethane 

4.9 

85.4 

Propane 

4.88 

85.0 

Methyl chloride 

4.84 

84.3 

Monofiuorotrichloromethane 

4.82 

84.0 

Ammonia 

4.76 

82.9 

Sulfur dioxide 

4.73 

82.4 

Butane 

4.63 

80.6 

Dichlorodifluoromethane 

4.61 

80.3 

Water 

4.10 

71.4 

Carbon dioxide 

2.56 

44.6 


* For evaporation at 5°F; condensation at 86°F; saturation oyole. 

The relative order of refrigerants with respect to coefficient of perform¬ 
ance must not be overemphasized; many refrigerants having a low co¬ 
efficient possess other qualities which may far outweigh this disadvantage, 
whereas refrigerants possessing a high coefficient may, for other reasons, 
be unsatisfactory. 

1*4. Properties. The fundamental or measurable properties of a work¬ 
ing substance are pressure^ jspecific volume, and temperature. Composite 
or derived properties are: 

a. Internal Energy . Since this term represents energy stored within the 
fluid when at a given state, it must be a property and is therefore inde¬ 
pendent of the process followed in reaching that state. For the working 
substances customarily used in compression refrigeration systems (lique¬ 
fiable vapors) the functional relationship between internal energy and the 
measurable characteristics is complex; no mathematical statement of this 
relationship is needed, however, as tables and charts are available for all 
the common refrigerants and from such sources the numerical value of the 
internal energy can be read or indirectly calculated for any known con¬ 
dition of the fluid. 

b. Enthalpy . As previously discussed, enthalpy is an energy term only 
during steady and continuous flow, but it is always a property of the fluid 
defined in terms of pressure, specific volume, and internal energy. 

c. J Entropy. This is a useful composite property the physical signifi¬ 
cance of which is unimportant in refrigeration problems. Likewise, the 
absolute value of entropy is not important, interest being centered on the 
entropy change which occurs in passing from one state to another. The 
change of specific entropy is defined by the equation, 

- -iff 

where to is the weight of fluid in pounds. 


(1*9) 
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Equation 1-6 applies only when the state change occurs without friction 
and with uniformity of temperature (not necessarily constancy of tem¬ 
perature) throughout the fluid. The change of entropy in passing from 
one state to another is the same regardless of what reversible path or series 
of paths is followed; entropy is therefore fixed when the state of the 
working substance is fixed and it is a property of the fluid. 

Work and heat represent transient forms of energy, are determined by 
conditions exterior to the fluid, and are not expressible in terms of the 
measurable properties of the fluid; work and heat are therefore not prop¬ 
erties and consequently cannot be evaluated in terms of the initial and 
final states alone. 

(a) Representation of Properties. Since each of the six properties 
of a working substance has a unique value at any given state, a knowledge 
of any two properties will suffice to establish the state and hence the 
numerical value of all six properties. The only exception to this state¬ 
ment occurs when the working substance is a non-homogeneous mi xture 
of liquid and vapor; in this case charts and tables customarily show 
equivalent properties of the mixture which do not represent true prop¬ 
erties at a real state, but fictitious values based on the ratio of weights of 
material present at each of the true states corresponding to a saturated 
liquid and a saturated vapor. 



Fig. 1-4. Typical Pressure-Enthalpy Diagram for a Refrigerant. 

Figure 1*4 shows a typical pressure-enthalpy ( ph ) chart of the type 
which will be used throughout this book. The saturated liquid line is 
the locus of states at which the fluid is in liquid form, but saturated with 
heat; flow of heat, while pressure is constant, to a fluid at a state on this 
line must result in evaporation. Similarly, the saturated vapor line is 
the locus of states for which the vapor is saturated with heat; heat flow, 
while pressure is constant, to such a vapor must result in superheating. 
In the regions to the left of the saturated liquid line and to the right of 
the saturated vapor line the fluid is present as a subcooled liquid or a 
superheated vapor, respectively. 

The region between the two saturation lines includes the equivalent 
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states which can be realized as a result of mechanically mixing saturated 
liquid with saturated vapor; in this region the pressure and temperature 
are not independent variables. With the above exception, a knowledge of 
any two properties will suffice to determine the state of the fluid at any 
point on the chart and hence permit evaluation — from the chart — of all 
other properties. Pressure, specific volume, temperature, enthalpy, and 
entropy are given on the chart; internal energy is usually not plotted but 
can be readily calculated once the pressure, specific volume, and enthalpy 
are known. 

Other types of charts such as the pv, T$, and hs are sometimes used, but 
for refrigeration problems the ph plotting has definite advantages. 

1*5. Processes. A process is defined as jm occurrence during which a 
working substance undergoes a change of state* When it takes place with 
little control, then fluid friction, turbulence, and heat transfer within the 
body of the fluid cause a variation of the properties throughout the mass 
and make it impossible to define the state at successive time intervals 
during the process. In such cases the fluid is not homogeneous, the change 
of state does not follow a continuous path, and the process is not subject 
to mathematical description or analysis; processes of this type are said 
to be irreversible. 

When the state change occurs without fluid friction and with uniformity 
of all properties throughout the mass of the working substance, it becomes 
possible to express the state of the fluid at any point along the path; such 
a process is subject to complete definition, occurs with complete control, 
and is said to be reversible. Reversible processes are subject to mathe¬ 
matical description and analysis. 

All real processes evidence some degree of non-homogeneity caused by 
mechanical or fluid friction. Real processes are therefore partially irre¬ 
versible and are not subject to exact mathematical analysis. Fortunately, 
however, the degree of irreversibility is very small for most heat engine 
Tprocesses, and the analysis can be carried out as for a reversible process. 
'The compression process in mechanical refrigeration usually approaches 
so closely to reversibility that it can be regarded as a reversible process 
j and analyzed accordingly; the error resulting from this assumption is 
^rarely great enough to be of any practical importance. Throughout this 
book all compression processes will be analyzed on the assumption that 
they are reversible., 

(a) Polytropic Compression. Experience has shown that the com¬ 
pression process in mechanical refrigeration systems usually follows a 
path defined by the empirical relationship, 

pv* - Constant (1*7) 

where the exponent n depends upon the heat transfer from the cylinder 
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during compression. Reversible processes which follow a path defined by 
equation 1-7 are said to be polytropic. 

The work required during the process of polytropic compression can be 
evaluated by substituting the pressure-volume relationship of equation 1-7 
in the basic work equation, 

= -144 f* pdv = -144 pv n 

J Vt J Vt v n 1 — n 

= 144 ~ ft-lb/lb (1-8) 

The total work required by a reciprocating compressor is equal to the 
work necessary for the process of compression plus that required to impart 
flow work to the leaving fluid less the flow work given up by the entering 
fluid. The entering and leaving flow work quantities are and 

144p d t\* respectively so the total work required by the compressor is 

w- m = 144 - p,t>,] ft-ib/ib 

1 4 - 4-79 

= ■ ~r (Pil’d - P.V.) ft-lb /lb] (1-9) 

n — 1 


Equation 1-8 gives the work required, in foot-pounds, for the non-flow 
process of compression within a cylinder whereas equation 1*9 gives the 
total work required for the cycle of operations involving flow from line to 
cylinder, compression, and flow from cylinder into the discharge line. 
Solution of either equation requires a knowledge of the state at the start 
of compression, the discharge pressure, and either the specific volume at 
discharge or the polytropic exponent, the last two terms being functionally 
related by the defining equation of a polytropic process. 

The problems usually encountered in compressor analysis require use 
of the polytropic equation for either of two determinations: 

a. When the exponent n and the state of the refrigerant at the start of 
compression are known, analysis is necessary to determine the state of 
vapor at the compressor discharge. Applying equation 1*7, 

P.t£ = PdVd 

so 



Use of equation 1*10 is facilitated by the graphical solution given in Fig. 
1*8, If the pressure ratio Pd/p», the polytropic exponent n, and the specific 
volume v, at the suction state are known, the graph gives directly the 



N0UV003 3H1 JO NOU/rmt 



Fig. 1*5. Graphical Determination of State Point after Polytropic Compression. 
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specific volume at discharge from the compressor, v a ; p d and Va together 
define the discharge state. 

6 . In many problems the polytropic exponent is unknown, but the 
states at suction and discharge are determinable from experimental data. 
In such cases it is necessary to calculate the exponent in order to proceed 
with the analysis. Rewriting equation 1-7, 


or 



logio (Vd/Vs) 
logio (Vs/Vd) 


(Ml) 


A graphical solution of equation I’ll is given in Fig. 1*6. If the pressure 
ratio and the ratio of specific volumes before and after compression are 
known, the numerical value of the exponent for a polytropic path between 
the end points of the process is obtained directly from the graph. 


ENERGY EQUATIONS 

When the various forms in which energy can manifest itself have been 
established, it becomes necessary to fix relationships among those forms 
such that the engineer can determine the rate of transfer, storage, or 
transformation of energy in the course of a given process or operation. 
The equations relating energy quantities are of three kinds: (1) for a 
non-flow process, (2) for a process in which the fluid undergoes steady and 
continuous flow, and (3) for a process in which the fluid passes from a 
condition of steady continuous flow to one of non-flow, or vice versa. In 
the field of refrigeration the second, or flow equation, is the one that finds 
greatest use and on which the thermodynamic analysis of cycles is based; 
occasional use is also made of the non-flow equation for investigating and 
expressing conditions within the compressor during the compression stroke 
and of the flow to non-flow equation for establishing cylinder conditions 
at the start of a dual-effect compression. 

1*6. The Simple (Non-flow) Energy Equation. Consider a given 
weight of fluid within, and just filling, a fixed horizontal cylinder fitted 
with a piston. Energy can be added to or removed from the fluid as heat 
or as shaft work and can enter or leave storage as a change of internal 
energy, but supply, removal, or change of storage of energy in this system 
cannot occur in any form other than heat, work, or internal energy. The 
First Law of Thermodynamics states that energy can neither be created 
rtor" des troyed, therefore an exact balance can be established between the 
energy transferred to or from the fluid and the increase or decrease in 
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RATIO OX A5SOLUTC DISCHARGE TO SUCTION PRESSURES f>tt/ p 
Fra. 1*6. Graphical Determination of Polytropic Exponent. 
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internal energy stored within the fluid. Thus, 

Qin + “jr = Qoufc + + wAu Btu (1*12) 

where Q is the heat transfer in Btu, W is the work transfer in foot-pounds, 
w is the weight of fluid (pounds) within the cylinder, and A u is the 
increase in internal energy of the fluid in Btu per pound. 

If equation 1*12 is applied to the process represented by Compression, 
there must be a transfer of energy to the fluid as shaft work and, depend¬ 
ing on the initial temperature, there will probably be a net transfer of 
energy, as heat, from the fluid. Then, 

W , 

Qont + wAu Btu (l*12a) 

Equation l*12a is the usual form of the Simple Energy Equation for non¬ 
flow processes; it is a mathematical statement of the first law of thermo¬ 
dynamics, stating explicitly that when work is done on a fluid an equal 
quantity of energy must appear either as heat or as an increase of internal 
energy. 

The principal application of the simple energy equation in refrigeration 
problems is in evaluation of the work required for compression. Unfor¬ 
tunately, this equation merely expresses a condition which must be met 
whenever an energy process occurs; it does not provide any information 
concerning the likelihood of a process taking place or the relationship 
between heat, work, and internal energy during such a process. These 
reasons make desirable the establishment of some functional relationship 
between the internal energy gain and the transfer of heat energy 
during the compression process. But heat, like work, depends on the 
process followed. Thus evaluation of heat and work both require knowl¬ 
edge of the compression process. 

Three types of compression processes are customarily used in the analy¬ 
sis of mechanical refrigeration problems. They are: 

1. When the compression is known to occur along a polytropic path for 
which the exponent is available, work of the process can be determined 
from equation 1*8 and the energy transfer as heat from the refrigerant 
during compression is then 

- [ 144 j^ a _~ 1 f - - to - «•>] w Btu d' 13 ) 

where all terms on the right side of the equation are known or calculable. 

2. When the initial and final states are known, but it is not known that 
compression fallows a polytropic path: 



THERMODYNAMIC PRINCIPLES 


20 


? a . The assumption may be made that compression is polytropic and the 
lexponent then determined from Fig. 1*6; knowing n, work and heat are 
calculated as in the first case. 

> b. A more direct solution is obtained if it is assumed that compression 
follows a path along which the variation of temperature with entropy is a 
straight line; for most practical cases this assumption gives a result which 
very closely approximates that obtained by considering the compression 
? i process to be polytropic. When temperature varies as a linear function 
i of entropy, the arithmetical average temperature, (t d + t s )/2 , is equal to 
the mean temperature, t m , acting during compression. But from equa¬ 
tion 1*6, 


Qoi 


/ d 


Tds Btu 


so'by substitution of the mean temperature, 


Qout 



(tm + 460) (s a — s d )w Btu 


(M4) 


Since all terms in equation 1*14 are directly determinable from properties 
at the known suction and discharge states, solution of this equation can be 
carried out without determination of the polytropic exponent. Once 
Q m t is known, the work can be calculated from the simple energy equation, 

W in — w[(tm + 460) (s, — 8 d ) + (u d — Ug)]J ft-lb (1*15) 


The difference in accuracy of the approximations involved in methods 
a and b is so small that it can be considered insignificant for most prac¬ 
tical problems; the selection of method is determined purely on a basis of 
convenience or facility in calculation. The second method has the advan¬ 
tage of greater simplicity and permits immediate determination of all 
necessary data from the properties at the two known end points. How¬ 
ever, with the graphical solution of Fig. 1*6 available, the amount of cal¬ 
culation necessary to use the first method is not great. If a solution Were 
to be obtained without help of the graphs, the second method would, in 
general, be found most rapid and direct. 

3. The third type of process important in refrigeration analysis is that 
in which the compression occurs so rapidly that no significant transfer of 
energy as heat takes place. For a reversible process without heat transfer 
there is, from equation 1*6, no change in entropy; such a process is called 
an isentropic. For this case the simple energy equation reduces to 

TPfn * V)(u d - u,)J (M6) 

so the work required can be directly calculated from known values of the 
refrigerant properties at the end points of the process. 
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1*7. The General (Steady Flow) Energy Equation. When there is a 
steady fiow of energy to or from a system, the first law of thermodynamics 
permit^ establishing an energy balance. Systems of the type used in re¬ 
frigeration usually do not undergo a change in the quantity of stored 
energy once equilibrium has been established, and for such cases the 
energy balance can be obtained by equating the sum of all incoming 
energy quantities to the sum of all outgoing energy quantities. For sys¬ 
tems in which there is no flow of working fluid the energy balance becomes 

Qtn + y-Qo ut + ^p (1*17) 

Equation 1*17 is applicable to the typical mechanical refrigeration sys¬ 
tem when considered as a whole. Energy enters as heat flowing to the 
evaporator and as work delivered to the compressor. Neglecting losses 
and'assuming isentropic compression, the only energy leaving the system 
is as heat from the condenser. The balance therefore becomes 

w. 

Qin + y = Qont (M7 a) 

whij?lLflhows^hat the condenser in a refrigeration system must be capable 
of transferring a larger quantity of heat than the evaporator, since the 
condenser must dispose not only of the heat picked up by the evaporator, 
But also the heat equivalent of the work of compression. 

When there is a flow of one or more working substances through the 
system for which an energy balance is to be established the equation must 
include terms to represent the energy stored in, or associated with, the 
fluids. For steady and continuous flow of one working fluid through a 
system at a weight rate of w pounds per minute, the general equation 
becomes 

+1|“ + ffy i + Ju i) + Qi + y = 

j (%2 + ^ + P &2 + Jv*) + Oa + y (1*18) 
or 

- Zt ) + — + J(ha - h)] = AGn + <M8o) 

where Aand AW in / J represent the net input of heat and shaft work each 
expressed in Btu per minute. 

In moat refrigeration problems the change in mechanical energy of the 
working fluid is small in comparison with other energy changes. For such 
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cases equation 148a becomes 

w(h 2 - h t ) -AQm + ^ (1-19) 

or 

whi + Qin + -j 2 = wh 2 + Qout 4—(149a) 

and it is in one or the other of these simplified forms that the General 
Energy Equation finds greatest use in the analysis of mechanical refrig¬ 
eration processes and cycles. 

Solution of equation 149 requires knowledge of a functional relation¬ 
ship between shaft work and either the heat transfer or the change of 
enthalpy. An expression for total work associated with a polytropic com¬ 
pression has been obtained in terms of the properties of the fluid at states 
1 and 2 (equation 1-9); substituting this expression in equation 149 gives 

W(h 2 - hi) + AQ out = J (P2»2 - pifi) (1*20) 

from which the quantity of heat flowing from the compressor cylinder 
during a reversible polytropic compression with exponent n can be deter¬ 
mined as soon as the initial and final states are known. This equation is 
established for conditions of steady and continuous flow and must there¬ 
fore be applied using reference points 1 and 2 at cross sections in the suc¬ 
tion and discharge piping rather than in the compressor cylinder. An 
alternative solution of equation 149 is obtainable by using the approxi¬ 
mate expression of equation 144 to evaluate the heat leaving the com¬ 
pressor. Application of the general energy equation to reciprocating 
machines is permissible only when the speed is sufficient to maintain a 
reasonable approach to steady and continuous flow conditions; this re¬ 
quirement is closely realized in compressors of the type and speed used 
in refrigeration. 

For the case of isentropic compression Q 0 ut becomes zero, and the steady 
flow energy equation simplifies to 

= w(h 3 - h t ) Btu (1-21) 

1*8. Flow to Non-flow Energy Equation. When flow occurs to or from 
a receiver, an energy balance can be established between the total energy 
possessed by 1 lb of fluid in the line under steady flow conditions and the 
same pound after it has come to rest in the receiver. By assuming that 
flow occurs without heat transfer, 

Vf 

Zi + — 4- Jiii + Pffli m Z r + Juv (1*22) 
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where the subscripts l and r refer to line and receiver, respectively. In 
many cases the difference in elevation between line and receiver is negligi¬ 
ble, and the velocity in the line is small in comparison with the flow work; 
when these conditions apply, equation 1*22 reduces to 

Jui + PiVi = Jhi = Ju T (l«22a) 

which shows that flow from a line to a receiver is accompanied by an 
increase in the specific internal energy of the working fluid equal to the 
flow work which it possesses when in the line 


J J 


(1*226) 


The increase is seen to be completely independent of the final receiver 
pressure, and the internal energy of the fluid in the receiver therefore has 
a fixed value for any receiver pressure up to that of the line. This fact 
can be most readily visualized by considering that the pressure drop 
occurs while the fluid is still in motion and that it takes place, in effect, 
through an adiabatic expansion valve. Under such conditions the en¬ 
thalpy of fluid in the line would be constant and independent of the line 
pressure; the transformation of flow work from the moving fluid to in¬ 
ternal energy in the stationary fluid would then occur at constant pressure. 

The flow to non-flow equation does not apply to entrance of refrigerant 
into the cylinder of the usual type of compressor because in that case the 
flow work possessed by the fluid in the line is dissipated as shaft work 
performed by the entering fluid as it forces the piston through the cylinder. 
With multi-effect compression, however, the flow of high-pressure suction 
vapor into the cylinder usually occurs after the piston has almost reached 
dead center. For this vapor, no appreciable amount of energy leaves the 
cylinder as shaft work, and the flow work of the entering fluid therefore 
reappears as an increase of internal energy. This case will be investi¬ 
gated in detail in a later section on dual effect compression. 

1*9. Energy Equation Examples. 


Example 14. Saturated ammonia vapor enters a compressor at 25 psia and is 
discharged at 165 psia and 200°F. Assume polytropic compression and calculate: 
(a) work input during the compression process; (6) work input during the com¬ 
pression cyde; (c) rate of heat loss from the compressor. (All calculations^*) be 
in terms of a 1 lb/min refrigerant circulating rate.) 

Solution . From ph chart for NHs (in envelope on rear cover) at Pi =» 25 and 
saturation, Vi m 11 cu ft/lb; h — -8°F, hi «* 609, si « 1.35. From chart at 
Pt ■* 165 and t% ** 200°F: v% » 2.4, h% * 708, s* *= 1.32, 

a. Pressure ratio ** 165/25 « 6.60 

- Volume ratio = 11/2.4 m 4.58 
From Fig. 1*6 read n * 1.24 
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By equation 1*8, 

_ /144\ r(165 X 2.4) - (25 X 11)1 ,. 

TFproc - VtTsJ L (1.24 -T)- J ~ 93 - 3 BtU/mm 

6 . By equations 1*8 and 1-9, 

TFcycie = 1.24 X 93.3 = 115.7 Btu/min 

Tfie difference between the results of parts a and b is the net work done by the 
piston during constant-pressure admission and discharge. 

Check . Net constant-pressure work = 

144 

- [(165 X 2.4)- (25 X 11)] — 

= 22.4 Btu/min 

For this case the compression cycle requires (22.4 X 100 )/93.3 = 24.0 per cent 
more work than the compression -process. 

c. By equation 1*19, 

Qout - 115.7 - (708 - 609) - 16.7 Btu/min 

Example 1*2. Solve Example 11 on the assumption that the compression 
process occurs along a path for which the variation of temperature with entropy is 
linear. 

Solution . 

o. By equation 1*14, 

Gout = ^ 2(K) 2 — + 460^ (1.35 - 1.32) = 16.7 Btu/min 

6 . By equation 119, 

TFcyeie * (708 - 609) + 16.7 = 115.7~Btu/min 

144 

C. TTprooe. - 115.7 - (165 X 2.4 - 25 X 11) — 

= 93.3 Btu/min 

The agreement between the answers of Examples 1*1 and 1*2 indicates that 
either assumption concerning the path of the compression process is acceptable. 

Example 1*3. Saturated ammonia vapor (1 lb/min) is isentropically com¬ 
pressed to 165 psia from 25 psia and saturation. Calculate: (a) the cycle worki 
(5) the process work. 

Solution, 

a. From the ph chart at p% = 165 and 8% ** *= 1*35, read As = 729 and 

f>i « 2.55. By equation 1*21, 

TFcyd* * 729 - 609 * 120 Btu/min 

144 

4 W l m 120 - 1(165 X 2.55) - (25 X 11)1^ 

- 120 - 27 - 93 Btu/min 
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Example 1*4. Saturated ammonia vapor is compressed from 25 psia to 165 
psia at 275°F. Assume linear temperature-entropy relationship during compres¬ 
sion and calculate: (a) work of the cycle, (b) work of the process, (c) compare 
results with those from Examples 1*2 and 1-3. 

Solution. From the ph chart at p 2 “ 165 and t 2 « 275°F read s 2 * 1.385, 
h 2 *= 752, v 2 = 2.7. 

a. By equation 1-14, 

( o7K _ c \ 

— - -+ 460 J (1.350 - 1.385) 

a —20.80 Btu/min 

By equation 1*19, 

Weyvi* - (752]— 609) - 20.20 
=> 122.2 Btu/min 

144 

b. Wpfoo&m - 122.2 - [(165 X 2.7) - (25 X ll)]±jg 
= 122.2 — 31.5 == 90.7 Btu/min 

c. Comparison of results from Examples 1*2,1-3, and 1-4 is shown in Table 1-2. 


TABLE 12 



Example 1*2 

Example 1-3 

Example 1-4 


(Cylinder Cooling) 

(Isentropic) 

(Cylinder Heating) 

IB process 

93.3 Btu/min 

93.0 Btu/min 

90.7 Btu/min 

Badm. an<! discharge 

22.4 “ 

27.0 “ 

31.5 44 

Woycto 

115.7 

120.0 “ 

122.2 44 

Qin 

-16.7 “ 

0.0 44 

4-20.8 

Ah 

99.0 “ 

120.0 “ 

143.0 44 

Energy in 

115.1 

120.0 « 

143.0 41 


PROBLEMS 

1. A liquid is passing through a pipe under conditions of steady and continuous 
flow. The pressure is 10 psia, but the specific volume of the fluid is unknown. Cal¬ 
culate the flow work in foot-pounds associated with each cubic foot of fluid. 

2. Between cross sections a and 6 of a frictionless pipe line 1 lb of a refrigerant 
loses 2 Btu of internal energy but gains 1500 ft-lb of kinetic energy and 16 ft-lb of 
flow work. If there are no gains or losses of heat between cross sections, determine 
the increase or decrease in elevation of the pipe line. 

3* A certain gas has specific heats at constant volume and at constant pressure of 
02 and 0.3 Btu/(°F) (lb) respectively. If 40 Btu are added to 2 lb of gas during a 
constant-pressure process (155.6 psia), .calculate the accompanying change in specific 
volume. 

4. Work is done on the gas within a cylinder at the rate of 0.118 hp for each pound 
per minute of gas passing through the compressor. Heat loss from the cylinder 
amounts to 360 Btu/hr, and the specific enthalpy of the gas increases by 2 Btu. Cal¬ 
culate the pounds per minute of gas handled. 
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5. A gae at 25 psia has a specific enthalpy of 609 Btu/lb and a specific volume of 
11 cu ft/lb. If this gas flows from a line to a receiver which is 77£ ft lower than the 
line, calculate its specific internal energy on entrance to the receiver. (Neglect the 
line velocity.) 

6. A gas having specific volume of 20 cu ft/lb is compressed polytropically 
(n — 1.25) from 16 psia to 32 psia. Determine the specific volume at discharge. 

7. During compression a refrigerant is reduced in volume to one-fifteenth of its 
original value while its pressure is increased twenty-six times. Determine the poly¬ 
tropic exponent. 

8. Add an additional row to Table 1*2 giving the polytropic exponent for each of 
the three examples. 

9. Saturated ammonia vapor is compresesd polytropically (n« 1.20) from 25 psia 
to 165 psia. Calculate the work of the cycle and the heat flow to or from the cylin¬ 
der. Compare results with the examples given in Table 1*2. 

10. Solve the b part of illustrative Example 1*4 by use of equation M3 and com¬ 
pare result. 
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CHAPTER II 


FUNDAMENTAL CYCLES OF VAPOR REFRIGERATION 

SYSTEMS 

2*1. The Basic Cycle. All vapor refrigeration systems, whether actu¬ 
ated by a reciprocating compressor, a centrifugal compressor, a steami 
jet^a secondary absorbing fluid, or an adsorbing material, operate because 
Of a difference in pressure which permits the collection""of heat hy the 
refrigerant at a low saturation temperature and discard at a higher satura¬ 
tion temperature. The suction vapor pressure for any such system must 
have a value sufficiently low so that the corresponding saturation tem¬ 
perature will be below the temperature of the space to be cooled by a 
margin sufficient to establish adequate heat flow from the cooled space to 
the refrigerant. Similarly, the discharge pressure must be sufficiently 
high so that the corresponding saturation temperature will exceed the 
temperature of the available cooling medium by a margin ample to insure 
the necessary rate of heat transfer from the refrigerant to the cooling fluid. 
The requirement of all refrigeration systems is to provide means of estab¬ 
lishing the necessary difference between the suction and discharge pres¬ 
sures p B and p d . 

Regardless of what type of device is used to accomplish the pressure 
increase, three basic equipments are always found in refrigeration sys¬ 
tems. These are the condenser, expander, and evaporator. Analysis of 
the thermodynamic processes occurring in each of these equipments can 
be accomplished by applying the general energy equation in the form 
established in equation M9: 

<a. For the condenser (with no work in or out and heat out only), 

Qout =* w(Jlin — ^ out ) (2*1) 

/ b. For the expander (with no heat in or out, no work in, and reversible 
jexpansion), 

>W) (2-2) 

Equation 2*2 indicates that a reversible adiabatic expan sion o f the vapor 
yields work which can be returned tojbhe compressor, thereby reducing 
theoverall energy requirements of the system^ With the exception of the 
rarely used dense-air refrigerating system, reversi ble expan sion Is not 
jused (because of the complexity of mechanical equipment required); m- 

v am 
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stead, the refrigerant passes through an expansion valve irreversibly. 
The work term in equation 2*2 then becomes zero and the equation for 
such an irreversible expansion is ^ 

^in = ^out (2*2a) 

c. For the evaporator (with no heat out and no work in or out), 

Qin = w(h out - K) (2*3) 

d. When compression occurs isentropically, the energy equation for a 
reciprocating or centrifugal compressor is (equation 1 * 21 ), 

w. 

-f = u>(Knt - K) (2*4) 

Examination of the above equations shows that complete analysis of 
the system is possible in terms of the enthalpies at entrance and exit from 
each equipment. Further, the ideal system is considered to have no 
piping losses, either of pressure or of heat; thus the enthalpy at exit from 
any piece of equipment is the same as at entrance to the following piece. 
Three values of enthalpy therefore provide all necessary data for analysis 
of the entire ideal cycle; these are: 

h s — enthalpy at compressor suction. 

h d = enthalpy at compressor discharge. 

h e — enthalpy leaving condenser, entering or leaving expansion valve 
and entering evaporator. 

Since there are no pressure losses in the ideal system, the discharge pres¬ 
sure pa must apply at all points from the compressor to the expansion 
valve and the suction pressure p 8 at all other points in the system; this 
division of the refrigeration system into a “ high side ” and a “ low side ” 
is shown in Fig. 2 *la. 

The starting point in analysis of a refrigeration system is a knowledge 
of the required suction and discharge pressures and the load which is to 
be handled. Load is commonly expressed in tons, T, where 1 ton is equal 
to a cooling rate sufficient to freeze 2000 lb per day of 32°F water to 32°F 
ice. Since the heat of fusion of water is 144 Btu/lb, a 1 -ton load corre¬ 
sponds to a heat extraction rate of 144 X 2000 — 288,000 Btu/day — 
12,000 Btu/br — 200 Btu/min. If T is the load in tons carried by the 
evaporator, the weight rate of refrigerant passing through the system is 
given by 

200T ^ ^ . 

IP * 77 -r-r lb/min. 

— n e ) 


(2*5). 
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and the work of compression (noting that 42.42 Btu /min = 1 hp) is 

gft. - u _ mnh, - >.) 

p 42.42 42.42(4, - h.) ' ' 

The coefficient of performance of a refrigerating system is defined as 
the ratio of desired effect to the energy required to produce that effect, 

Heat absorbed in evaporator h 8 — h e 

c °P = --77-3-7-= t -r ( 2 * 7 ) 

Energy supplied to compressor hd — h 8 


After a particular type of refrigeration system has been selected, many 
equipment arrangements are possible, giving different thermodynamic 
cycles of operation. The selection of a particular cycle depends on many 
factors such as availability of equipment, first cost, and complexity of 
control, and one object of system design is to determine that cycle which 
will give the highest coefficient of performance with reasonable first cost 
and practicable operating conditions. In the sections which follow, a 
series of possible thermodynamic cycles will be investigated, and the 
method of analysis for each cycle established. In all cases the discussion 
will be based on an ideal system for which: 

1. There is no pressure change in condenser, evaporator, connecting 
piping, or through compressor valves. 

2. There is no transfer of heat to or from the system at any point ex¬ 
cept in the condenser and evaporator. 

3. Compression follows an isentropic path. 

Once the method of cycle analysis has been established for ideal cycles, 
extension or correction to include actual cycles can be readily accom¬ 
plished ; such corrections will be discussed in a later section. 

2*2. Simple Saturation Cycle. Referring to Fig. 2* la, consider a sys¬ 
tem for which the suction and discharge pressures are known, vapor leaves 
the evaporator in a saturated state, and liquid leaves the condenser satu¬ 
rated. Once the principal state points have been established the complete 
cycle can be readily shown on the pressure-enthalpy diagram for the par¬ 
ticular refrigerant and the analysis completed by use of data available 
from the ph chart. The cycle is plotted as follows. 

(a) Compressor. The refrigerant at entrance to the compressor is 
known to be a saturated vapor at pressure p 8 so its state on the ph chart 
(Fig. 2*16) is on the constant-pressure line p 8 and also on the saturated 
vapor line; the only point on the chart meeting these two conditions is the 
point of intersection a, which must therefore represent the state of the 
refrigerant at compressor entrance. Compression occurs isentropically 
so the path of the compression process can be drawn on the ph chart as a 
line of constant entropy starting at $ and ending at intersection with the 
constant-pressure discharge line p* The intersection d establishes the 
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state of the superheated vapor leaving the compressor. The enthalpies 
k 8 and h d are then read from the chart by traveling vertically downward 
(or-upward) from the states s and d to the enthalpy scale. 



I 

m 





Fig. 2*1. Simple Saturation Cycle. 


( b ) Condenser. The vapor leaving the compressor at state d passes 
through the condenser at constant pressure. The vapor at d is super¬ 
heated so the first process taking place in the condenser must be desuper¬ 
heating to the saturated vapor state d' where the temperature has its 
saturation value t corresponding to p*. From d' to c condensation 
occurs at constant pressure and constant temperature. Note that of the 
total heat extracted by the condenser, a substantial fraction, 

kd — hd> 
hd — h € 

represents desuperheating rather than condensation. 

(c) Expansion Valve. By equation 2*2a, the expansion valve process 
occurs at constant enthalpy and is therefore shown on the ph diagram as 
a vertical line from state c to intersection with the suction pressure p*. 
The intersection establishes the state e at entrance to the evaporator. 
The temperature at point e has the saturation value t 9 , corresponding to 
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p ti and can be read from the chart either at point $ on the saturated vapor 
line or at point e' on the saturated liquid line. 

At discharge from the expansion valve the refrigerant is partially 
vaporized, its quality (per cent present as saturated vapor) being given 
by the constant quality lines x which appear on some forms of ph charts 
(as on Fig. 1-4). Strictly speaking, points, as e, located between the 
saturated liquid and vapor lines, are not true states since the refrigerant 
is partly liquid and partly vapor and therefore is not homogeneous and 
does not possess uniform properties. However, equivalent properties as 
given by the ph chart for points in this region are advantageous in that 
they can be used in the solution of problems where knowledge of the true 
properties is unnecessary. At state e, for example, the chart gives an 
equivalent enthalpy of h e . Actually, there is present at e, x e pounds of 
saturated vapor at state s and (1 — x c ) pounds of saturated liquid at state 
e\ The specific enthalpy of the mixture is 


h e — x e h 9 ”|” (1 Xg)h e f (2*8) 

which can be solved for x e , thereby permitting evaluation of the quality in 
terms of the known enthalpies at e', e, and s, 



The “ flash ” or partial evaporation which occurs during passage 
through the expansion valve provides the cooling effect needed to reduce 
the temperature of the refrigerant from its value leaving the condenser, 
t ( v to the evaporator temperature t 8 . One pound of liquid refrigerant at 
state c possesses h e Btu per pound, whereas liquid at state e contains only 
h 0 ’ Btu per pound; thus the required rate of heat removal to reduce 1 lb 
of saturated liquid from t&> to t 8 is {h e — h e >) Btu. But the expansion 
takes place adiabatically so the enthalpies before and after expansion are 
the same; an amount of energy equal to that leaving the liquid must there¬ 
fore appear as latent heat of vaporization in the vapor formed during ex¬ 
pansion. The latent heat of vaporization of saturated vapor at p 8 is 
(K — he*) Btu. Since there must be an energy balance between the loss 
of energy of the liquid and the gain of energy by the vapor, 


or 


X,(h 9 - he) = (1 - X € )(he - h e >) 


h e — he* 



(2*9) 


id) Evaporator. The evaporator process takes place at constant 
pressure from state e to state s with an enthalpy gain of (h § - h e ) Btu 
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per pound of refrigerant passing through the system. Heat gain in the 
evaporator is from the refrigerated space and the enthalpy difference 

(h 8 - h e ) is therefore referred to as the 
refrigerating effect. At state e a frac¬ 
tion of the refrigerant is already satu¬ 
rated vapor and therefore is incapable 
of providing any refrigerating effect. 
This fraction can be by-passed around 
the evaporator, as shown in Fig. 2*2, 
thereby reducing the weight of refrig¬ 
erant passing through the evaporator 
to (1 — x e ) pounds per pound circu- 
Evaporator with Flash Cham- luting, but leaving the refrigerating 
ber. effect unchanged at 



Fig. 2-2. 


(1 — x e )(h 8 — h e t ) = ( h 8 — h e ) Btu/lb circulating (2*10) 

The alternative arrangements of Figs. 2Ta and 2-2 have no effect on the 
thermodynamics of the cycle, but practical operating considerations fre¬ 
quently dictate selection of one method in preference to the other. 


Example 2*1. A simple saturation cycle using ammonia carries a load of 100 
ton. The suction and discharge pressures are 25 psia and 165 psia. Calculate: 
(a) the weight rate of circulating refrigerant, ( b ) the isentropic horsepower 
(c) the coefficient of performance, ( d ) heat transferred by the condenser, Btu/hr, 
and (e) quality of refrigerant leaving the expansion valve. 

Solution . 

a. By equation 2-5 (data from Fig. 2-15), 

200 X 100 __ . 

t ‘ ,= (609 - 137) = 42 ' 41b/mm 

h . By equation 2-6, 

hp 

c. By equation 2*7, 

cop 

d. By equation 2*1, 

QoatOmsm 


42.4(729 - 609) 
42.42 


120 


609 - 137 
729 - 609 


3.93 


42.4 X 60(729 - 137) « 1,606,000 Btu/hr Ana. 


e. By equation 2-9, 


137 - 34 
* “ 609 - 34 


0.18 ' 


\{ e ) Suction Pressure. The importance of maintaining the highest 
suction pressure consistent with carrying the required load cannot be oyer- 
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emphasized. Refer to Fig. 2*3 and consider a simple saturation system 
operating around the cycle sdce with cop — ( h 8 — h 9 )/(h d — h $ ). Sup¬ 
pose that the suction pressure is reduced to p,» with the new cycle becom¬ 
ing a'd'ce'. The coefficient of performance changes to 


cop 


hgf — hg 
h d f “* hgf 


_ (h» ~ he) — (hg - hgf) _ 

(h d - h 8 ) + (h a - hg f ) + (h d f - h d ) 


which shows that a reduction in suction pressure results both in a reduc¬ 
tion in refrigerating effect and an increase in work of compression with 
consequent drastic reduction in the coefficient of performance. 



Fig. 2-3. Effect of Suction and Discharge Pressures on Performance. 


Example 2*2. If the suction pressure in Example 2-1 were reduced from 25 psia 
to 10 psia, calculate the per cent change in the coefficient of performance. 

Solution . By equation 211 (data from Fig. 2-3), 


597 - 137 
C ° P ~ 784 - 597 


2.46 


3.93 - 2.46 

Reduction »--X 100 = 37.4% 

o.yo 

(/) Discharge Pressure. The discharge pressure is determined by 
the temperature of the cooling medium available for receiving heat dis¬ 
carded in the condenser. In Fig. 2*3, an increase in the discharge pres¬ 
sure from p d to p d ff results in changing the cycle from sdce to sd"c"e" with 
a consequent reduction in refrigerating effect of (h e " — h e ) and an in¬ 
crease in the work of compression amounting to (hf — h d ). The coeffi¬ 
cient of performance for the new cycle becomes 


hg ■* hgtf (hg —* h$) *— (hgff * hg) 

°° P = h#> - h, ” (h d - A.) + {hd" - h d ) 


( 2 * 12 ) 


Comparing equations 2*11 and 2-12 the effect of decreasing the suction 
pressure is evidently more severe than that of increasing the discharge 
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pressure since it increases the work of compression at both the suction and 
discharge ends of the compression path. 


Example 2*3. If the discharge pressure in Example 21 is raised from 165 psia 
to 180 psia, calculate the per cent change in the coefficient of performance. 
Solution. By equation 2-12 (data from Fig. 2-3), 


cop 


609 - 143 
736 - 609 


3.67 


Reduction 


3.93 - 3.67 
3.93 


6 . 6 % 


A comparison of the results of Examples 2-2 and 2-3 shows that the effect of a 
15/(165 — 25) = 10.7 per cent change in the pressure range is more than five 
times as serious when the suction pressure is reduced as when the discharge 
pressure is raised. 

2*3. Simple Subcooling Cycle. By installing a subcooler in the con¬ 
necting, piping between condenser and expansion valve (Fig. 2*4a) it is 


Coohng 

Wafer 



(a) I 



Fig. 24. Saturation versus Subcooling Cycle; 


possible to reduce the temperature of the liquid refrigerant to within a few 
degrees of the temperature of the entering cooling water. This reduces 









SIMPLE SUBCOOLING CYCLE 


35 


the percentage of refrigerant lost due to flash in passing through the ex¬ 
pansion valve and accordingly increases the refrigerating effect. The 
question arises, however, as to whether the extra cooling water circulated 
through the subcooler could not be used to better advantage by passing it 
directly through the condenser. To evaluate this possibility refer to 
Fig. 2*46 and consider the saturation cycle sdce and the subcooling cycle 
sd'c'e ', each of which is realized with the same total weight rate of cooling 
water; the water passes directly through the condenser for the saturated 
cycle, but through the subcooler (countercurrent) and the condenser in 
series for the subcooled cycle. 

Consider that cooling water is available at a temperature t% and that 
the subcooler reduces the refrigerant temperature to within A t degrees of 
tx so that 

h — t c * — A£ 

Similarly, the condensate in the saturation cycle will be considered as 
leaving at a temperature A£ greater than that of the exit cooling water 
(t 2 )\ the exit temperature of cooling water in the subcooling cycle, t 2 * ) 
will be taken as A t less than the condenser temperature. Then, 

t 2 ~ to ~ A t and t 2 * — to*g — A t 


The temperature rise of the cooling water in the two cycles is then, 


For the saturating cycle 


t 2 ^1 “* ffl to* 

(2* 13a) 

For the subcooling cycle 


t 2 * tx e=s te*$ — to* 

(2-136) 


Consider that the subcooling cycle is known and that it is desired to deter¬ 
mine the coefficient of performance of the corresponding unknown satura¬ 
tion cycle which uses the same rate of cooling water. The cooling water 
rate for the subcooling cycle is 

— h a t 

w * ---Mb/lb 

tc' $ — to' 

where A h e >, t c *$ and t 0 > are all directly determinable from the ph chart 
(Fig. 2*46). 

For the unknown saturation cycle the refrigerating effect is reduced by 
(K — h«>) and the rate of refrigerant circulation is then (A, - h a *)/ 
(A f - he) pounds for each pound used in the subcooling cycle. Since the 
total cooling water rate is the same in both cycles the rate per pound of 
refrigerant passing through the saturation cycle become® w(h 9 - h e )/ 
(he h^) where ail terms are known except A«. But the cooling water 
required in the’saturation cycle is also given by the equation (A* - At)/ 
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(t c - t?) where h a , h e , and t 0 are unknowns. Equating these two expres¬ 
sions for cooling water rate per pound of refrigerant circulating through 
the saturation cycle, 

w(k t - k e ) = (h d - k e ) 

(K - K) it c - l e 0 1 ; 

Since all three unknowns of equation 2*14, h ey h dy and t 0 are functionally 
related, selecting a value of the saturation temperature t c permits direct 
reading of the corresponding values of h d and h e from the ph chart (see 
Fig. 2-46). Equation 2*14 can therefore be solved by trial and error, 
assuming values of t G and testing for equality. 

When the saturation cycle is known and it is desired to determine the 
corresponding subcooling cycle, an equation similar to 2*14 can be derived, 


w'(h 9 — h e ') _ (h d f — h e >) 

(h 8 — h e ) (tc'a tc') 


where h 9 , h e , are known and w r can be calculated from the equation 


h d h e 

t c t c r 


(2*16) 


(where t # is equal to the entering water temperature plus At ) . The value 
of h 6 ’ in equation 2*15 is also known (since t c - is known) so that h d » and t C ' 8 
are the only unknowns. However, these two terms are dependent so by 
assuming values of t C ’ 8 and reading the corresponding values of h d > from 
the ph chart, the solution of equation 2-15 can be obtained by trial and 
error. 

When the state points for each of the two cycles have been determined, 
the respective coefficients of performance can be calculated in the usual 
way. Though the relatively complex empirical relationship between 
vapor properties prevents obtaining a simple mathematical equation to 
show the effect of subcooling on performance, calculation of a few numer¬ 
ical problems will show that the subcooling cycle has a definite advantage 
and in every case results in a higher coefficient of performance. When the 
absolute cooling water rate is held constant, subcooling will decrease the 
condenser pressure, increase refrigerating effect and increase the coefficient 
of performance. 

In actual systems the possibility of reheating"'the subcooled liquid re¬ 
frigerant in the piping between subcooler and expansion valve makes it 
desirable to locate the subcooler just ahead of the expansion valve rather 
than next to the condenser. Where this is done, it may not be feasible 
to have the water leaving the subcooler pass through the condenser; for 
parallel operation of these two equipments the conditions assumed in the 
derivation of equations 2*14 and 2*16 should be re-examined. 
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Example 2*4. A saturation cycle operating between 25 psia and 165 psia uses 
cooling water at an entering temperature of 60°F. The water leaves the conden¬ 
ser at a temperature 5°F below that of the saturated liquid. If a subcooler were 
placed in series with the condenser and, by counterflow, the refrigerant were 
cooled to within 5°F of the entering water temperature, determine: (a) the con¬ 
denser pressure for the sub cooled cycle (water leaves the condenser 5°F below the 
unknown saturated liquid temperature), (b) the coefficient of performance for the 
subcooled cycle, and (c) the per cent change in the coefficient of performance 
resulting from use of subcooler. 

Solution. 

a. (Refer to Fig. 2*46 for data): 

te = 60 + 5 - 65°F 

By Eq. 2-16, 

729 — 137 

w' ** ~1Ta -*= 31.15 lb water per lb NH 8 

84 — bo 

By Eq. 2*15, 

31.15(609 - 115) _ h d , - 115 _ 

609 - 137 t e , - 65 


The above equation must be solved by trial and error. 

, 731 - 115 

If *= 86, then h d * = 731 and —-rr" “ 29.3. 

oo — bo 


If te** == 84, then h# 


729 and 


729 - 115 
84 - 65 


32.3 


If t c '« = 82, then hd> = 726 and —-— «= 35.95. 

04 — DO 

The correct value of t e ', must therefore be between 82° and 84° and can be 
determined by interpolation, 

- 84 - ( k 55 = ll ) <84 - “> ■- 84 - °- 8 - 8S - rF 

6. cop «* (609 — 115)/(728 - 609) - 4.15. 

, 4.15 - 3.93 . 

c. Increase ■= —-- 5.6%. 

2*4, Simple Superheating Cycle. Figure 2*5 shows the ph diagram 
8'd'ce for a cycle with superheated vapor entering the compressor, as com¬ 
pared with the simple saturation cycle sdce. Superheating can occur as a 
result of any one of three conditions: 

1. Automatic control of the expansion valve so that the refrigerant will 
leave the evaporator at state s'. For this case the refrigerating effect is 
increased by (h,- — h,) Btu per pound, and the required work of com¬ 
pression is increased appreciably since s'd' is less steep than sd. The co- 
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efficient of performance, as compared with a saturation cycle at the same 
suction pressure, can be greater, less, or unchanged, depending on the dif¬ 
ference between p s and Pd- 

2 . Pick-up of superheat by the vapor after leaving the evaporator, but 
^through piping located within the cooled space. In this case the super¬ 
heat also represents a gain in refrigerating effect, and the cycle is thermo¬ 
dynamically identical with that for superheat gain within the evaporator. 



3. Pick-up of superheat in connecting piping outside of the cooled 
space. In th's case there is no increase in refrigerating effect, but an in¬ 
crease in work of compression and a consequent reduction of the coefficient 
of performance. Heat gain of this kind is also undesirable in that it 
increases the specific volume of the vapor at the compressor suction 
thereby increasing the required displacement; further, all heat entering 
the system in the low-pressure side must be discarded by the condenser 
so the added heat throws additional load on the condenser and increases 
the required supply rate of cooling water. If additional water is not 
available, or if the condenser does not have excess heat transfer surface, 
the effect of the added load may be to increase the discharge pressure with 
consequent increase in the work of compression and decrease in refrigerat¬ 
ing effect. 

When superheat occurs either in the evaporator or in piping within the 
cooled space, the suction pressure is somewhat lower than the value corre¬ 
sponding to a saturation temperature approaching that of the cooled space. 
Immediately the question arises as to whether or not better economy 
could be realized by increasing the suction pressure until the saturation 
temperature corresponds to the temperature of vapor leaving the evapo¬ 
rator in the superheated cycle. The extent to which superheat can be 
abandoned in favor of a higher suction pressure depends on many prac¬ 
tical operating considerations, but best economy is usually realised when 
a saturation cycle is used to replace a cycle operating with superheat it 
the evaporator exit. 
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Example 2*5. A system operates between 25 and 165 psia with saturated 
liquid from the condenser and vapor leaving the evaporator with 20°F of super¬ 
heat. Compare th~ coefficient of performance with that of the simple saturation 
cycle. 

Solution. By equation 2-7, with data from Fig. 2*5, 


cop = 


621 - 137 
746 - 621 


= 3.87 


„ , .. 3.93 - 3.87 „ _ 

Reduction = —-« 1.52% 

2*5. Subcooling with Vapor. Previous sections have shown the advan¬ 
tage of subcooling and the disadvantage of superheating. In this section 
attention will be directed to the possibility of achieving subcooling of the 



(a) 



Fig. 2 6. Subcooling with Vapor. 

liquid leaving the condenser by passing it through a heat exchanger 
paral|el to the vapor leaving the evaporator. Figure 2-6a shows a similar 
equipment arrangement, but for counterflow, and Fig, 2*6 b gives the ph 
chart for the parallel flow cycle. The refrigerant leaves the condenser at 
state Cj temperature t c and passes through a heat exchanger supplied with 
saturated vapor from the evaporator at temperature t 8 . In the ideal case, 
hot h fluids leave the exchanger at a common temperature t m . Sinoe the 
apeciflc heat of the vapor is less than that of the liquid, the temperature 
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rise of the vapor is greater than the temperature reduction of the liquid 
The weights of liquid and vapor are the same, so by an energy balance, 


but 


h 9 t h 8 


h 0 he* 


(2.17) 


tg/ = t c ' 


(2-17a) 


The above equations can be solved by trial and error thereby establish¬ 
ing states c' and s'. The power required for this cycle is 


hp = 


/ 200T \/ h d , - h s \ 
\h a — h c t) \ 42.42 ) 


and the loss over the corresponding simple saturation cycle is 


(2-18) 


hpiOM 


2007" / h d > — h 8 f hd ~ h a \ 
42.42 \ h a — h c t h a — h c ) 


(2*19) 


Even with a theoretical loss resulting from vapor precooling, there are 
many actual installations in which the use of precooling is economically 
justifiable because of superheating which would otherwise occur in the 
piping between the evaporator and compressor; if such superheating can¬ 
not be avoided, use of a precooler will increase the refrigerating effect 
while reducing both the compressor and condenser loads. 


Example 2-6. A simple saturation system operating between 25 and 165 psia 
uses vapor for subcooling. Calculate the effect of the subcooling on the coefficient 
of performance. 

Solvtion (Data from Fig. 2-66). Assume t c » *=* 54; then h c > =* 103, t a * = 54, 
h a t « 643, hd* «= 782. By equation 2*17, 

643 r 609 « 137 - 103 
or 

34 « 34 


so the assumed t c > is correct. 

609 - 103 
C ° P “ 782 - 643 


3.64 


% change 


3.93 - 3.64 
3.93 


7.38% reduction 


2*6. Subcooling with Liquid Refrigerant. An apparent method of 
achieving maximum subcooling is represented by the equipment arrange¬ 
ment of Fig. 2*7a in which liquid leaving the condenser is cooled to the 
evaporator temperature by refrigerant diverted from the downstream side 
of the expansion valve; the ph chart (Fig. 2*7i>) shows the thermodynamic 
cycle. The weight of refrigerant required for precooling is v>* ** (w 4- to') 
{h 0 - h C ')/(h 9 — V) which reduces to w' — w(h c — h 0 *)/(h s - h c ) t where 
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w is the weight of refrigerant passing through the evaporator. This equa¬ 
tion shows that the weight of refrigerant needed in the precooler is exactly 
equal to the weight of flash that would occur in a simple saturation cycle 
operating between the same pressure limits. Obviously, therefore, no 
advantage accrues from use of such an arrangement; it is thermodynam¬ 
ically identical with the simple saturation cycle. Note however that the 
appearance of this cycle on the ph chart (Fig. 2*76) is deceptive. 



(a) 



Fig. 2*7. Subcooling with Liquid Refrigerant. 

2-7. Clearance and Conventional Volumetric Efficiency. Selection of a 
compressor to carry the load of a given system requires knowledge of the 
total volume of vapor to be handled at suction conditions and determina¬ 
tion of the volume of'suction vapor that will enter the cylinder during 
the admission period of each stroke. When the weight rate of refrigerant 
passing through the system has been determined, the specific volume at 
the suction state can be read from the ph chart, and the volume of vapor 
to be handled per unit time can be calculated immediately. If the volume 
of vapor entering the cylinder per stroke were known, the required operat¬ 
ing speed could then be directly determined. 

Refer to Fig. 2*8 and consider a compressor constructed so that there is 
no appreciable clearance between the cylinder end and the piston when 
the latter is at the end of its stroke. As soon as the piston starts moving, 
vapor will be drawn in from the suction line, and this admission process 
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will continue until the piston reaches the other end of its stroke. The 
volume admitted will be equal to the piston displacement and can be rep¬ 
resented by the line es of Fig. 2*8a. Compression will then occur from 
s to d and discharge of the high-pressure vapor from d to d'. Since no 
vapor remains in the cylinder at the end of the discharge stroke, the pres¬ 
sure ahead of the piston will instantaneously drop to p 8 when the return 
stroke starts. The line d'e has no thermodynamic significance. 



Fig. 2*8. Zero Clearance. Fig. 2*9. Clearance and Re-expansion. 


All compressors, to a greater or less degree, must provide some clearance 
between the dead center piston position and the end of the cylinder. In 
addition, there is certain to be some space in ports, valve pockets, and 
clearance chambers which will remain filled with high-pressure vapor 
after the discharge stroke has been completed. For convenience of rep¬ 
resentation Fig. 2*96 shows a cylinder with clearance and with an addi¬ 
tional equivalent clearance volume to represent the effect of ports, valve 
pockets, and clearance chambers. The total clearance volume is shown 
as ef in Fig. 2*9o while the actual piston displacement is represented by 
a volume corresponding to line es in the same figure. For this operating 
cycle, compression would occur from s to d, discharge from d to d' } re¬ 
expansion of the vapor trapped in the clearance chamber from d' to s', and 
admission of vapor from the suction line from s' to s. Thus the volume of 
fresh vapor handled during each stroke would be only a fraction, s's/es of 
the compressor displacement. 

Clearance , C, of a refrigerant compressor is defined as the percentage of 
piston displacement which is represented by the total clearance volume; 
the clearance in Fig. 2*9 is 


c _ iQQtef) 


( 2 * 20 ) 


es 
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Conventional volumetric efficiency, CVE, is defined as the percentage 
of piston "displacement Which is represented by the volume of fresh vapor 
drawn into the compressor at each stroke; in Fig. 2*9 the conventional 
volumetric efficiency is 


CVE = i^ 

e8 


lOO^s) 

~D 


( 2 - 21 ) 


where D is the displacement in cubic feet per stroke and is known for a 
given compressor. 

Evaluation of the conventional volumetric efficiency requires deter¬ 
mination of the volume s's as a function of the displacement and clear¬ 
ance, both of which are known characteristics of a given compressor. But 
s's is the volume of fresh vapor admitted and must be equal to the total 
equivalent cylinder volume less the volume of re-expanded clearance 
vapor, 

-a*-d(i + 

Since the weight of vapor in the cylinder does not change between states 
d' and s' an equality can be written between the quotient of total volume 
at each of these states and the respective specific volumes 

tjl 

tv V 

The state d' is identical with d (since d'd represents a discharge of fluid 
from the cylinder rather than a change of state of a constant weight of 
fluid) so v d ’ = tv, similarly, v 8 » = v 8 . Then by substituting for tv and 
tV and solving for fs\ 



100 


00 

% CVE« 100 + c(l - 100-C^-l) ( 2 - 21 o) 

Equation 2*21 a gives the conventional volumetric efficiency in terms of 
the known clearance and of the specific volumes at entrance and discharge 
from the compressor; from the suction and discharge states on the ph 
chart the specific volumes can be read directly. Then dividing the total 
volume of vapor to be handled per unit time by the conventional vofai- 
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metric efficiency will give the total swept volume per unit time; if dis¬ 
placement is known, the speed can then be calculated; if speed is selected, 
the required displacement can be calculated. 

Clearance, in the ideal cycle, has no effect on the power required to 
carry a given load. Re-expansion of the clearance vapor is considered as 
taking place isentropically with a return to the piston of an amount of 
work, per pound of clearance vapor, equal to that required for its com¬ 
pression. The principal disadvantage of clearance is that it reduces the 
capacity corresponding to a fixed displacement. For a given clearance 
the capacity decreases progressively as the pressure range becomes greater 
until a point is reached at which the compressor will not discharge, but 
will continuously re-expand and recompress a fixed quantity of vapor 
(with theoretically zero power). 

In actual systems clearance is likely to have some effect on the required 
power because the re-expansion curve may not have the same polytropic 
exponent as the compression curve. When re-expansion occurs with a 
net heat gain by the vapor from the cylinder walls, the re-expanded clear¬ 
ance volume is greater than that indicated by the assumption of isentropic 

re-expansion; the conventional volumetric 
efficiency for this system is therefore less 
than for the ideal system. Thus the capac¬ 
ity of the plant is reduced, but the net power 
required is also less since the work returned 
during re-expansion is greater, on a per pound 
basis, than that required during the isentropic 
compression. The work delivered during a 
re-expansion with net heat flow to the vapor 
exceeds work delivery during isentropic re¬ 
expansion by the shaded area of Fig. 2T0. Conversely, if there were a 
net heat flow from the vapor to the cylinder the work delivered during 
re-expansion would be less than if the process occurred isentropically. 


^ /SLNTftOP/C 
P£ -£*PA /VJ/0/V 


NON- /J£ N TPOPIC 
P£ ~£xPANJ/ON 



Fig. 2*10. Polytropic Re-expan 
sion. 


PROBLEMS 

1. Twenty thousand pounds of milk are to be cooled to 40°F from an initial tem¬ 
perature of 85°F. If the cooling must be acomplished in a 1%-hr period, how many 
tons of refrigeration are required? (Specific heat of milk .90.) 

2. If the load of problem 1 occurs at 12-hr intervals, but if refrigeration is accom¬ 
plished by using brine which is cooled continuously, calculate the tons of refrigeration 
required. 

3. A plant was designed for an evaporator temperature of 5°F and a temperature 
of liquid ammonia to the expansion valve of 80°F. Changing conditions necessitate 
a liquid ammonia temperature of 60°F. (a) Calculate the percentage gain in refriger¬ 
ating effect. (6) Determine the number of degrees of liquid cooling required to bring 
about a 1 per cent increase in refrigerating effect, 
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4. A plant designed to manufacture 100 tons of ice in 24 hr operates with one 
double-acting, single-cylinder, single-effect compressor the stroke of which is equal 
to 1.66 times the piston diameter. The compressor speed is 60 rpm, its volumetric 
efficiency is 75 per cent, and the mechanical efficiency of compressor and motor (as 
one unit) is 86 per cent. The cost of power is 0.9tf per kwh. Losses of refrigerating 
effect as a result of heat infiltration, etc., are such that the plant requires 1.7 tons of 
refrigeration to make one ton of ice. Cooling water gains 10°F in passing through the 
condenser. The compressor discharges ammonia vapor at a gage pressure of 185.3 
lb/sq in. Between compressor and condenser the vapor is cooled 20°F as a result of 
heat losses from the piping. The absolute suction pressure is 36 lb/sq in., and the 
ammonia vapor is superheated 25°F between the evaporating coils and the compres¬ 
sor. Liquid ammonia leaves the condenser at 80°F. Assume isentropic compression. 

a. Determine the temperature of the ammonia vapor discharged from the com¬ 
pressor and the amount of heat removed: (1) to extract heat of superheat, (2) to 
liquefy the ammonia vapor, and (3) to cool the liquid ammonia. 

b. Determine the useful refrigeration per pound of ammonia and the loss due to 
superheating in the suction line. 

c. Calculate: (1) pounds of ammonia circulated per minute per ton of refrigera¬ 
tion, (2) pounds of ammonia circulated per minute for each ton of ice per day, 
(3) volume of ammonia vapor passing through compressor suction per minute for 
each ton of ice per day. 

d. Determine the number of gallons per minute of cooling water required for the 
plant. Iftthe heat losses between compressor and condenser were increased by 50 per 
cent, what consequent per cent reduction would occur in cooling water requirements? 

e. Determine diameter and stroke of compressor. Determine power requirements 
in horsepower per ton of refrigeration and the size of motor (hp) required to drive 
the compressor. 

/. Calculate the compressor clearance. 

g. Neglecting maintenance and repair and assuming a 20 per cent annual return 
on investment, determine the permissible cost of improvements to the plant (insula¬ 
tion, etc.) which would reduce the refrigeration requirements from 1.7 tons/ton to 
1.4 tons/ton. 
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CHAPTER III 


COMPLEX COMPRESSION CYCLES FOR 
SINGLE-LOAD SYSTEM 

The use of a complex cycle in a system carrying a single evaporator 
load can rarely be justified (economically), except where compound com¬ 
pression with intercooling is used. In practice, however, problems fre¬ 
quently arise in which combinations of loads can be carried in such a way 
that the higher evaporator pressure becomes the intermediate pressure of 
the low-pressure cycle. Thus, although the multi-compression cycles 
analyzed in this chapter might well be impractical in a single evaporator 
system, they could be used to advantage if two or more evaporator tem¬ 
peratures were needed. The equations developed for a single evaporator 
system are equally applicable to combined systems and have the advan¬ 
tage over specific combined equations that they remain valid for all possi¬ 
ble combinations. Typical combined systems are described and analyzed 
in section 3*7. 



sjrf L Sectionalized Compression with Multiple Expansion Valves. For 
the simple saturation cycle the work of compression increases as the 
difference between suction and discharge pressures. Although both pres¬ 
sures are fixed by operating conditions there remains a possibility of reduc¬ 
ing the pressure range of that fraction of the refrigerant which flashes dur¬ 
ing passage through the expansion valve. In the ph diagram of Fig. 34, 
aS soon as refrigerant starts through the expansion valve, vaporization 
begins. When the pressure has dropped the finite increment from p* to 
Pe, a small fraction of the refrigerant is present as saturated vapor (at a&) f 
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and it is no longer capable of providing a refrigerating effect. If it were 
possible to extract this vapor and recompress it, the required work of com¬ 
pression would obviously be much less than is the case when this material is 
first expanded to p a and then recompressed through the entire range. 

If the saturated vapor were extracted at the refrigerant remaining 
would be a saturated liquid at state c$. Allowing this material to expand 
through the finite pressure difference from p$ to p& and again extracting 
the saturated vapor would leave saturated liquid at state eg. Continuing 
the process of pressure reduction by finite intervals would lead to subse¬ 
quent states of the remaining refrigerant at c 4 , C 3 , c 2 , etc. If the pressure 




Fig. 3-2. Sectionalized Compression with Multiple Expansion Valves. 


stages became infinite in number, saturated vapor would be continuously 
extracted during expansion, and the remaining liquid would then follow a 
path represented by the saturated liquid line. For sectionalized compres¬ 
sion with an infinite number of stages the path followed by that fraction 
of the circulating refrigerant which passes through the evaporator would be 
sdccis. The thermodynamic cycle for sectionalized compression with 
infinite stages resembles in many respects the cycle for regenerative feed 
water heating (in a steam power plant) with an infinite number of heaters. 

In practice, continuous extraction of saturated vapor is obviously imprac- 
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tical, and it is rare that the first cost of more than two or three stages of 
compression can be justified. Figure 3*2 a shows an equipment arrange¬ 
ment for a three-unit compression system where the only effect of the 
sectionalizing is to take advantage of the extraction of saturated vapor 
during expansion. Each pound of saturated liquid leaves the condenser at 
state c and passes through expansion valve 1 where its pressure is reduced 
from p d to p 3 ; leaving the expansion valve at state C 3 (Fig. 3*26) the mate¬ 
rial has a quality x 3 . The saturated vapor is extracted at S 3 , and the re¬ 
maining saturated liquid, (1 — x 3 ) pounds at state C 3 , then passes through 
expansion valve 2 where its pressure is reduced to p 2 . Leaving this valve 
at point e 2 , with quality x 2 , the saturated vapor is extracted at point s 2) 
and the remaining weight of saturated liquid, (1 — x 2 )(l — x 3 ) pounds, at 
state c 2f then passes through the last expansion valve where its pressure is 
dropped to p 8 and its new state, at entrance to the evaporator is Ci, with 
quality X\. This material then passes through the evaporator providing a 
refrigerating effect of ( h 9 — h ei ) Btu per pound, which would mean 
(1 — z 2 )(l — x 3 )(h 8 — h 6l ) Btu per pound of liquid leaving the condenser. 

The weight of circulating refrigerant required for this system is (by 
analogy with equation 2-5) 

_ 200 T _ 

W (1 - x 2 )(l - x 3 )(h, - h ei ) ( ' 

The total power required (by analogy with equation 2*6) is 

w 

hp = ^42 ~~ + * 2(1 ~ #3 )(hd 2 — h 2 ) 

+ (l-x 2 )(l-x 3 )(h d -h.)] (3-2) 

If the same load were carried with a simple saturation cycle the weight of 
circulating refrigerant would be, as in equation 2*5 


K - h c 

and the power required to compress all the refrigerant in one compressor 
would be 

w f 

hp " 42^42 ~ k,) (3 ' 3) 

By analogy, the comparable equations for sectionalizing with n stages 
can be written, 


(1 — X 2 )(1 £ 3 ) (I ^ 4 ) * " (1 ** Xn)(hg — h *.) 
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w 

kp *“ ^ d n ^«n) ®n—l(l ^n) (^dn—1 ~ ^»n-l) + • • • 

+ Z 2 (l — x 8 ) • • • (1 — Xn)^ — ft tj ) 

+ (1 — s 2 )(l — X3) • • • (1 — x n )(ha — A,)] 

(3*2a) 

Example 3*1, An NH S system operating between 25 and 165 psia has multiple 
expansion valves with vapor extraction at 60 psia and 110 psia. The load is 100 
tons. Calculate the total power required and compare the coefficient of per¬ 
formance with that of a simple saturation cycle operating between the same 
pressure limits. 

Solution (Data from Fig. 3 26). By equation 3-1, 


w 


200 X 100 

(1 - 0.063) (1 - 0.05) (609 - 76) 


42.15 lb/min 


By equation 3-2, 


hp 


42.15 

42.42 


[0.05(651 - 627) + 0.063(1 - 0.05) (682 - 620) 


+ (1 - 0.063) (1 - 0.05) (729 - 609)] 

42 1 5 

* (1.20 + 3.68 -f 106.82) - 111.7 

42.42 


Power required for simple saturation cycle = 120 hp (Example 2-1). Then per 
cent increase in the coefficient of performance is 


120 - 111,7 
111.7 


X 100 = 7.4% 


Compound Compression with Water Intercooler and Single Ex¬ 
pansion Valve. The slope of constant entropy lines on the ph chart de¬ 
creases as the degree of initial superheat increases. By reducing super¬ 
heat and operating on the steep isentropics near the saturated vapor line 
the increase in enthalpy corresponding to unit pressure rise is held to a 
minimum. Compound or stage compression is one effective method of 
operation on isentropics close to the saturation line. 

Refer to Fig. 3-3a6; consider that compression occurs in stages through 
three compressors operated in series. If no further change were made in 
the system, the thermodynamic cycle would be unchanged from the simple 
system since discharge from the first stage would occur at state but 
admission to the second stage would occur at the same state; similarly, 
a" would represent both discharge from the second stage and admission to 
the third. Consider, however, that a cooling fluid is available which can 
be used in intercoolers located between the compressors to reduce the 
temperature of the vapor to its saturation value at each discharge pressure. 
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Then the operating cycle becomes ss'sgs^sd'ce, and the work of compres¬ 
sion is 

hn = ^00 T[{hd' — h 8t ) + (h a ' t — h 9t ) + (h 9 f — h t )] 

P 42.42 (ft, - *,) K J 

Cooling water often is not available at a temperature sufficiently low to 
desuperheat completely the vapor leaving the first, and sometimes the 
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Fig. 3*3. Compound Compression Cycle. 


second, stage. In such cases the superheated vapor will be cooled to 
within a few degrees of the water temperature and will enter the next stage 
of compression in a superheated rather than saturated State. Hie equa¬ 
tion for work determination for such a system remains equation 3*4 but 
with states s 2 and *3 taken at the compressor suction rather than on the 
saturation line. 
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The saving in power through use of water intercooling is given by the 
equation, 


Reduction in hp 


A hp 


200 T[(h d - M - (h d > - h H ) - (h 8 > - ft,,)] 
42.42 (A, - h e ) 


(3-5) 


Example 3*2. A 100-ton system operates between 25 and 165 psia with three- 
stage compression and intermediate pressures of 60 psia and 110 psia. Inter¬ 
cooling is by a fluid supplied independently of the refrigeration cycle; vapor 
leaves both intercoolers in a saturated state. Calculate the horsepower and 
compare the coefficient of performance with that for a simple saturation cycle. 

Solution (Data from Fig. 3-35). By equation 3-4, 


hp 


200 X 100 [(651 - 627) + (654 - 620) + (658 - 609)] 


Increase in cop 


42.42(609 - 137) 

120 - 106.9 


106.9 


106.9 


= 12.3% 


3*3. Compound Compression with Flash Intercooling and Single Ex¬ 
pansion Valve. The entire intercooling process could be carried out by 
expanding liquid refrigerant to the pressure of the vapor entering each of 
the later stages of compression and allowing the superheated vapor from 
the preceding stage to bubble through the liquid refrigerant and thereby 
become desuperheated (see Fig. 3*3c). The thermodynamic diagram for 
this cycle is the same as for the case of saturation water-intercooling (Fig. 
3*36) except that the process lines no longer indicate the path of a con¬ 
stant weight of circulating refrigerant. Since liquid used in the inter¬ 
coolers represents an added load on the system, it is necessary to deter¬ 
mine whether or not this added load is justified by a saving in power. 

Let We represent the weight of refrigerant passing through the evapo¬ 
rator 


2oor 



The weight of refrigerant which is used in the intercooler after the first 
stage of compression is 

We(h e f ft, a ) 

ft,, - h e 

Hie refrigerant needed in the intercooler alter the second stage is 

(V>e + Wj)(h 9 j - ft,,) 


Wi 


Wg 


he 


Then the power required for stage compression with vapor intercooling is 

(w, + Wi + Wg)(h# — ft,,) + (w 9 + v>i ) (ft,' — ft,,) + u>,(ft,/ — h 9 ) 
n — ' —— (3.0) 


42.42 
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The disadvantage of using flash intercooling in place of water intercool¬ 
ing (if water were available at a temperature low enough to permit its use) 
is represented by the added power required to recompress the vapor evapo¬ 
rated in the intercoolers; this amounts to 


Ahp 


(u>i + w 2 )(h d > - h a3 ) + w x (h t9 ' 2 - h 8i ) 
42.42 


(3*7) 


Frequently it is possible partially to desuperheat the between-stage 
vapor with cooling water and then complete the desuperheating by means 
of flash intercoolers; whenever any part of the desuperheating load can 
be switched from refrigerant to cooling water, there will be an obvious 
improvement in the coefficient of performance. 


Example 3*3. If the system of Example 3-2 were used with flash interoooling, 
compare the horsepower and coefficient of performance with values for water 
intercooling (Example 3-2). 

Solution (Data from Fig. 3*36). Refrigerant needed in intercooler after first 
stage of compression is 


and 


- - + *•*» (i^) - 2 52 


By equation 3-7, 


A . (3.33 + 2.52) (651 - 627) + 3.33(654 - 620) e 

Ahp --——- = 5.98 


So the total horsepower with flash intercooling is 106.9 -f 5.98 
coefficient of performance will be 100 ^ 

for a simple saturation system, but 100 
with water intercooling. 


a j 

-) 


112.9. The 
or 6.3 per cent greater than 


/123-112.9\. A1 

i-—- i 1S 8.2 per cent less than 


3*4. Compound Compression with Multiple Expansion Valves, hut No 
Intercooling. Instead of directly recompressing flash from multiple ex¬ 
pansion valves in separate compressors, as was done in Fig. 3*2a, the two 
additional compressors can be placed in series with the machine evacuat¬ 
ing the evaporator. The three units then form a three-stage compound 
system (Fig. 3*4a), and the flash from the multiple expansion valves pro¬ 
vides a slight additional advantage by partially desuperheating the high- 
temperature vapor leaving the first- and second-stage compressors. The 
ph diagram for this cycle is shown in Fig. 3*46. 
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The weight of refrigerant passing through the condenser (by equation 
3*1) is 


_200T_ 

(1 - z 3 )(l - x 2 )(h § - h ei ) 


(3*8) 


and the weights of vapor leaving at points s t s 2 , and $ 3 are, respectively, 
(1 — # 3 )(1 — x 2 )uft x 2 {\ — x 3 )w, and x 3 w. 




Fia, 3*4. Compound Cycle, Multiple Expansion Valves, No Intercooling. 

The state resulting from mixture of superheated vapor at s' with satu¬ 
rated vapor at 52 can be determined by establishing an energy balance and 
solving for the unknown enthalpy of the mixture, A**,, as it enters the 
second stage of compression, 


(1 — x a )(l — x 3 )h 9 t + x 2 (l — x 3 )h 9 [ 
(1 — £ a )(l — z 3 ) + x 2 {l — x 3 ) 


Knowing determines the state at entrance to the second stage and per¬ 
mits fixing the state at discharge from the second stage. The enthalpy of 
the mixture entering the third stage is calculated from a similar energy 
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balance, 




[(1 - X 2 ){1 - x 3 ) + X 2 (l - x 8 )]h 8 ' A + x 3 h 9t 


(1* — x 2 )(l — X 3 ) + £2(1 — #3) + x% 
The work of compression is given by the equation, 


(340) 


hp 


w 

42.42 


{(l - *2X1 - x a )(h„ - h.) + [(l - *2X1 - a*) 

+ £2(1 ~ *»)!(*•« — 4- [(1 — I2XI ~ *8) 

+ *2(1 - x 3 ) + x 3 ](h d , - hm,) } 


(3-11) 


Equations 3*9, 340, and 341 are given in full in order to establish the 
procedure for applying this method of analysis to cycles in which there 
are more than three stages. For a system with only three stages these 
equations can be simplified by noting that 


and 

Then, 

! 

hp = 


(1 - z 2 )(l ~ x 8 ) + X 2 (l - Xa) « 1 - Xs 
(1 — 2&)(1 — £3) + £2(1 — £3) + £3 * 1 
(1 — #2X1 ~ Xs)h a t + 3g(l — Xs)K a 

1 — Xs 

(1 - rr 8 )ft,' + x 8 h a$ 


w 

42L42 


[(1 - x 2 )(l - x 8 )(h„ - h 9 ) + (1 - x 8 )(h,' t 

+ {h# — ftw,)] 


(3*9a) 

(340a) 

(341a) 


Examine 3*4. A system similar to that of Example 3-2 operates without inter- 
cooling other than that from mixing of vapor leaving multiple expansion valves. 
Calculate the horsepower and compare the coefficient of performance with that 
of a simple saturation cycle. 

Solution (Data from Fig. 3-46). By equation 3-8, 


w 


_ 200 X 100 _ 

(1 - 0.05) (1 - 0.063) (609 - 76) 


42.15 


By equation 3* 9a, 


a* 


a - 0.063X1 - 0.05)658 + 0.063(1 - 0.06)620 
(1 - 0.05) 


656 


By equation 3-10a, 

hm, m (1 0.05)695 + (0.05 X627) « 691.4 
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By equation 3-11a, 

hp - {(1 - 0.063) (1 - 0.05) (658 - 609) + (1 - 0.05)(695 - 658) 


+ (721 - 692) } 


42.15 

42.42 


[43.6 + 33.3 + 29] = 105.2 


T . . , ,. . 120 — 105.2 

Increase m cop over simple saturation cycle =---- 14.1% 

1U5.* 


VS*6. Compound Compression with Multiple Expansion Valves and 
Flash Intercooling. Previous sections have shown the advantage of 
multiple expansion valves and the like advantage of intercooling with 




Fig. 3-5. Compound Compression with Flash Intercooling. 

stage compression. Since the equipment arrangements for operation with 
multiple expansion valves or with compound intercooled compression are 
strikingly similar, there is reason for considering a system which combines 
them. The arrangement for such a system is shown in Fig. 3*5a and the 
corresponding thermodynamic cycle in Fig. 3*56. 

The refrigerant passing through expansion valve 1 is reduced in pressure 
from pa to the flash passing directly to the suction of the third stage of 
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compression and the saturated liquid proceeding through expansion valve 2. 
The receiver at the discharge side of valve 1 acts as a bubbling-type flash 
intercooler. Vapor from the second stage of compression is brought into 
the receiver and allowed to bubble up through the liquid refrigerant where 
in the process of desuperheating it evaporates some of the liquid;, the 
evaporated refrigerant plus the vapor from the second stage passes to the 
third stage. The same process is repeated at the discharge side of expan¬ 
sion valve 2. 

The weight of the refrigerant passing through the evaporator is 


200T 
(ft, - h €l ) 


(342) 


The weight of the vapor passing through the second stage of compression is 
the sum of that from the first stage plus flash resulting from expansion 
through valve 2 plus the evaporation occurring in the intercooler located 
between the first and second stages, 


w 2 


= w t £l + 


x 2 


1 — x 2 


+ 



(3-13) 


The weight of the vapor through the third stage is that through the second 
plus flash from expansion valve I plus refrigerant evaporated in the inter¬ 
cooler between second and third stages, 




+ 


WeXs 


(1 - 3a) (1 - Za) 


The power required for this system is 

w e { K> — ft,) + ^2(^>2 ~~ K 2 ) + u ?3 (hd' — ft,,) 
42.42 


hp = 


(344) 


(345) 


where w e> w 2 , and w 2 are calculated from equations 342, 343, and 344, and 
all other terms are obtained directly from the ph diagram. The economy of 
the cycle would obviously be improved if cooling water were used for par¬ 
tially desuperheating and the flash intercooling were limited to that part 
of the total process which occurs below the cooling water temperature. 
The equations established in this section can be used directly in analysis of 
the combined water and vapor intercooler system by changing h B > in equa¬ 
tion 343 and ft,' in equation 344 to h 8 ^ and ft,;, where the latter terms 
represent the respective enthalpies of the partially desuperheated vapor 
leaving the water intercoolers after the first and second stages of com¬ 
pression. The terms ft,/ and ft,' in equation 345 remain unchanged. 

Example 3*5. Consider the system of Example 3-2 operating with multiple 
expansion valves and with flash intercooling. Compare the horsepower and 
coefficient of performance with the simple saturation cycle. 
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Solution (Data from Fig. 3-56). By equation 3-12, 

200 X 100 


w e 


609 - 76 


37.5 


By equation 3-13, 


U>2 


= 37. 5 ri + . 006 L ... + / 6 58 - _620\-| 
L 1 - 0.063 V 620 ~ HO/J 

= 37.5(1 + 0.067 + 0.075) = 42.8 


By equation 3-14, 

42.8 (i + g*-7-grj + 37.5 f_- 1 = 47.2 

\ 627 - 137/ Ld - 0.063) (1 - 0.05)J 


By equation 3*15, 

[37.5(658 - 609) + 42.8(654 - 620) -f 47.2(651 - 627)] 


hp = 


42.42 


104.3 


r • • i x x- , 120 - 104.3 „ _ 

Increase in cop over simple saturation cycle =- = 15.0% 

104.3 


3*6. Dual- or Multi-effect Compression. The advantage of multiple 

expansion valves can sometimes be realized without an extra compressor. 
By selecting a unit equipped with two sets of suction valves, Fig. 3*6a, 
expansion of the refrigerant can be accomplished in two steps with the 
intermediate-pressure vapor being compressed in the same cylinder as the 
low-pressure vapor. As the piston moves toward the right (Fig. 3*65), 
vapor enters the cylinder at the evaporator pressure p 8 . As this vapor 
enters it does work on the piston, the amount being equal to the flow 
work possessed by the refrigerant in the suction line. Writing an energy 
balance on the vapor before and after passing through the suction valve, 

I 7 i ^ 8^8 , Wout /ft . 

^line h B i** U a -j “ — 'Ucyjjnde,. 4 j ( 3 * 16 ) 


where subscript s refers to the state leaving the evaporator (see Fig. 3»6e) 
and Wout/J is the shaft work done by the entering vapor on the piston. 
But W out = P a v 8) so u a = w 0 yii n den and since the pressure has not changed, 
the state in the cylinder must be the same as that in the line; blinder is 
therefore numerically equal to h a even though the property h a of the vapor 
in the cylinder no longer represents a quantity of energy. 

When the piston approaches the right end of the cylinder (Fig. 3*6c) 
the first set of suction valves closes, trapping in the cylinder a given weight 
of low-pressure vapor at state s. The high-pressure suction valves then 
open (Mg. 3*6d), allowing vapor to flow irreversibly into the cylinder, 
lie entering vapor does no work on the piston and the flow work associ¬ 
ated with the higher-pressure suction vapor in the line must therefore be 
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dissipated as internal energy in the receiver. Thus for the high-pressure 
vapor, h 8% = w cy iinder> and the resultant internal energy of the mixture in 




Fig. 3-6. Dual-effect Compression. 


the cylinder is the sum of the internal energy of the low-pressure vapor plus 
the enthalpy of the entering high-pressure vapor, 

u 8 /( 1 + R) = u 9 + Rh s% 


where R is the ratio of weight of high-pressure vapor admitted to low- 
pressure vapor in the cylinder when high-pressure admission begins. Then, 


(h. - + Rh. t + (!+«) 


iV*v 


1 -f* R 


(3-17) 


where h 9 * and v 9 * (properties of the mixture at start of compression) are 
unknown. Equation 3*17 is valid for a compressor with or without clear* 
ance provided that, if clearance exists, clearance vapor when re-expanded 
to the lower suction pressure is at the same state as the low-pressure vapor 
in the line. This condition is approached in practice. 

The volume of low-pressure vapor in the cylinder before high-pressure 
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admission begins is equal to the volume of mixture after admission, 

v» = (1 + R)v* f 


By substitution in equation 3*17, 




, , v r. N *V , p«) 144 

h», + ( h , — h, t ) -1- - - 

Va J 


Inspection of equation 3T9 shows that it contains, as unknowns, the two 
properties h 9 » and v 8 > each of which has a fixed value for any given value 
of the other. A solution of the equation can therefore be accomplished 
by trial and error; selecting an assumed state of the mixture at start of 
compression and reading h 8 > and v 8 > from the ph chart for that state, sub¬ 
stitute these values in equation 3-19 to test the equality and repeat the 
process until a solution is obtained. 

A more direct solution of equation 3-19 is possible if the empirical rela¬ 
tionship between h 8 ' and tv is obtained from the ph chart for the par¬ 
ticular refrigerant and graphs established. Such a procedure is not 
justified if interest is limited to a single problem, but it may be very 
helpful in cases where frequent problems based on use of the same refrig¬ 
erant occur. Figures 3*7 and 3*8 present such graphical solutions for the 
dual-effect compression of ammonia. Figure 3-7 is for the simple cycle 
with both suction vapors at saturation states whereas Fig. 3-8 is applica¬ 
ble to the general problem in which one or both of the suction vapors are 
superheated and throttling occurs through the suction valves. Both 
graphs give the solution by fixing the temperature of the mixture at start 
of compression and therefore (since is known) establishing the state. 

When the state at start of compression has been determined, the dis¬ 
charge state d is readily fixed by following an isentropic to intersection 
with the discharge pressure. The work of compression is obtained by 
subtracting the total enthalpy of the entering vapor from the enthalpy 
of the vapor leaving, 


hp 


(w + w f )hd — wh 8 — w f h 8% 
42.42 


(3-20) 


The work of compression for this system cannot be determined by sub¬ 
tracting the enthalpy at start of compression from that at discharge be¬ 
cause irreversit^lity during admission of the high-pressure suction vapor 
is responsible for the energy loss already noted. 




Figl 3*7. (Redrawn from “ A Graphical Solution for Multi-Effect Compression Prob¬ 
lems/* bjr P. W. Hutchinson in Refrigerating Engineering, July, 1341, by permission of 

ASRE.) 
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umitir 


procedure: aiTER AT enthalpy difference between high and 

LOW PRESSURE SUCT/ON VAPORS RUE TO SPECIFIC VOLUME 

OF CYLINDER VAPOR AT START OF HIGH PRESSURE ADMISSION , MOVE 
LEFT TO INTERSECT CURVE FOR PRESSURE DIFFERENCE , IN THE CYL¬ 
INDER , BEFORE AND AFTER HIGH PRESSURE (HR) ADMISSION, DROP TO 
FAMILY OF CURVES FOR PRESSURE IN CYLINDER AFTER HR ADMIS¬ 
SION fSELECT THE CURVE FOR ENTHALPY OF HIGH PRESSURE GAS AT 
SUCTION), MOVE RIGHT TO READ TEMPERATURE OF MIXTURE AT START 
OF COMPRESSION (FOR 20 FM AND SO FStA CURVE GROUPS, DROP IN LOWER 
LEFT QUADRANT TO DIAGONAL TRANSFER LINE,MOVE RIGHT TO INTER¬ 
SECT PROPER CURVE, DROP TO TEMPERATURE SCALE). 


GENERAL GRAPHICAL SOLUTION 
MULThEFFECT COMPRESSION OF AMMONIA 


Fia. 3-8. (Redrawn from “ A Graphical Solution for Multi-Effect Compression Prob¬ 
lems/’ by F. W. Hutchinson in Refrigerating Engineering , July, 1941, by permission of 

ASRE.) 
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The terms w and w' (equation 3*20) are the pounds per minute of vapor 
passing through the low-pressure and high-pressure suction respectively; 
w is determined from the load on the system, 


200T 
(*. - h ei ) 


(Fig. 3-6e) 


and w ' is fixed as a function of w by the equation, 


(3*21) 


w 


t 


wx 2 

1—^2 


(Fig. 3*6e) 


(3*21o) 


But the volumetric relationship of equation 3*18 must also be satisfied, 


t>, = (1 + R)v a ' = (l H-^ V = (l 4-- —\ Ve' (3*22) 

\ w t / \ w c + w/ 


where w t is the total weight per minute of vapor in the cylinder at the start 
of high-pressure admission and w c is the weight of clearance vapor. The 
solution for a dual-effect cycle is therefore based on the condition that 


w 


r 


w + w c 



(3*22a) 


where the right-hand side can be evaluated as soon as the state at start of 
compression has been determined. 

JFor a dual compressor with no clearance w c is zero, and the unit can 
operate only if w' — Rw\ this required ratio frequently does not exist, 
and dual compression (with zero clearance) cannot then be used. When 
predetermined refrigerant rates w and w f must be carried, a dual compres¬ 
sor capable of handling these quantities can be selected by solving equa¬ 
tion 3*22a for w c and multiplying this rate by the specific volume of vapor 
at the discharge state, thereby obtaining the clearance volume w 0 Va in 
cubic feet per minute, which a satisfactory compressor must possess. The 
necessary clearance (expressed as a per cent of the displacement) is 

Clearance = (-— --—— A 100 

\(W C + W)V 8 / 


Multiple-effect compressors are usually equipped with some means of 
varying the clearance — as by clearance pockets — in order to permit 
changing the weight ratio of high- to low-pressure vapor; note, however, 
that the state of the mixture at start of compression depends only on the 
suction pressures and is independent of the weight ratio. 

For a single load at suction pressure p 8 , to be carried by a dual-effect 
compressor with fixed clearance, there is only one value of the high suction 
pressure at which the system can operate. In practice, this intermediate 
pressure is automatically attained when the system reaches equilibrium, 
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but for purposes of analysis it must be determined by a trial-and-error 
solution of equation 3*22a. Assume a value of p H fixing w f and thereby 
determining the numerical value of the left side of equation 3*22a; for the 
assumed value of p 8i solve equation 3*19 for the state at start of compression, 
read tv from the ph chart, and substitute in the right side of equation 3*22 a 
to test the equality; repeat until a solution is realized. 

The assumption that the re-expanded clearance vapor returns to the 
state of the low-pressure suction vapor is worthy of examination. From 
Fig. 3-6e, if re-expansion occurs isentropically from point d, the final state 
is at s" in the mixture region rather than at the assumed state $. However, 
the cylinder walls are hot from contact with the high-temperature dis¬ 
charged vapor, and heat will flow from the cylinder to the clearance vapor 
during the re-expansion process. The effect of such a heat transfer is to 
cause point s" to move toward the right, approaching $ as a limit; because 
of this heating effect and lack of more exact knowledge of the true re¬ 
expansion process, the assumption that re-expansion occurs to a final state 
8 is reasonable as well as convenient. 


Example 3*6. A 100-ton NH 3 system operates on a simple saturation cycle 
between 25 and 165 psia with a dual-effect compressor. The intermediate pres¬ 
sure is 60 psia. Calculate: (a) the work, (6) the coefficient of performance, 
(c) the compressor clearance. 

Solution (Data from Fig. 3-6e). 

a. From Fig. 3*7 determine the temperature of vapor in the cylinder at start 
of compression as 77°F and read (from ph chart) : h B > = 649 and h d = 717. 


By equation 3*21a, 


By equation 3-20, 


w 


200 X 100 
609 - 76 


= 37.5 lb/min 


0.115 X 37.5 
I - 0.115 


4.87 lb/min 


hp 


(37.5 + 4.87)717 - (37.5 X 609) - (4.87 X 620) 
42.42 


106.6 


b. cop 


200 X 100 


4540 

c. By equation 3-22a, 


4.40. 


w 0 


( tp'ty \ 

Vo - Vo') 


4.87 X 5.5 
11 - 5.5 


- 37.5 


—32.63 


The negative clearance vapor shows that operation under the conditions 
specified would not be possible. The actual intermediate pressure in this system 
would automatically fall to the lower value at which a balance would be realized. 
To investigate the possibility of operating the above system with an intermediate 
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pressure of30 psia: Prom Fig. 3*7, t t > = 12°jj\ Then, k* 
jy m 9.6; h e * «= 42; x 2 — 0.17. 


w ' 


tr 


W e 


200 X 100 _ 
609 - 42 = 
0.17 X 35.3 
0.83 

7.23 X 9.5 
11.5 - 9.5 


35.3 


7.23 


- 35.3 - 34.4 - 35.3 = 


619.5 and hd 


-0.9 


728; 


From this result it is evident that a compressor with zero clearance would 
operate with an equilibrium intermediate pressure slightly less than 30 psia. 
This problem emphasizes that dual compression decreases in effectiveness as the 
ratio R decreases. 

' 3*7. Combined Systems. All the equations developed in the foregoing 
sections have been for refrigeration systems in which the entire load is 
carried at one evaporator pressure. In many plants the load is divided 



to 


Fig. 3*9. Parallel Operation! 

Into parts each of which must be carried at a different temperature. By 
properly proportioning the area of the evaporators the entire system ean 
operate at a suction pressure corresponding to the lowest temperature 
load. Operation under these conditions means, however, compression of 
vapor from the other evaporators through a pressure range greater than 
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necessary and hence at the cost of additional power. When equipment is 
available, each evaporator should be operated at the highest possible pres¬ 
sure and some form of multi-compression used to raise the different suc¬ 
tion pressure vapors to the common discharge pressure. 





Fig. 3-10. Sectionalizing. 

(a)* Parallel Operation. The simplest and usual method of combin¬ 
ing loads is by placing two or more simple systems in parallel, each sys¬ 
tem having its own expansion valve, evaporator, and compressor, but 
utilizing a common condenser. The equipment arrangement and cycle 
diagram are shown in Fig. 3*9a6. Analysis is carried out for each cycle 
as though it were completely separate; thermodynamically a combined 
system of this type is identical with two separate simple systems. 
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(6) Sectionalizing. The availability of a suction header (in Fig. 
3*9a) at a pressure between the discharge and suction pressures of the 
low-pressure cycle suggests the possibility of operating the low-pressure 
evaporator on a multiple expansion cycle with intermediate pressure 
equal to that of the high-pressure evaporator. Figure 3*10a6 shows two 
equipment arrangements which give the desired compound system. The 
only change between the parallel operation of Fig. 3*9a and the arrange¬ 
ment of Fig. 3* 10a is the insertion of an additional expansion valve ahead 
of the low-pressure evaporator and of a flash chamber between expansion 
valves, with piping to discharge the flash vapor into the suction line from 
the high-pressure evaporator. Figure 3*105 simplifies the system of 3* 10a 
by eliminating one expansion valve, but thermodynamically the arrange¬ 
ments of these two figures are identical. The ph diagram corresponding 
to Fig. 3*10a6 is given by Fig. 3* 10c. Thermodynamically, this combined 
system can be considered equivalent to two separate cycles, one at low 
pressure with multiple expansion valves and the other a higher-pressure 
simple saturation cycle. Use of equations developed in earlier sections 
permits determination of the weight of circulating refrigerant and horse¬ 
power requirements for each cycle, the total for the system being obtained 
by addition. Note, however, that this method does not give the individ¬ 
ual horsepower requirements of the separate compressors; if these are re¬ 
quired, the weight of refrigerant passing through each compressor must 
be determined and the horsepower calculated by the usual expression, 

(^discharge ^suction) 

hp = -4*42- 

(c) Compounding. The two evaporator loads of Fig. 3*9 could be 
carried in a combined system with the lower evaporator operated on a 
compound compression cycle. To analyze the most involved arrangement, 
consider that the lower evaporator is to operate with compound compres¬ 
sion, flash intercooling, and multiple expansion valves; the high-pressure 
evaporator will then remain on the equivalent of a simple saturation 
cycle. Figure 3*1 lake shows two possible equipment arrangements and 
the ph diagram for the system. The total power required for the system 
is calculated by determining the power to carry the low-pressure load on 
a compound, intercooled, multiple expansion cycle and adding to it the 
power required for the high-pressure load operating on a simple compres¬ 
sion cycle. (If the power requirement of the second stage of compression 
is needed, it can be most simply obtained by calculating the first stage 
power and subtracting it from the total system power requirement.) 

( d ) Duajl-Effect Combinations. Analysis of combined dual-effect 
systems requires a different treatment. The artifice of considering a com¬ 
bined system as equivalent to two parallel high- and low-pressure cycles 
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cannot be used in this case because the vapor from the high-pres6ure 
evaporator enters the dual-effect compressor irreversibly and conse¬ 
quently suffers a loss of available energy. The preferable method of 
analysis is to treat the combined system as equivalent to a single dual- 





Fig. 3*11. Compounding. 

effect cycle with a correction applied to the rate of flow of high suction 
pressure vapor to account for refrigerant required in the high-pressure 
evaporator. 

Figure 3-12af> shows the equipment arrangement and the ph diagram 
for a dual system using two evaporators, each with single expansion valve. 
The State of the mixture in the cylinder at start of compression is ealcu- 
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lated from equation 3*19 (note that this state point is independent of the 
weight rates through the evaporators), and the power required is calcu¬ 
lated from equation 3*20 with w and w' taken as equal to the weight rates 
of refrigerant passing through the low- and high-pressure evaporators re¬ 
spectively. 



(a) 



Fig. 3*12. Sectionalizing with Multi-effect Compression. 

A combined dual-effect system using multiple expansion to the low- 
pressure evaporator is shown in Fig. 3*13a with 3*136 and 3*13c as alterna¬ 
tive equipment arrangements, all of which are thermodynamically iden¬ 
tical; the ph cycle for this system is the same as in Fig. 3*6e. The state at 
start of compression is determined from equation 3*19 and the power re¬ 
quired calculated from equation 3*20 except that in the latter equation w f 
is taken as the sum of refrigerant through the high-pressure evaporator 
and the weight of vapor extracted at the intermediate pressure of the low- 
pressure system. 

(e) Multiple Combinations. Obviously the evaporators in a multi¬ 
load plant can be combined in a wide variety of ways. Regardless of what 
type of combination is used, it is always possible to break the system down 
into equivalent separate thermodynamic cycles, analyse each cycle by 
the methods already established, and add the separate power require¬ 
ments. As a typical example of a three-unit complex combination con¬ 
sider the equipment arrangement of Fig. 3*14a with corresponding ph 
diagram in Fig. 3*146. 
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The low- and intermediate-pressure evaporators can be treated as a 
dual-effect cycle with multiple expansion. The state at start of the dual 
compression is given by equation 3*19, and the horsepower required by 
the dual-effect compressor is obtained from, equation 3*20, using w' as the 



M 



Fig. 3-13. Alternate Multi-effect Arrangement (Thermodynamically Idealized). 


sum of refrigerant passing through the intermediate-pressure evaporator 
and the weight of vapor extracted at the intermediate pressure of the low- 
pressure cycle. 

The power required for the second stage is determined from the equa¬ 
tion, 


hp« 


w*(h d , - h, a ) 
- 42.42 


where w% is the total weight rate of vapor passing through this compressor. 
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The simplest and most direct method of solving problems involving 
multi-load complex systems is, in every case, to reduce the complex sys¬ 
tem to separate equivalent single load cycles and solve each of these com¬ 
ponents by the methods which have already been outlined. Superimpos¬ 
ing the equivalent cycles and adding the separate power requirements will 
then give the power for the actual combined system. 




Fig. 3-14. Typical Multiple Load Cycle. 

3*8. Graphical Analysis. The first step in the solution of any refrigera¬ 
tion-cycle problem is to establish the ideal cycle on the ph chart for the 
proper refrigerant. Once this has been done the specific enthalpies at all 
states can be read from the chart and the analysis completed by substitu¬ 
tion of these values into the proper equations. For all simple cycles, and 
for many of the complex ones, the first of the above steps will suffice to 
give a complete analysis, as will be shown, without recourse to any com¬ 
putations. 

Since the ph chart is constructed with a linear enthalpy scale and since 
both refrigerating effect and horsepower per pound circulating (for as¬ 
sumed isentropic compression process) are directly proportional to en¬ 
thalpy differences, it follows that refrigerant rate and power requirements 
must bear some lineal relationship to distances measured horizontally on 
the ph chart. This relationship has been used in constructing a series of 
graphical solutions for use with ph charts of the corresponding refrigerant 
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to permit direct determination of the refrigerant rate and power require¬ 
ments. Large ph charts and accompanying graphical solutions (trace 
sheets) will be found in pairs in the envelope inside the back cover of 
this book. Sets are included for each of the following refrigerants: 
Freons* 11, 12, 21, and 113, sulfur dioxide, carbon dioxide, ammonia, and 
methyl chloride. 

Use of the trace sheets is illustrated by the following typical cases. 

1. Figure 3*15a shows a skeleton trace sheet for ammonia. Its use in 
solving a simple saturation problem (Fig. 3*156) is illustrated in Fig. 



(c) (at) 


DETERMINATION OF REFRIGERANT DETERMINATION OF ISENTROPlC 

CIRCULATION RATE POWER REQUIRED 

Fig. 3*15. Graphical Solution of Cycle by Use of ph Chart and Trace Sheet. 

3*15cd. Place the trace sheet over and parallel with the ph chart in such 
a way that the state e of refrigerant entering the evaporator is directly 
under the reference point RP on the trace sheet (Fig. 3*15c). Move right 
from RP until directly over state $ of the refrigerant leaving the evapo¬ 
rator; from this point follow a vertical line to intersection with the curve 
corresponding to the load carried by the evaporator and from this inter¬ 
section % move horizontally left to read the rate of refrigerant circulation 
from the vertical scale at left side of the trace sheet. 

Now move the trace sheet to the position shown in Fig. 3*15<f where the 
reference point RP is directly over state s. From state d move downward 
to intersection with the previously determined horizontal line representing 

♦Trade name. 
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refrigerant rate. The power required by the system is given by the 
horsepower curve passing through this intersection. 

In a similar manner the refrigerant rate and power required for any 
simple system can be determined from the trace sheet for any particular 
refrigerant as soon as the cycle has been plotted on the ph chart. 

Systems involving multiple expansion valves or flash intercooling are 
not amenable to simple graphical solution. Dual-effect compression 
systems cannot be analyzed by the trace sheet method because the en¬ 
thalpy difference during compression is not, for such systems, directly 
proportional to the power required. Any other type of ideal combined 
system can, however, be analyzed graphically by breaking it down to 
simple components. 

2. Consider a two-stage compound single-load system with partial de¬ 
superheating between stages through use of cooling water. The horse- 



Fig. 3*16. Graphical Analysis of Compound Compression Cycle. 

power needed at the first stage is obtained from the trace sheet by the 
same method outlined for the problem of Fig. 3*15 while the horsepower 
of the second stage is given at point y of the trace sheet after moving it to 
the position shown in Fig. 3*16. 

3. The two-load system shown in Fig. 3-17a consists of a low-pressure 
evaporator, vapor from which is compressed to the intermediate pressure, 
water intercooled to state point s' and then mixed with saturated vapor 
from the high-pressure evaporator before entering the second stage of 
compression at the unknown state point s m . The graphical analysis of 
this system is carried out by analyzing the first stage of compression in 
the manner shown in Fig. 3*15cd; the weight of refrigerant through the 
high-pressure evaporator is then determined as shown in Fig. 3*175. 
Knowing the weight through each of the evaporators the state of the mix¬ 
ture at intermediate pressure is fixed by the mixture enthalpy, which is 

wh M > + w'h Bt 
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The horsepower required by the second stage is obtained by placing the 
trace sheet with RP over s m (Fig. 3T7c) and rising vertically from state 
point d' to intersection with the horizontal line corresponding to the total 
refrigerant rate; the power is given by the horsepower curve passing 
through this intersection. 



fjbJ (ZJ 

Fio. 3*17. Twin-load Cycle Analysis. 


Once facility has been established in the use of trace sheets, many possi¬ 
bilities for time-saving combinations of graphical and analytical methods 
will become evident. Even with the most complicated systems involving 
multiple expansion, flash intercooling, and vapor precooling, use of the 
graphical method makes directly possible the determination of evapora¬ 
tor refrigerant rates, and power requirements; once total weight rates 
have been established, the need for calculations is reduced to determina¬ 
tion of weight rates through multiple valves, intercoolers, or precoolers, 
and the determination of the states resulting from vapor mixing. 

PROBLEMS 

1. In a certain cold storage plant four ammonia suction mains are connected to 
three separate compressor cylinders. The mains are: 

(a) Ice floor 25 psia 

(b) No. 1 brine cooler 35 psia 

(c) No. 2 brine cooler 16 psia 

(d) Water forecooler 35 psia 











74 


COMPLEX COMPRESSION CYCLES 


All compressor cylinders discharge into a common condenser main in which pres¬ 
sure is maintained at 165 psia on a day when loads are as follows: 

(а) 105 Tons of refrigeration. 

(б) 185 » ” 

(c) 85 ” ” 

(d) 25 ” ” ” 

Assuming compressions to be from saturation and that subcooling (leaving the 
condenser) is to 60°, find the per cent saving in isentropic compressor power when 
running as a sectionalized plant, compared with isentropic compressor power when 
running as a non-sectionalized plant on a single suction main at 16 psia. 

2. For the load conditions of problem 1 assume all three compressors placed in 
series, the superheated vapor from each stage then being discharged into the suction 
line (where it mixes with saturated vapor) of the next stage. Calculate the required 
total power. 

3. Assume that the compressors of problem 1 are placed in series with desuper¬ 
heaters (using liquid refrigerant) located between stages. Calculate the total power. 

4. Determine the power for the load conditions of problem 1 if only two compres¬ 
sors are used and the system is arranged as in Fig. 3*14a. 

5. Solve illustrative Example 3-2 by the graphical method. 

6. Work illustrative Example 3*6 using 28 psia as the intermediate pressure. 
Would such a system be economically practical? Calculate the conventional volu¬ 
metric efficiency of the compressor. 

7. A simple saturation Freon-12 cycle operates between 20°F and 90°F. For a load 
of 7.5 tons, determine graphically the refrigerant circulating rate and the power re¬ 
quired. 

8. For a compressor having zero clearance and operating under the conditions 
given in the example shown on Fig. 37, determine the relative weight rates of low- 
and high-pressure suction vapors which pass through the machine. 
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CHAPTER IV 


ANALYSIS OF ACTUAL CYCLES 

The methods of analysis developed in preceding sections have been 
established for ideal systems in which there are no heat or pressure losses 
and for which the compression process is isentropic. In actual refrigera¬ 
tion systems losses of both heat and pressure do occur and the process of 
compression may follow neither an isentropic nor a polytropic path. If 
sufficient data were available on the state of the refrigerant at intervals 
throughout the cycle, analysis of actual systems could be carried out by 
rational means. Usually, however, such experimental data are not avail¬ 
able and cannot be easily obtained, so an approximation to the real cycle 
must be established either through use of empirical methods based on 
experience with systems similar to the one under consideration, or by 
using the rational equations for an ideal cycle with corrections and ad¬ 
justments to account for the more important and recognizable deviations. 

The most important deviations of the actual cycle result from periodic 
heat transfer between the vapor and cylinder wall, departure of the com¬ 
pression process from isentropic due to heat loss to the surrounding air or 
cooling water, and throttling or wiredrawing during passage through suc¬ 
tion and discharge valves. The last-named cause is often responsible for 
wide departure of the actual from the theoretical power requirements and 
a correction for this factor should always be made before starting the 
cycle analysis. The other effects are somewhat less important and, 
fortunately, tend to offset one another so that the net departure of the 
actual from the ideal power requirement is frequently so small as to be of 
little practical significance. 

As a general summary of the procedure recommended in adapting the 
actual cycle to analysis by the methods developed for the ideal cycle, the 
following suggestions, more fully discussed and explained in subsequent 
sections, are listed. 

1. Establish on the ph chart the states c and s of vapor entering the ex¬ 
pansion valve and leaving the evaporator in the real cycle (Fig. 4*1). 

2. Through the above points draw the ideal process lines for evaporator 
and for expansion valve. * 

3. From point $ follow a constant enthalpy line through the pressure 
range p 9 — p 8 > = Ap Wt > where Ais the pressure loss due to wiredrawing 
through the suction valves, and is either known or estimated. This deter¬ 
mines the actual state, s', at start of compression (neglecting superheating 
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of the vapor during admission or assuming that it will be compensated for 
during discharge). 

4. If the temperature at discharge is known, fix the actual discharge 
state d on the ph chart. From d rise through the pressure range, p# — Pd** 
Ap Wd , where A p Wd is the wiredrawing through discharge valves, thereby 
establishing the state d f of vapor in the cylinder at end of compression. 
Solve for the polytropic path through points s' and d' and calculate the 
corresponding work. 



Fig. 4-1. Throttling Losses at Suction Discharge Valves. 

5. If the polytropic exponent is known, but other data are not availa¬ 
ble, calculate the specific volume at the unknown state d ', thereby fixing 
d' and permitting determination of d. 

6. If no information is available concerning either the compression 
process or the discharge state, assume isentropic compression from s', 
thereby fixing dv and d { . In many problems the assumption of isentropic 
compression can be justified even though data on the actual compression 
process are available; the error is not likely to be great unless a large 
quantity of heat leaves the compressor in the jacket cooling water. 

7. When isentropic compression is assumed the actual cycle can be 
analyzed by applying the theoretical equations and methods to an equiva¬ 
lent ideal cycle passing through states s' and d{>. 

Following sections discuss in more detail the effects on the ideal cycle 
of the deviations already listed. An understanding of the way in which 
these departures from ideal conditions affect the analysis will assist in 
understanding the above recommendations and in determining the prob¬ 
able degree of inaccuracy likely to result from ignoring any of these fac¬ 
tors in a given problem. 

4*1, Effects of Periodic Cylinder Wall Temperature Variation. The 

assumption of isentropic compression requires that no transfer of heat 
occur between the vapor passing through the compressor and the cylinder 
walls. Realizati6n of this condition would require that the cylinder walls 
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and all surfaces making up the clearance volume follow a temperature¬ 
time cycle exactly the same as that followed by the vapor during compres¬ 
sion and re-expansion. In actual compressors the cylinder wall tempera¬ 
ture follows a pattern similar, in general contour, to the temperature-time 
curve for the vapor, but with a very much smaller amplitude of tempera¬ 
ture variation and with the maxima and minima of the wall curve lagging 
the maxima and minima of the vapor curve. The wall temperature varies 
periodically around a mean value which is between the suction and dis¬ 
charge temperatures of the vapor. The cylinder receives heat from the 
vapor during part of each cycle and returns heat during a later period. 
If the cylinder is insulated or if the mean temperature of the inside sur¬ 
face is equal to that of the compressor room, there will be no appreciable 
net transfer of heat to or from the vapor in the cylinder. Under these 
circumstances the quantity of heat transferred from cylinder walls to 
vapor must equal the quantity returned by the vapor at a later period. 

Flow of heat from cylinder walls to vapor may occur during re-expan¬ 
sion, or admission, and during the first part of the compression process. 
Heat gain during re-expansion can be neglected as it is partially offset by 
a heat loss at the start of the re-expansion process. Further, gain of heat 
during re-expansion increases the work re¬ 
turned to the shaft by the clearance vapor; 
the effect of neglecting this transfer is 
therefore conservative in that it indicates a 
greater total work of compression than is 
actually needed. The principal importance 
of heat gain by the clearance vapor during 
re-expansion results from the increase in 
expanded volume and consequent reduction 
in the weight of vapor handled by the compressor during each stroke. 

As a first approximation in determining the effect on power require¬ 
ments of cylinder-vapor heating, consider that the entire flow of heat to 
the vapor occurs during the constant-pressure admission proeess, and the 
return to the cylinder of an equal heat quantity occurs during the process 
of constant-pressure discharge; the actual process of compression will be 
assumed isentropic. Figure 4*2a6 shows this cycle on the Ts and ph 
charts respectively. On the Ts chart, vapor enters the compressor at 
state $ and is superheated at constant pressure along ss ' due to heat re¬ 
ceived from the cylinder walls. By the equation defining entropy, unit 
area on the Ts chart represents the heat transferred so the total heat re¬ 
ceived by the vapor during admission is represented by the area ss'ge. 
Isentropic compression occurs from to d! and is followed by the con¬ 
stant-pressure process d'd during which heat is returned from the vapor 
to the cylinder. But the heat returned must equal that received so areas 



Fio. 4*2. Heat Transfer during 
Admission and Discharge. 
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Fig. 4-3. 


Heat Transfer during Compression 
Process. 


d'dfg and ss'ge must be equal. Since heat return occurs at a higher tem¬ 
perature level, the entropy change during return must be less than that 
during heat addition. The overall result of the heat transfer between 

vapor and cylinder is therefore an 
entropy increase represented by 
s d - s 8 . The same cycle is also 
shown on the ph chart where it 
will be noted that an increase, 
h d - h d ", in the required work of 
compression has resulted from the 
periodic heat flow. Since there is 
no net heat transfer during this 
compression cycle, the work is 
given by the difference in enthalpy between final and initial states and is 
equal to h d - h 8 . 

Refer to Fig. 4-3ab and consider that admission and discharge occur 
adiabatically, but heat flows to the vapor during the first part of the 
compression process and to the cylinder walls during the latter part. On 
the Ts chart, vapor is considered as entering the cylinder at state 5 and 
receiving heat, with consequent increase in entropy, during that part of 
the compression process in which the vapor temperature is less than the 
mean cylinder temperature t m . As compression proceeds, the path in¬ 
creases in slope until, when the vapor temperature is equal to t my heat 
transfer ceases and the compression process is, at that instant, isentropic; 
this point is shown at b in Fig. 4*3 and the total heat received from the 
cylinder is then represented by the area sbfg. At pressures exceeding 
that corresponding to a vapor temperature of t m , heat is returned to the 
cylinder at an ever-increasing rate (as shown by the rate of change of 
slope between b and d') until, when discharge occurs at d', the quantity of 
heat which has been returned, represented by area bd'ef, is equal to the 
heat quantity shown by sbfg. Since heat transfer from the vapor occurs 
at a higher average temperature than its reception by the vapor, the 
change of entropy from b to d' must be less than from s to 6, so the com¬ 
pression must therefore occur with an entropy increase, v — s 8 . The 
equivalent compression process is shown on the ph chart (Fig. 4*36) with 
an evident increase in the work of compression, over isentropic, of 
h d * — h d ”. 


From the above cases it is evident that heat interchange between vapor 
and cylinder, when the net heat transfer is zero, results in an increase in 
the work of compression regardless of whether the exchange takes place 
during the actual compression process or during the processes of admis¬ 
sion and discharge. Further, since the increased work is done on the 
refrigerant during a process in which no net heat is lost from the cylinder, 
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the additional energy must also appear as an added load on the condenser. 

The combined effects of periodic heat flow during all steps in the pas¬ 
sage of vapor through a compressor are shown in the Ts and ph charts of 
Fig. 4*4ab. The work of compression is the enthalpy difference between 
suction and discharge states (since Q ou t ** 0) and is seen to be considera¬ 
bly greater than for an isentropic compression. Fortunately, however, 
other departures of the actual from the ideal cycle serve to compensate 
for the apparent work increase. The discussion of preceding paragraphs 
was based on the assumption that the mean cylinder wall temperature is 
equal to the temperature of the surroundings in the compressor room. 
For most pressure ranges the mean temperature is considerably greater 
than this so an appreciable net heat loss occurs from the compressor. Re¬ 
ferring back to Fig. 4-3a, a compressor heat loss requires that area bd'ef 
exceed sbfg, and that point d' therefore 
move to the left giving either a smaller 
entropy increase or even a decrease for the f 
actual compression process. In recalling, 
however, that the work of compression dur¬ 
ing a non-adiabatic process exceeds the 

enthalpy gain, it is evident that if sufficient _ . . _ . _ , , 

heat were removed to displace point a to out Compression, 

the left of the theoretical discharge state 

d’\ there would then be a good chance that the actual w r ork of non- 
adiabatic compression might equal or very closely approach the ideal 
isentropic work. 

(a) Jacketing. When water jacketing is used, the heat dissipation 
from the compressor is likely to be sufficiently great to reduce the power 
requirements somewhat below those for isentropic compression; in such 
cases, lacking experimental data on the actual suction and discharge 
states, the calculation of work based on assumed isentropic compression 
will usually be sufficiently accurate for practical purposes and will always 
give an error on the conservative side. If necessary, a closer approxima¬ 
tion to the true work can be obtained by assuming that the path of com¬ 
pression is polytropic. Solution on this basis requires a knowledge of the 
polytropic exponent (assumed from experience or estimated), or the state 
of the vapor leaving the compressor (from experimental data), or* a 
knowledge of the rate of heat dissipation from the compressor. If the 
latter term is found by test it must be remembered that the total heat loss 
from the compressor includes energy derived from the friction horse¬ 
power; this fraction of the heat loss is not part of the Q ont term as used in 
the energy equation. 

Jacketing is beneficial from the standpoint of power consumption, but 
even whei| this saving is not great, jacketing is necessary to protect the 
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valves and the lubricant from the high superheat temperatures which 
might otherwise exist in the cylinder. At the other extreme, if jacketing 
is used with low-temperature cooling water there is a possibility of re¬ 
ducing the mean cylinder w T all temperature below the saturation tempera¬ 
ture corresponding to the discharge pressure; then condensation would 
occur on the surface of the clearance space with consequent large increase 
in weight of re-expanded clearance vapor and reduction in the capacity of 


the compressor. 

4-2. Effects of Valve Throttling or Wiredrawing. The ideal cycle does 
not make allowance for pressure changes other than during compression 
or expansion. Actual systems involve pressure losses in the condenser, 
evaporator, and piping, due to fluid and skin friction as well as losses in 
the compressor valves from the same cause and from turbulence due to 

sudden expansion or abrupt change of 
direction. For all practical purposes the 
entire pressure loss from the discharge side 
of the expansion valve to the start of the 
compression stroke can usually be con¬ 
sidered as occurring during passage of the 
vapor through the suction valves of the 
compressor. Similarly, all losses from the 
end of the compression process to entrance 
into the expansion valve can be grouped as 



Fia. 4*5. Power Losses from Wire¬ 
drawing. 


an equivalent pressure drop through the discharge valves. 

Noting that the suction and discharge valves precede and follow, re¬ 
spectively, the constant-pressure processes during which vapor is admitted 
and discharged from the compressor, it is evident that the values of the 
suction and discharge pressure for use in the work equations should be 
taken on the compressor side of each set of valves. Figure 4-5 shows the 
effect of throttling. Vapor leaving the evaporator at state s would, with¬ 
out throttling, be isentropically compressed along the line sd with a work 
requirement of h d - h B . Due to throttling through the suction valve the 
state at start of compression becomes s', thereby displacing the discharge 
state point to d" with an increase in the required work of h<r — h d . Simi¬ 
larly, throttling through the discharge valve is responsible for a further 
work increase of h& - h d ■». The work required for a system in which 
there is throttling is exactly the same as work for a similar non-throttling 
system operating over the pressure range ?v to In addition to in¬ 
creasing the power requirements, suction valve losses cause an increase 
in specific volume with a consequent reduction in the capacity of the 
compressor. A similar effect results from leakage past the valves and 
the piston, but this is relatively small for well-designed compressors. 
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SPECIAL COMPRESSION SYSTEMS 

4*3. Centrifugal and Rotary Compression. The preceding discussions 

have been for systems in which the compression process is accomplished 
in a compressor of the reciprocating type. When rotary or centrifugal 
compressors are used the analysis remains the same except m so far as 
data may not be available on the actual process followed, and the assump¬ 
tion of polytropic compression may not be justified. The efficiency of 
centrifugal compressors is usually expressed as that fraction of the actual 
enthalpy gain during compression which is equal to the energy input that 
would have been required had the compression process been isentropic. 
When the efficiency is known, determination of the state at compressor 
discharge, the work of compression, and the coefficient of performance can 
be readily calculated by the methods already established. 

4*4. Steam Jet System. Compression by means of a steam jet ejector 
is limited to systems in which water is used as the refrigerant. The prin¬ 
cipal advantages of the steam jet are that it uses energy having a lower 
degree of availability than that required for mechanical compression and 
that there are no moving parts. The jet equipment is so highly special¬ 
ized that system analysis can most satisfactorily be accomplished by use 
of manufacturer’s data rather than by establishing a rational thermo¬ 
dynamic analysis of an ideal system. 

(a) Direct Water Cooling by Steam Jet System. Where the object 
of the refrigeration system is to provide cold water, the steam jet has 
been used both as an indirect system with the water to be cooled passing 
through heat transfer surfaces located in the body of the evaporator and 
as a direct system with water flash-cooled as it enters the evaporator. 
In the latter case the circulating water pump must be able to take suction 
at the low absolute pressure corresponding to the saturation temperature 
of the evaporator. The recooling of a circulating stream of water by 
direct flash can lead to an unsatisfactory condition of the water owing to 
an increase in the concentration of such impurities as are present in the 
make-up; for this reason, direct flash cooling of circulating drinking 
water is likely to be undesirable. This condition can be investigated as 
follows. Referring to the system shown in Fig. 4*6, let: 

C — concentration of non-volatile impurity (as common salt) in the 
water leaving the flash chamber. 

Z — concentration of non-volatile impurity in the make-up water. 

M — the quantity of make-up water added in pounds per minute. 

B “ the quantity of recirculated water entering the flash chamber in 
pounds per minute. 

E M + ]?, the total weight of water passing through the flash cham¬ 
ber, pounds per minute. 
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L — fraction of E not vaporized in the flash chamber (then LE is the 
weight rate of cold water leaving the cooler). 
n — the number of passes through the flash chamber. 


RECIRCULATION 

R* 


MAKE-UP 


Z* CONCENTRATION 

M- 


VAPOR TO EUECTOR 
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COLD WATER 
TO SYSTEM 
LE - 
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Fig. 4-6. Steam Jet Direct Water Cooling. 

For the first pass through the flash chamber all the entering water is 
make-up, so 
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Equation 4-4 gives the concentration as a function of the number of passes 
through the flash chamber and can be used to establish the concentration 
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versus time curve for a given system during the transient interval before 
the equilibrium concentration is reached. For most practical problems, 
however, interest centers on the value of C which will result after equilib¬ 
rium is established. This concentration can be directly obtained by 
setting up a mass balance on the system or from equation 4*4 by letting 
the number of passes become very large. As n approaches infinity, 
( R/LE) n approaches zero so the first term of equation 4*4 must also ap¬ 
proach zero. But the remaining series can be expressed as 



where the right side of the equation approaches R/(LE — R) 
approaches infinity. Then substituting in equation 4-4 for the 


n = oo gives 

MZ / R \ MZ 
R \LE - R/ ~ LE - R 


as n 
limit 

(4-6) 


The concentration in the system at equilibrium is therefore equal to the 
concentration in make-up multiplied by the ratio of weight rate of 
make-up to weight rate of consumption. 

4*5. Heat Pump. An ideal heat engine having for its objective the 
transformation of heat energy into mechanical energy would operate with 
a maximum efficiency equal to that realized by a machine having com¬ 
plete reversibility. The efficiency of all reversible machines is the same, 
and an equation for this efficiency, derived from the Carnot cycle, can be 
shown to be 

Efficiency = — - (4*7) 

■f a 

where T § and T r are the temperatures, degrees Fahrenheit absolute, at 
which the engine obtains heat from a source and rejects heat to a receiver. 
The efficiency of such a heat engine must always be less than 100 per cent. 

Applying the same criterion to effectiveness of a heat machine having 
for its objective the removal of heat, the coefficient of performance is 
found to be: 


cop 


Tevaporator 


T^ond. T evap. 


(4*8) 


Experience shows that coefficients of performance of actual machines are 
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obtainable in excess of 4.00 (see Table 1*1, Chapter I). That is, each 
unit of energy supplied to the system as work is capable of causing the 
extraction of four or more units of energy from the low-temperature 
source. 

Consider a heat engine having for its objective the supply of heat to a 
high-temperature receiver. The desired result would in this case be 
equal to the total heat rejected by the machine which is the sum of heat 


W/NTER conditions 



(b) 

Fid; 4*7. Heat Pump Using Atmospheric Air as Source (Winter) or as Receiver 

(Summer). 


extracted from the source and that supplied to the system as me nhnninul 
work. The coefficient of performance would be greater for a device of 
this type than for a refrigerating machine. The expression is 



All refrigerating systems are heat pumps in the sense that they serve to 
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raise heat from a low to a high energy level. When the quantity of 
energy lifted by the pump is of paramount importance, the machine is said 
to be operating as a refrigerating unit; when the quantity of energy dis¬ 
charged at the higher temperature level is of greater importance, the 
machine is said to be acting as a warming engine or heat pump. 

Any refrigerating machine arranged so that its evaporator is extract¬ 
ing heat from an available low-temperature source and its condenser dis- 


SUMMLR CONDITIONS 
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Fig. 4-8. Heat Pump Using Well Water. 


charging this heat to a space in which a quantity of high-temperature 
energy is needed is likely to be delivering five or more units of energy for 
each unit entering as shaft work. One unit of electrical energy consumed 
for direct space heating provides less than one-fifth as much heat as the 
same unit when used to operate a heat pump. At first glance it might 
therefore appear that a heat pump is an energy-creating mechanism, but 
this is obviously not true; like the pump in a hydraulic system, a heat 
pump acts merely to change the level (with respect to temperatime) of the 
energy passing through it. In spite of the high coefficient of performance, 
the use of heat pumps is somewhat restricted because of the higher first 
cost in comparison with other types of heating equipment and because, 
though little energy is required, that which is needed must be supplied 
with a high degree of availability and is therefore many times more ex-. 
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pensive than the low-grade energy used in direct heating. The equation 
for coefficient of performance (4-9) shows that heat pumps, like refrig¬ 
erating systems, have better performance characteristics when operated 
between a low condenser temperature and a high evaporator temperature. 
For this reason the most effective use is in localities where the winter 
outside temperature (or the temperature of whatever source is used as a 
heat supply for the evaporator) is high. In this respect California affords 
a climate in which high coefficients can be expected, and there are now 
many heat pump installations in that state. From the standpoint of first 
cost, reverse cycle systems cannot compete with direct heating installa¬ 
tions, but when year-round air conditioning is to be installed, the added 
cost of converting the refrigeration system for use as a heat pump is likely 
to be no more than the cost of a separate heating plant. Figures 4*7 and 
4*8 show, diagrammatic ally, the flow circuit for two year-round heat pump 
installations. 

The customary heat source i# heat pump installations is the outside 
air. In localities where the air temperature is very low, other less ex¬ 
treme heat sources, such as well water, must be used. The extraction of 
heat from the earth at a level for which extremes of weather would have 
little influence is one possibility, and extraction of the latent heat of fusion 
of ice (32°F) is another. 


PROBLEMS 

1 . Saturated ammonia vapor at 30 psia undergoes a 4-psia pressure drop while 
passing through the suction valves of a compressor. The pressure in the discharge line 
is 170 psia, and the wiredrawing loss in the discharge valves is 8 psia. Consider the 
compression process to be isentropic and determine the percentage error which would 
be present in calculated power if both valve losses were neglected and the compres¬ 
sion process assumed isentropic from suction line state to discharge line pressure. 

2 . Saturated NH 3 vapor at 30 psia enters a compressor without valve loss, but re¬ 
ceives 10 Btu/Ib heat transfer from the cylinder walls during the constant-pressure 
admission process. A like amount of heat is returned to the cylinder walls during the 
constant-pressure discharge. Determine the exponent of the polytropic compression 
process and the rate of net heat flow from vapor to cylinder during compression if 
the entropy of the vapor is the same in suction and discharge lines. 

3. Make-up water at 60°F is supplied to a steam jet unit which is carrying an ex¬ 
terior load of 5 tons with an evaporator temperature of 35°F. Calculate the weight 
rate of make-up and the volume of vapor in cubic feet per minute which must be 
extracted. What is the total refrigerating capacity, in tons, of the unit? 

4. A direct steam jet drinking water unit sends out water at 38°F and receives 
returns at 45*F. Consumption is 10 gal/hr and is replaced with 15 gal/hr of 60°F 
make-up. Calculate the weight rate of flow from the unit. If the N&C1 concentra¬ 
tion in the make-up water had the same value as in the tap water for your locality» 
calculate the equilibrium NaCl concentration in the circulated water. Would this be 
objectionable? 

5. A 10-ton Freon-12 system operates on a simple saturation cycle with evaporator 
and condenser temperatures of 15°F and 85°F. If the system were used as a beet 
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pump, what would be its rated capacity in Btu per hour? If reversed and used as a 
heat engine, what would be its rating in horsepower? Determine the actual coefficient 
of performance for each of these three uses and compare with the corresponding 
coefficients of performance for a Carnot engine. 
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CHAPTER V 

THE ABSORPTION CYCLE 


The cost of energy having the degree of availability necessary to oper¬ 
ate a compressor of the usual type is so great that many efforts have been 
made to find a method of compression using heat in place of shaft work. 
Examining the problem from the thermodynamic standpoint, the greater 
part of the energy required for compression is necessary because the ma¬ 
terial is compressed as a vapor and therefore undergoes a very great 
change in volume during the process. If means were available for rais¬ 
ing the pressure of the refrigerant without appreciably altering its volume, 
the work requirement would be enormously reduced. The magnitude of 
the possible reduction is shown by the following example. 

A refrigeration system using ammonia operates with saturated vapor 
leaving the evaporator at 0°F and saturated liquid leaving the condenser 
at 85°F. The work of isentropic compression is the difference of enthalpy 
between suction and discharge which, from the ph chart, is 720 — 612 — 
108 Btu/lb of refrigerant. If the saturated vapor leaving the evaporator 
were absorbed by cold water at evaporator pressure (30 psia) until the 
weight concentration of ammonia in the water reached 40 per cent, and if 
this mixture (weighing 2% lb/lb of ammonia) were raised to the pressure 
of the condenser (165 psia), the total work of compression (neglecting the 
slight change in specific volume from the initial value of 0.0184 cu ft/lb), 
would be given by 


Heat equivalent of work of compression 


(Pd - P*)v a w 


778 

(165 - 30) X 144 X 2* 

0.0184 
X 778 


*= 1.15 Btu/lb of ammonia 

The slight error in the calculated work which results from assuming 
that the water-ammonia solution does not undergo a change in specific 
volume is on the conservative side since the actual volume would slightly 
decrease and the work therefore would be slightly less than calculated. 

The above example shows that the required work could be reduced to 
1 per cent or less of the work of vapor compression provided means were 
available to plaoe the refrigerant in solution before compression and to 
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remove it from solution following compression. The absorption cycle 
achieves this objective but does so at the expense of a much greater total 
energy requirement, though in the relatively low-grade form of heat rather 
than shaft work. 

5*1. Equipment Arrangement. In simplest form, an ideal absorption 
system is identical with a mechanical compression refrigeration system, 
except that the compressor is replaced by a group of four elements in 
which the absorbent fluid completes its cycle independently of all other 
parts of the refrigeration system. An arrangement of this kind is shown 
in Fig. 5*1. Vapor from the evaporator enters the absorber where it is 
brought into contact with absorbent fluid of low concentration which is 
held at a low temperature by cooling water coils. The refrigerant goes 
into solution in the absorbent, raising its concentration, and the resultant 
strong liquor is pumped through a heat exchanger into the generator. 
Heat is supplied to the generator, releasing the refrigerant as a high- 



Fig. 5*1. Elements of Ideal Absorption System; 


pressure vapor which then passes to the condenser; the hot, weak absorb¬ 
ent flows back through the heat exchanger and through a pressure-reduc¬ 
ing valve to the absorber where the cycle is again started. The heat re¬ 
quired at the generator is approximately equal to the heat extracted in 
the absorber; this, in turn, is the quantity of heat needed initially to cool 
the absorbent plus the heat liberated in the unit during the process of 
absorption minus the cooling effect of the entering refrigerant vapor. 

Actual systems differ from the ideal in two important respects: The 
heat exchanger is not completely effective and, in consequence, a greater 
amount of energy must be removed in the absorber and supplied in the 
generator. Secondly, the absorbent partially vaporizes in the generator 
and some of it therefore flows to the condenser with the refrigerant; special 
equipments must be installed to remove, in so far as practicable, the 
absorbent from the vapor mixture leaving the generator. 

Figure 5*2 shows diagrammatically the flow circuits for a typical ab¬ 
sorption system. Liquid refrigerant (with a small amount of entrained 
absorbent) leaves the condenser at point i>, passes through a precooler 
where it gives up heat to the vapor from the evaporator, and then enters 
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the evaporator. Leaving the evaporator, the refrigerant vapor and such 
entrained absorbent as it may contain, passes through the exchanger and 
into the absorber where contact is established with the low-temperature 
weak absorbent. The absorbent increases in concentration and leaves 
the absorber at point /, passing through the pump, receiving heat in the 
exchanger (from the absorbent liquor leaving the generator) and then 
passing through the analyzer into the generator. Heat supplied in the 
generator raises the temperature of the concentrated solution, thereby 
driving off vapor having a high concentration of refrigerant. The hot, 
weak absorbent then leaves the generator and passes through the heat 
exchanger where it is cooled by the cool strong absorbent going to the 
generator. The weak liquor flows from the exchanger to the absorber 
where the cycle is again started. 



Fig. 5*2. Elements of Actual Absorption System. 


The strong hot vapor driven off in the generator passes upward through 
the analyzer where it flows countercurrent to the rain of cool strong liquor 
coming in from the pump. Cooling of the vapor occurs with consequent 
partial condensation, the condensate having a higher concentration of 
absorbent (refer to Fig. 5*3) and the cool vapor leaving the analyzer with 
a higher concentration of refrigerant. From the analyzer the vapor 
passes to the rectifier where it is further cooled by passage over water 
coils. Additional condensation occurs, and the concentration of refrig¬ 
erant in the vapor is further raised. However, each small weight of 
absorbent extracted from the vapor as it passes through the rectifier car¬ 
ries away with it some of the refrigerant, and it is therefore imperative 
that rectification not be carried too far. Highly concentrated refrigerant 
vapor enters the condenser while condensate from the rectifier flows back 
to the generator and repeats its cycle. 

From the above discussion it follows that there are three separate flow 
circuits followed by refrigerant or by absorbent during the actual cycle 
of an absorbent refrigeration system. These are: (1) the main cycle of 
the refrigerant (with a small weight of associated absorbent) as it 3 








THERMODYNAMIC RELATIONSHIPS 


91 


through the condenser, precooler, evaporator, exchanger, absorber, pump, 
exchanger, analyzer, generator, analyzer, and rectifier; (2) the main cycle 
of the absorbent {with a small weight of refrigerant) as it passes through 
absorber, pump, exchanger, analyzer, generator, and exchanger; (3) the 
cycle followed by the small weight of absorbent and associated refrigerant 
passing from the generator through analyzer and rectifier back to the 
generator. These three cycles are not closed, so fluids can pass from one 
to another, but for a system in steady state operation the weight rate of 
material through each of the cycles must remain constant. This fact is 
of great help in analyzing the system. 

5*2. Thermodynamic Relationships. Investigation of the effectiveness 
of various equipment arrangements and analysis of the processes actually 
occurring in real systems requires an understanding of the thermodynamic 
relationships which exist between the absorbent and the refrigerant when 
these materials are in solution, or are present as vapor over a solution and 
in equilibrium with it. 

(a) Boiling Point Diagram. A typical boiling point diagram of a 
refrigerant-absorbent mixture is shown in Fig. 5*3; the abscissa represents 
the weight fraction of refrigerant present in the mixture while the ordinate 
shows a temperature scale. Points A and B give the saturation tempera¬ 
tures (at the particular total pressure for which the diagram is con¬ 
structed) of the pure absorbent and 
pure refrigerant respectively. The 
lower curve connecting A and B is a 
locus of equilibrium temperatures cor¬ 
responding to weight concentrations 
between 0 and 100 per cent of the 
refrigerant in the liquid. At any 
point, as x, on the lower curve, a solu¬ 
tion containing x per cent of refrig¬ 
erant would reach equilibrium with 
the vapor above it at a temperature 
of t 9 . Any solution containing x per cent of refrigerant would be a sub¬ 
cooled liquid at temperatures below t x . The entire area below the lower 
curve therefore represents states of subcooled solutions. 

The upper curve is a locus of states for vapor over a solution and in 
equilibrium with it. At point x, for example, a solution containing i per 
cent of refrigerant will be in equilibrium with vapor in which the refrig¬ 
erant concentration is x' per cent. For the ideal system of Fig. 5T the 
absorbent would never vaporize but would simply undergo a change of 
temperature while the refrigerant passed into or out of solution. Figure 
8*3 shows,, however, that when vapor is formed over a solution it must 
contain some absorbent as well as refrigerant, the respective concentra- 



WEfGHT FRACTION OF REFRIGERANT 

Fia. 5*3. Boiling Point Diagram. 
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tions being determined from the boiling point diagram by entering at the 
concentration of refrigerant in the solution, rising to intersection with the 
curve for liquid in equilibrium, moving right horizontally to intersection 
with the curve for vapor in equilibrium and then dropping vertically to 
read the concentration of refrigerant in the vapor from the scale along 
the abscissa. 

The area between the liquid and vapor equilibrium curves represents a 
region of liquid-vapor mixtures whereas the area above the vapor curve 
includes the states of superheated vapor mixtures. At states on the vapor 
equilibrium curve the refrigerant and absorbent vapors are not saturated 
but superheated because the vapor pressure over a solution is somewhat 
depressed. The superheat of the absorbent is less than that of the refrig¬ 
erant so when superheated mixtures are cooled, condensation of the 
absorbent occurs more rapidly; for this reason some of the absorbent car¬ 
ried out of the generator in vapor form can be extracted differentially 
from the mixture in the analyzer and in the rectifier. 

Consider highly superheated vapor at point 0 of Fig. 5-3: If heat were 
removed the state would move down along the vertical line 00 ' until the 
equilibrium vapor state at 0 ' would be reached. Additional heat removal 
would cause condensation of both vapors in proportions such that the 
condensate would have the state point 0 " with a higher concentration of 
absorbent than was originally present in the vapor. During condensation 
the state of the vapor would move to the right from 0 ' along the equilib¬ 
rium vapor line, but with an accompanying increased concentration of 
refrigerant in the condensate until, if condensation were carried to com¬ 
pletion, the final condensate would have the same concentration as the 
original superheated vapor. Thus complete removal of absorbent from 
vapor passing to the condenser of an actual absorption system cannot be 
achieved. This is unfortunate because the presence of even a small 
amount of absorbent raises the boiling point of the mixture and therefore 
necessitates a lower evaporator pressure in order to maintain the required 
evaporator temperature. 

(6) Mixture Effects. For all practical purposes the assumption 
can be made that no interaction of vapors takes place when superheated 
ammonia and water vapor are mixed. The volume of the mixture is cal¬ 
culated by assuming that Dalton’s law holds, and the enthalpy of the 
mixture can be taken as the sum of the enthalpies of the separate vapors, 
the heat of solution being considered zero. 

Special mixture effects must be considered, however, when ammonia 
goes into solution in water. The volume of an aqua-ammonia solution is 
somewhat less than the sum of the volumes of its constituents and can 
be considered as approximately equal to the volume of the water which 
it contains plus 85 per cent of the contained liquid ammonia. 
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When ammonia is absorbed by an aqua solution in which the weight 
concentration is less than 59.4 per cent there is an accompanying libera¬ 
tion of the heat of solution in amount as given by the empirical equation 
proposed by Mollier, 

Q = 345 (l ~ ~ 133.3av 2 (5-1) 

where Q is the heat liberated per pound of ammonia absorbed as the solu¬ 
tion concentration is changed from an initial value of x — 0 to a final 
value of x — x f . An equal quantity of energy is absorbed when ammonia 
leaves solution. Absorption into a solution in which the concentration 
is in excess of 59.4 per cent takes place without heat liberation. 

The enthalpy of an aqua-ammonia solution is equal to the sum of the 
enthalpies of the anhydrous ammonia and the water less the heat of absorp¬ 
tion. Thus, at any state z\ where the concentration of the solution is x Zl) 
the solution specific enthalpy is given by the equation 

h Xl — h" + h' Zl — x Zj Q Zl (5*2) 

where the h Zx and h[[ are the respective specific enthalpies of the anhydrous 
ammonia and water, and the term Q Zl is the average heat of absorption 
over the concentration range from x = 0 to x = x Zl and is given by equa¬ 
tion 5*1. 

The most complex enthalpy determination needed for the standard sys¬ 
tem is that of the equilibrium vapor-liquid mixture (sometimes a super¬ 
heated vapor mixture) entering the absorber (point e in Fig. 5*2). In 
order to permit operation with a reasonably high evaporator pressure, it 
is necessary to purge the evaporator by discharging entrained liquid in 
the leaving vapor. The purging rate depends on the concentration of 
solution entering the evaporator and on the operating temperature. Since 
the concentration of refrigerant in the entrained liquid is greatly in ex¬ 
cess of 59.4 per cent, enthalpy determination necessitates separating the 
stream of purge material into two fictitious parts: one containing the 
ammonia for which there is a heat of liberation and the remainder that 
for which no such heat exists. The accompanying flow diagram shows 
such a breakdown. The weight of equilibrium purge solution is w ae 
pounds and is associated with w e total pounds of mixture at point e . The 
concentrations of ammonia in the saturated vapor and saturated liquid 
are taken as x ve and x 9e respectively. 

From the diagram on page 94, 

K - (1 - x„)(w, - w. e )h" + (1 - x,»)w,Xl 


+ x„(w. - w n )K, + - 


0.594(1 - x, e )w„Q n 
(1 - 0.594) 


(5*3) 
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where Q m is the maximum average heat of absorption obtained from equar 
tion 5*1 with x / = 0.594. 

The terms h' 8e and h” are the specific enthalpies of saturated anhydrous 
liquid ammonia and water at the temperature existing at point e. (Values 
from steam and anhydrous ammonia tables or charts.) 

The terms h' ve and Ki for NH 3 and H 2 0, respectively, are the specific 
enthalpies of superheated vapor at t e and at the partial pressures of the 
mixture at e (values of enthalpy from steam and anhydrous ammonia tables 
after obtaining partial pressure of water vapor in mixture). 





[0.594 (1 -x sc ) 

“ “ L (1-0.594) J 



XseWse 

(NH 3 in liquor with zero heat of absorption) 



(NH 8 in 
liquor) 

0.594 (1— X„) Wse 
(1-0.594) 

(l-z*.) w se 


(Liquor) 


(NH 3 having heat 

(1-0.594) 5 


, ot absorption,) 

1 (l-x, e )u>„ K | 

Weight of solution 
having heat of 
absorption) 


(H 2 0 as 

liquid) 

(Mixture) 



w e -w se 

(NH S in 

vapor) 



(Vapor) 

(1 —x ve )(w r w sg ) 



(H 2 0 in vapor) 


The above analytical method of enthalpy determination is indirect be¬ 
cause it requires previous knowledge of the equilibrium concentration oi 
ammonia in both the liquid and vapor; likewise experimental data are 
needed on the partial pressure of w T ater vapor over an aqua-ammonia 
solution. Additional disadvantages arise due to deviations from Dalton's 
law. The solution by this method is therefore only approximate. A less 
involved and more accurate method of solving aqua-ammonia energy 
problems is by direct reference to tables or charts giving the properties 
of equilibrium solutions. 

(c) Aqua-ammonia Chart. The chart shown in Fig. 5*4 permits direct 
reading of the more important properties of aqua-ammonia equilibrium 
solutions and the vapors in contact with them. For an equilibrium vapor- 
solution mixture at known total pressure p and temperature t, the chart 
gives: 

x v - weight concentration of ammonia in the vapor, pound per pound 
x 8 * weight concentration of ammonia in the solution, pound per pound 
h v «= specific enthalpy of the vapor, Btu per pound 
h 9 = specific enthalpy of the solution, Btu pei; pound 

Data, as plotted, are for equilibrium mixtures only, but the enthalpy of 
a subcooled solution can be read from the chart, with sufficient accuracy 
for engineering calculations, as that of an equilibrium solution at the same 
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Q 


Fig. 5*4. Equilibrium Aqua-ammonia Properties. (Plotted from data published by ASRE.) 
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temperature and weight concentration. The enthalpy of a highly super¬ 
heated vapor mixture cannot be determined from Fig. 6*4; for that case 
calculation from steam and anhydrous ammonia superheat tables is 
necessary. 

Reference to Fig. 5*4 will show the need for purging some liquid with 
the vapor leaving the evaporator. Consider a system operating with an 
evaporator temperature of 30°F. If anhydrous ammonia were supplied 
to the evaporator the pressure would be (Fig. 5*4) 60 psia. Suppose now 
that the concentration of solution entering the evaporator is reduced to 
99.9 per cent; the new evaporator pressure for 30°F and with no purging 
w T ould be 35 psia, and the equilibrium concentration of solution in the 
evaporator would drop to 62 per cent. By continuous purging of liquid 
from the evaporator the pressure (at constant temperature) could be 
raised. In most practical systems, particularly where the evaporator 
temperature must be low, purging is essential. 

5*3. Complete Absorption Cycle Analysis. The complete analytical 
procedure for establishing a heat balance and investigating performance 
characteristics of a typical absorption cycle will be illustrated by making 
a step-by-step analysis of the system shown in Fig. 5*2. Each of the 
twelve different states assumed by the working substances at various 
points in the cycle will be identified by letters as shown on this figure. 
Analysis will be carried out with the help of ammonia tables, steam tables, 
and the data of Fig. 5*4. To assist in making cross references each step 
of the analysis will be assigned a number. 

TABLE 51 


Point 

Pressure 

Temperature 

Weight 

Concentration 

Specific 

Enthalpy 

a 

Given 

Given 

12 

14 

14 

b 

Given 

16 

Given 

14 

16 

c 

Given 


12 

14 

25 

d 

Given 

Given 

12 

14 

23 

e 

Given 

16 

12 

14 

22 

f 

Given 

Given 

19 

13 

17 

9 

Given 


19 

13 

21 

h 

Given 

6 

19 

13 

13 

i 

Given 

Given 

19 

15 

15 

j 

Given 


19 

15 

24 

k 

Given 

8 

20 

18 

18 

l 

Given 

to 

20 

14 

14 


The known data required for establishing a heat balance are listed in 
Table 5*1. The letters appearing in the first vertical row refer to corre¬ 
sponding points on Fig. 5*2, whereas the numbers in the table refer to the 
step itt the analysis where the property in question is evaluated. 
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The procedure is as follows. 


Known or Assumed 

1. The pressure at each point in the system. For the ideal cycle the only 
pressure changes in the system occur in the pump and the expansion valve. 
Thus p a * Pb = Pc = p 0 = Vh * p% - Vi = Pk =* Pi = the condenser pressure, 
and pd ~ p e — Pf = the evaporator pressure. 

2. The temperature of the vapor (with entrained liquor) leaving the evapora¬ 
tor,'^. 

3. The temperature of the strong liquor (not saturated with NHs) leaving the 
absorber, t /. 

4. The temperature of the equilibrium vapor and the drips leaving the rec¬ 
tifier, t a = tu 

5. The temperature of the equilibrium liquid leaving the generator, U. 

6. That the strong liquor in passing through the exchanger is heated to within 
Ati of the weak liquor entering temperature. Then, th ® U — Ah. 

7. That the strong liquor leaves the exchanger saturated at equilibrium 
concentration. 

8. That the equilibrium vapor leaving the analyzer is A h degrees hotter than 
the entering strong liquor, 4 = 44* A t 2 . 

9. That the mixture of vapor and entrained liquor passing through the pre¬ 
cooler is heated to within A* 3 degrees of the liquor entering from the condenser, 
tb = t e -f- A<3- 

10. That the liquor leaving the condenser is at equilibrium concentration. (If 
this condition is not met the validity of the analysis is unaffected provided the 
condenser temperature is known.) 

11. Base calculations on a flow through condenser of 1 lb/min. 

12. By observation w a — w b = w c = Wd = w e . 


From Fig. 5-4 

13. For equilibrium liquid at pn , h, read xh, h\. Note Xh — Xf * x 0 . 

14. For equilibrium liquid and vapor leaving rectifier at t a , read x a , Xi t h a , 

hi. Notex 0 = Xb = x c = Xd = x e . 

15. For equilibrium liquid at p», U } read Xi, hi. Note Xi — x 

16. For equilibrium liquid (10) at Pb, Xb, read tb, H. Then t e = tb — A^s (9). 

17. For subcooled liquid at state/, read hf as for a saturated liquid at X/, tf. 

18. For equilibrium vapor at pk , tk, read Xk, hk. 

19. Establishing a mass balance on the absorber, 


and 


Wf = Wj -f 

X/Wf = XjWj 4 - x e w 4 


Substituting for w/ from the first equation and solving for uj/, 


Wi 


Wg(Xf - x 9 ) 
Xi - Xf 


and by observation, 


Wi » 
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Knowing w,- and w e , it is now possible to solve the first equation above for w/ 
and, by observation, w/ = w 0 = wh. 

20. By mass balance on the rectifier, 

Wk = Wa 4 * Wl 

and 

XkWk = X a Wa + 


Substituting for Wk and solving, 


Wl 


(Xg - X k )wa 
Xk ~ Xi 


Then, knowing wi and w a , solve the first equation above for Wk. 

21. Calculation of work input to the circulating pump. 

144 (p 0 - p f )wf 

778pe 

where p is the density of the aqua-ammonia passing through the pump, and c is 
the pump efficiency. The density, p, is the reciprocal of the specific volume 
Vf f which is equal to the volume of water in 1 lb of solution plus 85 per cent of the 
volume of liquid ammonia in the solution or 

v/ = (1 — xj)vJ -f 0.85x/tv 

where v f and v/ are obtained from the ammonia and steam tables, respectively 
for saturated liquid at temperature t/. 

tig — hf + W 

22. To determine the weight of entrained liquor, w, e in w e : 

a. The total weight of ammonia at state point e is the sum of weights of 
ammonia in the liquor and in the vapor or, 

x t w t = z,eW„ + (i w „ - w it )x vt 

With p e and t e known and the mixture in equilibrium, x„, x* # , h 90f h* 0 
are read from Fig. 5-4. 

b. Solving for w 9e in terms of known quantities, 



c. Then, 

h 9 *= w 9e h te -f- (w 9 — w 9€ )hv 9 

d. In some cases the value of w 99 calculated from the above equation will be 
negative. Such a result shows that the mixture passing through the 
heat exchanger completely vaporizes and leaves superheated. Since 
Fig. 5*4 is applicable only to equilibrium mixtures, the enthalpy of 
superheated material at e must be determined otherwise. The pro¬ 
cedure is as follows i 
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(1) From an empirical equation proposed by Wilson,* the following 
equation is derived, 

„ 17p(17 - 0.8*,) (1 ~ s.) 

p ‘ “ (17 + *,)* 

where p" is the partial pressure of the water vapor over an aqua- 
ammonia solution which is in equilibrium with vapor at x ei p e ; p'J 
is therefore approximately equal to the partial pressure of the water 
in the superheated vapor-mixture at state e, p is the saturation 
pressure of pure water at the temperature of equilibrium vapor at 
x e , p e ; x 9 is the ammonia concentration in a solution in equilibrium 
with vapor at x € , p e . 

(2) From the steam tables read the enthalpy of superheated steam, h f 0 r , 
at p'J and t t . 

(3) The partial pressure of ammonia in the vapor is p 0 = p e — p 9 . 
Then from the ammonia p/i-chart read the enthalpy of super¬ 
heated ammonia vapor, h 9f at p' e , t e . 

(4) The enthalpy of the mixture at e is then calculated by the equation, 
he = xji’e + (1 - x e )h 

23. Read x 9 dj h 9 d at pd, £</• Then, 

( Xvd ~ Xd\ 

- -- ) W d 

X v a %»d/ 

id 

hd = Wedhed + (Wd — U>*d)hvd 

24. Wi(h{ — hj) = w 0 (hh — hg) 

hi = hi - (j) (hh - h g ) 

25. he == hb A^preoooler ~ hf, -f“ hd ~ h 9 . 


The twenty-five steps outlined above provide all data necessary for 
filling in Table 5T. With these data a heat balance can be established 
and the energy requirements investigated for the various pieces of equip¬ 
ment which make up the system. The heat balance on page 100 gives all 
energy quantities in Btu per pound of material passing through the con¬ 
denser. Since some entrained water is carried over into the condenser, it 
should be noted that the energy is therefore not expressed in terms of one 
pound of refrigerant. The total enthalpy, H, is the product of specific 
enthalpy, h> and weight of fluid at that state. 

If the coefficient of performance of an absorption system is calculated 
by the method used for the compression cycle, that is, taking the inverse 
ratio of energy supplied to the system (except in evaporator) to the heat 

* T. A. Wilson, Bulletin 146, Engineering Experiment Station, University of Illinois. 
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Refrigerating effect — Hd — H c 

Heat added in the generator = H k + Hi — Hi — Hh 

Energy added at the pump = W 


Total energy added during the 

cycle = H d +Hi+ H k + W — H c — Hh — Hi 

Heat rejected in the absorber = H e + Hj — H/ 

Heat rejected in the condenser = H a — Hb 
Heat rejected in the rectifier = H k — H a — Hi 


Total heat rejected = H e + Hj + H k — Hi — H s — Hi 


picked up in the evaporator, the result will show that such a system re¬ 
quires approximately eight times as much energy as does a compression 
system. The coefficient for any absorption system can be obtained from 
the equation 


cop 


H d -H c 

Hk + Hi+W — Hi — H h 


(54) 


However, a direct comparison of coefficients of performance of absorption 
and compression systems is not likely to be of value because the difference 
in availability of energy required for the two systems is great; the ratio 
of total energy requirement is therefore not a good indication of the prob¬ 
able ratio of operating costs. 


Example 6*1. An ammonia absorption system operates under conditions such 
that all pressures are known (see values in Table 5-2) and the following tempera¬ 
tures are known: t a , U , £/, U (Table 5-2). Also: 



A U - 20 °F (6) 

; Ah — 

10°F (8); 

Ah = 10°F 

(9); «- 

70% 




TABLE 

5-2 



Point 

Pressure Temperature Weight 

Concen¬ 

tration 

Specific 

Enthalpy 

Enthalpy 

a> 

158 

125 

1 

0.995 

664 

664 

b 

157 

84 

1 

0.995 

135 

135 

c 

155 


1 

0.995 

92.4 

92.4 

d 

22 

15 

1 

0.995 

615.6 

615.6 

e 

20 

74 

1 

0.995 

657.2 

657.2 

S 

19 

85 

11.25 

0.38 

—20 

224 

9 

165 


11.25 

0.38 

-11.9 


h 

162 

195 

11.25 

0.38 

102 

1148 

i 

160 

215 

10.25 

0.32 

130 

1331 

s 

157 


10.25 

0.32 

4 

41 

k 

160 

205 

1.16 

0.94 " 

740 

858 

l 

158 

125 

.16 

0.60 

48 

7.7 
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(a) Determine the concentration, specific enthalpy, and total enthalpy at each 
point in the system. (6) Establish a heat balance for the cycle, (c) Calculate 
the coefficient of performance. 

Solution. 

a. Follow the step-by-step procedure using Fig. 5-4 and recording data in 
Table 5*2 as obtained. 


19. Wj 


1(0.38 - 0.995) 
0.32 - 0.38 


10.25. 


1(0.9945 - 0.940) . 

20. wi = —-- « 0.16. 

0.940 - 0.60 

21. From steam tables and ammonia tables, v/ and v\ are, respectively, 
0.01609 and 0.02687. Then, 


v/ - (1 - 0.38)0.01609 + 0.85 X 0.38 X 0.02687 - 0.01866 


and 


0.01866 


= 53.6 


and 


144(165 - 19)11.25 
778 X 53.6 X 0.70 


h 0 = (-20) + 8.1 = -11.9 


22. w 8e » (0.99 — 0.995)/(0.99 — 0.37), and since the result is negative the 
mixture at e is superheated and its enthalpy must therefore be determined by the 
method outlined in item 22 d. Thus: 

(1) From Fig. 5-4 determine the temperature of equilibrium vapor at x«, p, as 
60°F; then from steam tables the pressure of saturated vapor at 60° is p = 0.2563. 

From Fig. 5-4 at x v = 0.995 and p = 20, read x $ — 0.42. 

Then, 

„ (17)(0.2563)(17 - 0.8 X 0.42)(1 - 0.42) „ , ^ 

P *-(17 + 0.42?- = °' 141 

(2) From tables for superheated steam at p" and t 9 , read h" ■* 1081.1. (This 
value can otherwise be read as for saturated steam at p".) 

(3) The partial pressure of ammonia vapor in the superheated vapor mixture is 


pj - 20 - 0.141 « 19.86 

From pk-chart for ammonia at p\ = 19.86 and t 4 «* 74°, read h' $ «* 655. 

(4) Then the enthalpy of the mixture at e is 

h. * (0.995) (655) + (0.005) (1081.1) « 657.2 


23. Wtd * 

(1 - 0.012)624 


/ 0.9995 
\0.9995 
- 615.6. 


0.995 \ 

0.625/ 


0.012 and h d - 0.012(-75) + 
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24. hj - 130 - (11.25/10.25) (102 + 11.9) - 4. 

25. h c m 134 + 615.6 - 657.2 = 92.4. 

5. From data in Table 5-2 the heat balance for the system is: 


Refrigerating effect 

* 615.6 

- 92.4 

» 

523.2 

Head added in generator 

- 858 + 

1331 - 7.7 - 

- 1148 = 

1033.3 

Energy added at pump 

= 8.1 


= 

8.1 

Total energy added 

= 



1564.6 

Heat rejected in the absorber 

= 657.2 

+ 41 + 224 


922.2 

Heat rejected in the condenser 

= 664-- 

135 

= 

539 

Heat rejected in the rectifier 

= 858 - 

664 - 7.7 

- 

186.3 


Total heat rejected = 1647.5 y 


c. cop = ( - — } = 0.50 Non-balance = 5% 

\1041.4/ 

5*4. Special Systems. The principles which have been explained in 
connection with the conventional aqua-ammonia absorption system can 
be applied in a multitude of ways leading to cycles which differ to a 
greater or less degree from the cycle which has been described. In gen¬ 
eral, the purpose of such changes is to permit use of a more satisfactory 
refrigerant, or absorbent, or to re-arrange the cycle in such a way that 
the coefficient of performance will be improved. 

Descriptions are available in the literature of systems using dichloro- 
monofluoromethane and lithium chloride as working fluids, one advantage 
over aqua-ammonia systems being the reduced toxicity. Other systems 
propose the use of absorbent materials having thermodynamic character¬ 
istics such that the concentration of absorbent in the vapor leaving the 
generator is very much less than when water is used. 

The use of an inert third fluid serves in one type of system to eliminate 
need for a pump by maintaining a constant total pressure (except for fric¬ 
tion losses) throughout the cycle. In this system the partial pressure 
of the refrigerant varies, as in the conventional system, between the 
evaporator minimum and the generator maximum, but a compensating 
variation in partial pressure of the third fluid permits maintenance of the 
same total pressure in both equipments. 

A resorption system, proposed by Maiuri, makes use of a second cir¬ 
cuit of absorbent which' reabsorbs the high-pressure vapor leaving the 
generator and carries it directly to the evaporator. Multi-stage absorp¬ 
tion systems have also been developed, as have combined systems using 
conventional .absorption with a preliminary stage of mechanical compres¬ 
sion. 

Similar in principle to the absorption cycle is a system in which vapor 
leaving the evaporator is condensed on the surface of a solid adsorbent as 
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a result either of capillarity or of surface attraction. In this system a 
pump is not used; the adsorbent is alternately cooled and heated, thereby 
establishing a sequence of operations during which the refrigerant flows 
from the evaporator and is adsorbed, then discharged to the condenser by 
application of heat to the “ saturated ” adsorbent. The obvious disad¬ 
vantage of the system is that operations are not continuous. This objec¬ 
tion can be partially overcome by using two chambers containing adsorb¬ 
ent, one of which is receiving refrigerant from the evaporator while the 
other is discharging vapor to the condenser. Silica gel, activated char¬ 
coal, and lithium chloride are the most common adsorbents. 

PROBLEMS 

1. Calculate the heat liberated when 2 lb of ammonia vapor are absorbed by 10 lb 
of water. Repeat the calculation for absorption of 2 lb by 3 lb of water. 

2. Liquid aqua-ammonia at 100°F and 40 psia is in equilibrium with its vapor. 
From Fig. 5*4 determine: the concentrations of ammonia in the liquid and vapor; 
the specific enthalpy of the vapor. Calculate the specific enthalpy of the vapor-liquid 
mixture provided 20 per cent by weight is in vapor form. 

3. A vapor mixture having a concentration of 90 per cent is in equilibrium with its 
liquid in a container which is in boiling water. Determine (from Fig. 5-4) the pressure 
within the container. 

4. For the conditions of problem 3 calculate the partial pressure of the water vapor. 

5. A solution of aqua-ammonia at 100°F is under a pressure of 100 psia. The con¬ 
centration is 30 per cent. Determine the specific enthalpy. 

6. Aqua-ammonia vapor having a concentration of 98 per cent is subject to a 
temperature of 150°F when the pressure is 40 psia. Determine the specific enthalpy. 

7. Using the given data of illustrative Example 5*1 except that t a is to be taken as 
165°F: (a) Determine the concentration, specific enthalpy, and total enthalpy at each 
point in the system. ( b ) Establish a heat balance for the cycle, (c) Calculate the co¬ 
efficient of performance. ( d) Compare results with those of the illustrative example 
and critically discuss the effect of absorbent carry-over on the performance of the 
system. 
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CHAPTER VI 

STEADY STATE HEAT TRANSFER 


The transfer of energy from a hot body to a cold body can occur by the 
mechanisms of conduction, convection, and radiation. Even though the 
three phenomena are strikingly different, facility in computation is best 
realized by expressing the transfer coefficients for radiation and convec¬ 
tion in a form suitable for insertion in the fundamental conduction equa¬ 
tion. There is need of some such unified procedure since most practical 
problems involve transfer by at least two mechanisms. 

A general classification of heat transfer problems can be established 
with respect to time as a variable. The first group is that in which condi¬ 
tions do not change with time; problems of this type occur in systems 
which are in equilibrium and are generally referred to as steady state heat 
transfer systems. A second group is that in which the heat transfer rate 
varies with time from an original boundary value toward some new 
boundary value. Problems of this type frequently occur in both air 
conditioning and refrigeration; typical examples are an insulated refrig¬ 
erant pipe during the interval between starting the system and reaching 
equilibrium, or the problem of establishing heating and cooling curves for 
an intermittently heated structure. Such problems come under the head¬ 
ing of transient heat flow (Chapter VIII) and require a more complex 
treatment than that needed for steady state problems. The third group, 
periodic heat transfer (Chapter VII), covers the type of problem result¬ 
ing from the load variation due to diurnal changes in the outside tem¬ 
perature, wind velocity, or humidity. A satisfactory method of analysis 
for such cases is needed to determine the maximum load and the time at 
which it will occur. 

This chapter takes up the problems which come under the first group 
in the above classification. Steady state equations are presented and 
methods developed for expressing all three mechanisms of heat transfer 
in terms of the conduction equation. 

6*1. Conduction. The basic equation for the instantaneous rate of heat 
transfer by conduction is given by Fourier’s law, 


dQ 

dd 


* <L 



( 6 - 1 ) 


where dQ *» heat transfer, Btu, during the time interval d$. 
q » instantaneous rate of heat transfer, Btu /hr. 
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k * thermal conductivity, Btu/(hr) (sq ft) (°F/ft), a function 
of the temperature. Values of A; for materials used in air 
conditioning and refrigeration are available in standard 
textbooks and handbooks. A few representative values 
are given in Table 6*1. 

dt = change in temperature along the path length dx. 

A = area, square feet, normal to the path. The area may be a 
function of path length. 

The minus sign on the right-hand side of equation 6T indicates that the 
temperature is decreasing in the direction in which heat is flowing. 


TABLE 61 


Selected Values* of k in Btu/(hb) (sq ft) 



Air, dry, at 1 atm, at 64°, approx 
Hydrogen, dry at 1 atm, at 64°, approx 
Water, as steam at 212°, approx 

Cork, granulated, grains in. to £ in., density 10.05, dry, at 32° 
Glass wool, fibers 0.0003 to 0.0006 in. in diam., density 1.5 
Cork, ground and made into board with asphalt binder, at 32° 
Magnesia, 85%, and asbestos, density 13.5, 50° to 1100°, average 
Wood, yellow pine, 16% moisture, across grain 
Plaster, gypsum 
Water, at 64°, liquid 
Brick, common 

Glass, ordinary window, soda base 

Concrete, solid, with ordinary stone aggregate, average 

Granite, average 

Aluminum, at 64° 

Copper, at 64° 

Silver, at 64° 


0.0147 
0.1050 
0 0126 
0.0208 
0.0225 
0.0292 
0.0475 
0.0831 
0.275 
0.336 
0.416 
0.433 
1.00 
1.17 
83.0 

225. 

243. 


* Various sources. 


For steady state conditions q is a constant and, providing variation of 
thermal conductivity with temperature is negligible, equation 6T takes 
the form, 


LA 1 

q = h) - C'«2 - h) - £7 «. - h) (6-2) 


where A m 


the mean area in the path of heat flow. For systems in which 
the cross section varies directly with the length of path A m 
is the logarithmic mean area, given by the expression 


Afj% 


^•2 "" ^1 
l0fo (3f) 


(6*3) 


where Aa and A\ are the larger and smaller areas respec¬ 
tively. For systems in which the area varies as the square 
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of the path length A m is equal to the geometric mean 
area = (AiA 2 ) H . 

= the temperature of the hot surface, °F. 
tx = the temperature of the cold surface, °F. 

L =* the length of path along which heat is flowing, feet. 

C 9 = the conductance of the wall = kA m /L, 

R / = the resistance to heat flow for the system = L /kA m = 1 /C f . 

Equation 6*2 is seldom directly applicable to problems in air condition¬ 
ing and refrigeration since such problems usually involve transfer across 
fluid films on one or both sides of the material through which heat is 
flowing. In such cases the surface temperatures and t 2 differ from the 
fluid temperatures and cannot be readily determined. An equation must 
therefore be established for transfer across the fluid boundary; this is a 
problem in convection. 

6*2. Convection. Rational evaluation of convective heat transfer is 
complicated by the fact that two, and sometimes three, separate and 

distinct regions exist between the surface 
to or from which heat is flowing and the 
main body of the passing fluid stream 
(Fig. 6*1). Immediately next to the sur¬ 
face is a sublayer in which there is lami¬ 
nar or streamline flow; in this region heat 
transfer is entirely by the mechanism of 
conduction and could be evaluated by 
equation 6*2, if data were available on the 
thickness of the layer and the temperature difference across it. Such 
data are not directly available and cannot be easily obtained. 

Beyond the region of laminar flow is a transition layer of variable 
thickness across which there is a temperature drop and through which 
heat is transferred partly by conduction and partly by the convection 
resulting from eddy currents. In this region the relative importance of 
the factors influencing heat transfer becomes increasingly difficult to 
evaluate. The transition layer is of greatest importance when flow is 
with a high degree of turbulence; as the main body of the fluid approaches 
streamline flow the transition region tends to disappear. 

The third heat transfer mechanism is represented by conditions in the 
core of a turbulent stream. Heat entering or leaving the core must result 
in an increase or a drop in its temperature, but eddy current activity is so 
great in this region that no appreciable temperature gradient exists, and 
heat transfer occurs almost entirely as a result of mechanical mixing. 
Core conditions can be roughly visualized by considering that in a heated 
room the temperature in a horizontal plane does not appreciably vary 
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Fro. 6*1. Heat Transfer from a 
Fluid to a Solid. 
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until the walls are closely approached; the entire temperature drop from 
room air temperature to inside surface temperature occurs within the thin 
laminar and transition layers adjacent to the wall surface. 

Heat transfer by convection is greatly influenced by those factors which 
make for greater or less turbulence within the fluid. An equation giving 
convective transfer rates would have to include terms involving all those 
properties of the fluid which affect its flow characteristics. Such an equa¬ 
tion would be very complex and would have to include empirical relation¬ 
ships which might be expected to vary with different fluids and with 
different types of fluid flow. To reduce this equation to a more con¬ 
venient form, all relationships involving the thermal or flow character¬ 
istics of the system are grouped in one empirical term, the film coefficient 
of heat transfer, h, Btu/ (hr) (sq ft) (°F). The convective heat transfer 
rate is then given by Newton's law of cooling, which possesses the addi¬ 
tional advantage of resembling the basic conduction equation 

q = hA(t f - t,) = C',(t f - < s ) = (64) 

tij 

where A = the area of the boundary surface across which the heat trans¬ 
fer rate is being established. 

tf = the temperature of the core or main stream of passing fluid. 

U = the temperature of the surface to which heat is flowing. 

Cf and R/ = respectively, the conductance and thermal resistance of the 
film through which heat is flowing. 

The accurate evaluation of h is difficult. No general solution is avail¬ 
able and the existing empirical and semi-rational equations are multi¬ 
tudinous and beyond the scope of this book. Whenever the importance 
of the problem warrants it, the heat transfer literature should be con¬ 
sulted for the particular equation most directly applicable to the condi¬ 
tions of the individual problem. Lacking such an equation, or other 
more particularized data, an approximate evaluation of the film coefficient 
for a subcooled liquid, a superheated vapor, or a gas flowing turbulently 
within a pipe can be obtained from Nusselt’s equation, 

where k, p, p, and c„ are the thermal conductivity, viscosity, density, and 
specific heat respectively of the fluid at its mean temperature; D is the 
pipe diameter; V is the fluid velocity. Any set of consistent units can 
be used. Equation 6-5 is not applicable to condensing vapor or evapo¬ 
rating liquid. ' 

The fluids of greatest interest in air conditioning and refrigeration are, 
of course, air, water, and refrigerants. Simplified expressions for deter- 
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mining k for some of these fluids under restricted conditions are available 
in standard engineering handbooks. (See last reference in bibliography.) 

6*3. Conduction and Convection. The steady state problem of funda¬ 
mental importance in air conditioning is that of evaluating the rate of 
heat transfer, from air to air, across a wall. Consider the applicability of 
the equations already obtained to calculation of the transfer rate through 
the single-layer, homogeneous wall of Fig. 6*2. Equation 6*2 can be writ¬ 
ten for the rate q w of heat transfer between wall surfaces, whereas equa¬ 
tion 6*4 can be written twice, once each for 
the transfer rates qi and q 0 across inside and 
outside air films. But the three values of q 
obtained from these equations must be the 
same, since otherwise heat would be entering 
or leaving storage in the wall, and the 
assumed condition of steady state could not 
exist. 

However, no one of the three equations 

can be solved because each includes at least 

„ . „ m one unknown wall surface temperature. 

Fig. 6-2. Air-to-air Heat Trans- , . , , . . . 

fer What is needed is a single equation giving 

the rate of heat transfer in terms of the air to 
air temperature difference, U — t 0 , and an “ overall ” coefficient of heat 
transfer, U\ Assuming the existence of such an equation, it is then 
possible to write 


V\u - Q 

(6-6) 

u'(ti - to) = ci(u - h) 

(6-6 a) 

U'(u - to) = C'(< 2 - h) 

(6-66) 

U'(u - to) = cUh - to) 

(6*6c) 


Solving each of these three equations for the unknown temperature differ¬ 
ence in the right-hand side and adding the resultant set of three equations 
gives 

U' ( ti — t 0 ) ^7 + ^7 + = 0* — £ 2 ) + 02 — *l) + 01 — to) = ti — to 

or, 

U '" T7T71 = R'i + K + R'o " Rt (6 ' 7) 

rtf * rtf ' rtf 
w Kj 0 

where R[ is the total resistance of the system * 1 /U\ 

By analogy with equation 6*7, the value of U' for a plane wall made up 
of any number of sections can be written directly, one resistance term 
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being included fo£ each homogeneous wall section and one for each film 
coefficient. Equations 6*6 and 6*7 therefore establish a general solution of 
any steady state heat transfer problem in which the heat flow is by com¬ 
bined conduction and convection. The equations are valid for any shape 
of wall and require only a knowledge of the film coefficients, the thermal 
conductivities, length of path through each solid section, mean area of 
each wall section, and area of each film. The most common type of prob¬ 
lem encountered in the fields of refrigeration and air conditioning is that 
of unidirectional flow through a plane wall; in this case the mean wall 
area is the same as the area of each film and the equations can be simpli¬ 
fied by factoring out the area and using unprimed values of U, R, and C 
to indicate the overall-coefficient, resistance, and conductance, respec¬ 
tively, based on unit area. Thus, 

q = UA{ti — t 0 ) (6*8a) 


where 


U = 


! + * + ! 

hi k h 0 



1 _ 

Ri + R w + R 0 Rt 


( 6 * 86 ) 


where Rt is the total resistance, per unit area, of the system « 1/77. 
There are two types of wall construction for which equation 6-86 does not 
seem directly applicable. The first is that represented by non-homogen- 
eous constructions such as hollow tile or mixed rock. The actual heat 
flow through sections of this type is not unidirectional and cannot be 
rationally expressed except in certain special cases and then at the cost 
of a very complex equation. For practical purposes, such walls can be 
treated as equivalent to homogeneous sections for which the conductance 
has been determined; reference to standard textbooks or handbooks will 
give values of the equivalent C for most of the types of non-homogeneous 
construction which are used in practice. 

The second type of special construction is that represented by air spaces 
located between homogeneous wall sections. If the space is of sufficient 
width to insure the presence of a turbulent core, the heat transfer across it 
will be» the same as that across two air films in series and the conductance 

of the space, C,, will be equal to ——- ■ *-- ■ - where C»* and C 0 are the film 

(l/w ~r 1 /Co) 

coefficients on either side of the space and may, or may not, be equal; more 
simply, R$ = Ri + R 0 - Usually, space width is not great enough to insure 
a turbulent core, and conditions in the space are such that the total resist¬ 
ance is less than the sum of the two film resistances. The conductance of 
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such spaces cannot be calculated but must be taken from available data 
determined experimentally. As the space becomes narrower, the inter¬ 
action effects become greater and the conductance increases. Further, as 

the temperature difference across the 
space increases, circulation is set up, 
which again increases the conductance. 
The variation of C a with respect to width 
and temperature is shown graphically in 
Fig. 6-3. 

6-4. Radiation. Evaluation of the heat 
flow to or from a surface depends not only 
on the transfer by conduction and con¬ 
vection through the air film, but also on 
the energy interchange by radiation be¬ 
tween the wall surface and its surround¬ 
ings. The fundamental equation for 
radiant exchange between surfaces sepa¬ 
rated by a non-absorbing medium is the 
Stefan-Boltzmann law, 

<M) 

where A = the area of one of the bodies between which radiant energy 
is flowing. 

Foe — a term dependent on the relative geometrical position of one 
body with respect to the other and the emissivity charac¬ 
teristics of the two surfaces. 

Th and T c — the temperatures in °F absolute of the hot and cold surfaces. 
q ~ the net rate of heat transfer in Btu per hour. 

To assist in computations, the term F ae is replaced by the product F a X F e 
where F a is expressed in terms of the geometry of the system and F e in 
terms of the surface emissivities only; these two new terms are mutually 
dependent and each has numerical values ranging from 0 to 1.0. Detailed 
tabulations of F a and F e are available in texts on heat transmission; 
typical values of emissivity, important in air conditioning and refrigera¬ 
tion, are listed in Table 6-2. For a small body enclosed by a large body, 
the most important single case, F a ** 1. 

Equation 6*9 is not in a form readily adapted for use with the combined 
conduction-convection equation. To permit solution of the entire wall 
transfer problem by means of one equation it is desirable to establish a 
radiant transfer coefficient which can be used in combination with the 
film coefficient for convection. Such a coefficient could be added to h for 



Fig. 6*3. (From tabular data in 
ASHVE Guide , p. 92, 1944.) 
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TABLE 6*2 


Emissivities op Typical Materials* 
Highly polished copper plate 0.02-0.03 


Highly polished iron plate 0.05-0.06 

Aluminum surfaced roofing 0.2 

Aluminum paint 0.3-0.5 

Clean smooth sheet iron 0.55-0.65 

Sheet steel with oxide layer 0.80 

White enamel fused on iron 0.90 

Red brick, rough 0.93 

Smooth glass 0.94 

Oil paints, all colors 0.92-0.96 

Water 0.95-0.96 

Lampblack 0.96-0.98 


* In temperature range from 30° to 110°F; various sources. 


the air film to give a single combined surface transfer coefficient h f such 
that 

q = h'A(ti - t 2 ) = (hf + h r )A(U - t 2 ) (6-10) 


where hf and h r are the film coefficient by convection and the equivalent 
surface coefficient for radiant exchange with the surroundings. From 
equations 6*9 and 6*10, h r can be evaluated in terms of t i} t 2 and the uniform 
temperatures t 8lf t„ 2) t 8v etc., of different sections of the surroundings by the 
equation, 


A, - 0.173^*,/, [(^)‘ - (^)‘] + V ,[(g)‘ - (^)‘] 

[o- I73r - F -[© , -(S) , ]| 


= L 

n»l 


<»„ h 


■ ( U, ~ h \ 

\ti-t 2 ) 


where F^ and F, H are evaluated with respect to A 2 . Then, 


whore 




o - i73F - y 4(S5y-(^)‘] 


( 6 - 11 ) 


( 6 - 12 ) 


The coefficient h' r is based on the surface to surface temperature difference 
and satisfies the equation, 


q r — h{A 2 {t, — ( 2 ) 


(6-13) 
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Figure 64 gives a graphical solution of equation 6-12. Enter the graph 
at the hot surface temperature t 8 , rise to intersection with the cold surface 
temperature 1 2 , move horizontally to intersection with the curve corre¬ 
sponding to the shape factor F a , of the hot surface with respect to the cold 
(based on the cold surface area), then move vertically to intersection with 
the proper F e curve, then move horizontally to the left to read the nu¬ 
merical value of K . Similarly, determine a value of h' r for each uniform 
temperature section of the enclosure. 

A serious difficulty arises, however, in calculating h r from equation 6-11. 
The values of h ' T , determined from the graph, are based on known or 
assumed temperatures of the wall surfaces, and since these temperatures 
usually are not known until a heat balance has been established the assump¬ 
tions may be in considerable error. Fortunately, small inaccuracy in t 9 
does not seriously affect h' so the values determined from Fig. 64 can be 
used with accuracy well within the limit of other heat transfer data even 
though hi is obtained on the basis of an assumed t 8 which may be in error 
by a few degrees. In calculating h r , however, the correction applied to h' 
is a ratio of assumed temperature differences and has a direct and important 
effect on the value of h r \ in equation 6-11 the fractional error in h r will be 
directly proportional to the error in this ratio. Since the temperature 
differences are likely to be very small — a matter of but a few degrees — it 
is obvious that even a small error in the assumed value of t 8 or t 2 may 
seriously affect the accuracy of the term h r . 

The only satisfactory way to obtain an accurate heat balance by the 
above method is to assume values of t 2 , t Bl , <« 2 , etc., determine the corre¬ 
sponding h ri then use this term in the heat balance equations to investigate 
the accuracy of the assumptions; if the results do not agree, revise assump¬ 
tions and repeat the process until agreement is reached. 

Many problems lend themselves to a simplification which eliminates the 
cut-and-try process outlined above and thereby reduces the amount of 
work necessary to obtain a solution. In the average room, with exposure 
on only one or two sides, most of the surfaces surrounding and exchanging 
radiation with the exterior wall are inside partitions or floor or ceiling sur¬ 
faces which are at an equilibrium temperature very close to that of the air 
in the room. If it can be considered that all such surfaces are at a uniform 
temperature equal to that of the room air, the series of equation 6*11 
reduces to a single term in which F a is equal to unity (provided A 2 lies in 
one plane), the ratio of temperature differences is also unity, and the value 
of hi determined from Fig. 64 is therefore equal to the desired coefficient h r . 
Except in special problems, such as those which occur in panel heating or 
in convection heated rooms where there is an unusually large area of glass, 
the assumption’ that U = t 8u and hence that hr * hi is usually accurate 
within the limits required for engineering calculations. 

Based on the above, or other similar conditions, empirical relationships 




ttion of Equivalent Radiation Coefficient. 
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have been developed for directly calculating the combined transfer coeffi¬ 
cient k\ For air conditioning calculations the most widely used empirical 
relationships of this type are those obtained by Houghten and McDermott 
and published by the ASHVE: 

h f = 1.4 + 0.287'for very smooth surfaces such as glass. (6*14a) 
h f = 1.6 + 0.3F' for smooth surfaces such as planed 

wood and plaster. (6*146) 

h* = 2.0 + 0.4F' for moderately rough surfaces such as 

finished concrete and smooth brick. (6* 14c) 

h' = 2.1 + 0.5F' for rough surfaces such as stucco and 

rough brick. (6*14d) 

where V* = the wind velocity over the surface, expressed in 
miles per hour. 


6*6. Surface and Interface Temperatures. The need for an overall 
coefficient of heat transfer, U f , arose from lack of data or adequate prac¬ 
tical means of determining the value of wall surface temperatures. 
Knowing U however, it is now possible to return to equation 6-6a, rewrite 
it in terms of resistances and solve for the unknown inside wall surface 
temperature t 2} 


or 


U _ 

Rt 



Rt 

Rt 


(6*15) 


which states that the ratio of temperature drop across the inside film is to 
the total air-to-air temperature difference as the resistance of the inside 
film is to the total air-to-air resistance. Solving for t 2y 

R' 

t 2 = ti jp (t% — t 0 ) 

and, by analogy, the equation for the temperature at any point x in the 
wall is 

t x - U - §7 (i U - to) = u- R’jJ'iU - to) (8-16) 

where R f x is the resistance from the inside air to the point in question. 
Equation 6*16 is applicable to a wall or body of any shape or curvature. 

A graphical method of determining surface or interface temperatures is 
shown in Fig. 6*5. An insulated pipe is subject to a flow of heat from the 
surrounding atmosphere through an outside air film, through the insulation 
(wall section a), the pipe wall (section 6), and the inside fluid film to the 
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main body of fluid passing through the pipe at temperature U. A longi¬ 
tudinal cross section of the pipe and insulation is drawn to scale (left side 
of Fig. 6*5), then an arbitrary scale of temperature is set up on a vertical 
line, SS , to the right of this cross section. Moving to the right from SS a 
distance 1 /hoA 0 gives the equivalent thickness in feet of an air film of unit 
conductance and establishes line 2-2, which represents the outside surface 
of the insulation. Continuing to the right a distance L a /k a A ma sets up a 
section equivalent to the actual insulation, but of unit conductance, and 
serves also to establish the location of the interface, line 3-3, between the 
insulation and the pipe wall. In the same way the width of an equivalent 
pipe wall of unit conductance, L b /k b A mb , is laid off, establishing line 4-4; 
to the right of this is set off the equivalent inside film of width 1 jh^Ai. 



The resultant equivalent wall of width SS' (including both surface 
films) is of unit resistance throughout and must therefore have a straight 
and continuous temperature gradient. From the temperature scale estab¬ 
lish the point t 0 on line SS and U on S'S', where t 0 and U are the fluid tem¬ 
peratures outside and inside, respectively, of the pipe. A straight line 
connecting these two points is the temperature gradient through the 
equivalent wall. From the intersection of this line with surfaces 2-2 and 
4-4 and with the interface 3-3, the temperatures on these lines can be 
readily determined by direct reading from the temperature scale. The 
points can then be transposed back to the cross section to permit inter¬ 
pretation of the steepness of the temperature gradient through the differ¬ 
ent wall sections* However, the true gradient through the scale drawing 
of the pipe cannot yet be drawn since the area is variable and this gradi¬ 
ent, between surfaces or interfaces, is therefore curved; thus the point y 
located midway between lines 2-2 and 3-3 of the equivalent wall does not 
correspond to a point midway through the insulation, but rather to that 
point in the insulation at which the resistance is one-half of the total value 
for the insulating layer. By breaking down the insulation into sections 
each having a separate value of A m , as many points on the temperature 
gradient can be found as may be desired; usually, however, a determine- 
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tion of surface and interface temperatures will alone provide all informa¬ 
tion needed in the solution of practical problems. 

For plane walls the difficulty of variable resistance does not occur (ex¬ 
cept when the thermal conductivity varies appreciably with temperature), 
and immediate determination of the temperature at any point in the wall 
is therefore directly possible by the graphical method. Surface and inter¬ 
face temperatures are fixed as on the scale drawing in Fig. 6-5, but it is 
now possible to connect such points by means of straight lines, thereby 
fixing the true gradient and permitting the determination of any desired 
point temperature by direct transposition of the gradient intersection to 
the temperature scale. If the temperature at but one point in a wall is 
required, calculation by equation 6-16 usually gives the most rapid and 
direct solution, but if the complete temperature gradient across a wall 
consisting of more than one homogeneous section is needed, the graphical 
method is more direct and less time consuming, 

PROBLEMS 

1. A wall having a surface of 450 sq ft transmits 11,000 Btu/hr by conduction. The 
inside surface is smooth and the outside very rough. Wind velocity is 20 mph with 
still air on the inside. The conductivity of the homogeneous material of which the 
wall is made is 7 Btu/(hr) (sq ft) (°F/in.). What is the wall thickness in feet if 
inside and outside air temperatures are 73° and 32°F? 

2. A wall of construction identical with the above passes 27,000 Btu/hr and is in. 
thick. What is the approximate wind velocity? (Temperatures as in problem 1.) 

3. The air velocity on one side of a Vio-in. smooth copper sheet is equivalent to a 
15-mph wind while still air conditions exist on the other side. The conductivity of 
copper is 222 Btu/hr (sq ft) (°F/ft). If the copper is replaced with a sheet of metal 
for which the conductivity is only 10 per cent that of copper, what per cent reduction 
in heat transfer will occur? 

4. A cold storage room measures 10 ft by 8 ft by 7 ft high. It is surrounded on 
three sides and on top and bottom by enclosures in which the temperature is 85 °F. 
The temperature in a quick-freezing room adjoining one 10-ft side of the storage 
room is — 10°F. If the resistance through the freezer room wall is one-fifth of that 
through other walls, floors, and ceilings, what will be the temperature in the cold 
storage chamber? 

5. A fluid is passing through a pipe having an inside diameter of 2 in. The velocity 
is 4.5 fps, the density, specific heat, viscosity, and thermal conductivity of the fluid 
(at main body temperature) are, respectively, 60 lb/cu ft, 0.65 Btu/(lb) (°F), 2.0 
centipoises [viscosity in centipoises x 0.000672 = viscosity in lb/(sec) (ft)], and 0.08 
Btu/(hr) (sq ft) (°F/ft). If heat is being added to the fluid, through the pipe wall, 
calculate the thermal resistance of the inside fluid film. 

6. A refrigerant line having an inside diameter of 0.5 in. is insulated with 85 per 
cent magnesia (density 13.5 Ib/cu ft) to an outside diameter of 3 in. At a particular 
cross section the refrigerant is at —20°F and room air is at 70°F. Taking the inside 
and outside film coefficients as 20 and 2 Btu/(hr) (sq ft) (°F) and neglecting the 
thermal resistance of the thin walled tubing: (a) Calculate the rate of heat gain (at 
that cross section) in Btu/hr. (b) Determine the temperature at the mid-point and 
on the outside surface of the insulation. 
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7. Solve ( b) of problem 6 by the graphical method. 

8. A small blackened electric heating plate at 150°F is losing energy by radiation 
in a room where all interior surfaces are at a uniform temperature of 40°F. Deter¬ 
mine the equivalent radiation film coefficient and calculate the rate of net radiant 
energy loss. 
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CHAPTER VII 

PERIODIC HEAT TRANSFER 


7-1. Introduction. The general differential equation expressing the rate 
of change of temperature with respect to time at any point in any body is 


dt ^ d / k x dt\ d / k v aA 
dO dx\p x c x dx) dy\p y c v dy) dz\p z c g dz) 

where t is the temperature, $ the time, x, y, and z distances along axes cen¬ 
tered at the point in question, k x , k y , and k z the thermal conductivities 
expressed as functions of position and temperature, p X) p y , and p e the den¬ 
sities expressed as functions of position, c x , c v , and c z the specific heats at 
constant pressure expressed as functions of both position and temperature. 

If the body is of uniform material with properties which are the same 
in all directions and if variations with temperature of thermal conduc¬ 
tivity and specific heat are negligible, equation 7T reduces to the form 


dt _ [dH d 2 t d 2 zl . 

dB a _dx 2 dy 2 dz 2 J 


(7*2) 


where a f the thermal diffusivity, is equal to k /pc. 
flow, 

dt _ dH 
dd~*dx 2 


For unidirectional heat 
(7*3) 


which is the form of the unsteady state heat transfer equation finding 
greatest application in refrigeration and air conditioning. Analytical 
solutions of equation 7*3 are available in the literature for many common 
boundary conditions, but application of this equation to cases for which a 
type solution is not available frequently becomes complex. For the par¬ 
ticular type of transient and periodic problem of greatest interest in air 
conditioning, a simpler and more satisfactory solution is frequently ob¬ 
tained by resorting either to approximate methods based on the assump¬ 
tion that instantaneous departures from equilibrium conditions are not 
great, or to the more exact graphical method of finite differences. 

7*2. Method of Finite Differences. The method presented in this sec¬ 
tion is based on an equation developed by E. Schmidt* and extended by 
Nessi and Nisolle.f Consider a finite section of homogeneous wall, Ax of 

* E. Schmidt, Foppls Festschrift, p. 179, Springer, Berlin, 1924. 

f A* Nessi and L. Nisolle, Mithodes graphiques pour Vitude des installations de 
chaufiage et de refrigeration en regime discontinu, Dunod, Paris, 1929. 

m 



METHOD OP FINITE DIFFERENCES 


1X9 


Fig. T la, across which the temperature gradient at a particular time is 
given by the dashed line. At that time, the gradient at the left boundary 
is tangent to the dashed line and the gradient at the right boundary is 
likewise tangent to the true section temperature gradient. Draw these 
tangent lines, establish a pair of construction lines (Fig. 7*16) at distance 
p — KAx on either side of the mid-plane of the Ax section, and label the 
intersections a, b, and c as shown in the figure. Then extend ab to inter- 




Fig. 71. Method of Finite Differences 

sect the right construction line at point e and connect a and c with a 
straight line which intersects the mid-plane of the finite area at point d. 

The instantaneous rate of heat flow into the finite element from the left 
(considering it to be of unit depth) is 

g = (slope ab) = +kA — (7-4) 

A e Ax V 

and the corresponding rate of heat flow in from the right is 

q = = — IcA — = +kA (slope be) = +&A — (7*4a) 

A6 Ax * p 

The net heat gain by the element during the finite time interval A 8 is 

equal to the sum of the heat entering from left and right, but can also be 

expressed in terms of the change in mean temperature, At, which must 
occur during the same time interval, 

AQi + AQt = kA (AB) + ~^) = pc(At)(Ax)A (7*6) 

or ' 

b'e i b'c pc(At)(Ax) b'e + b'c _ ce _ .. 

p + p " hm v * P K ^ 

By similar triangles, bd « giving ce/p * 2 (M)/p, which on subeti- 
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tution into equation 7«5o [noting that p = K(Ax)] gives 

pc(At)(Ax) 2 (bd) 

k(AO) - K(Ax) 


or 





K = At 


‘ 1 K(Ax) 2 ! 

2a (Ad) J 


Now if a relationship is established among Ax, Ad, and K such that 

J_ K(Ax ) 2 _ 

2 a * (A0) 


(7-6) 


then the mean temperature change of the element during the time interval 
AO would be represented by the distance bd. Knowing the temperature 
gradient abc at a particular time, the temperature at the mid-plane of the 
element AO hours later would be directly determined by drawing line ac 
and noting the intersection at point d on the mid-plane; d would give the 
mid-plane temperature at the end of the AO interval. 

In the relationship of equation 7-6, the element of wall width, Ax, must v 
have a numerical value such that it will be equally divisible into the actual 
width of wall. The time interval, AO, should have a numerical value that 
will be equally divisible into the period for which the analysis is to be con¬ 
ducted ; this latter condition is essential when the problem is one involving 
periodic variation. When both the width and time intervals are arbitrarily 
selected, the necessary value of K must be determined by solution of equa¬ 
tion 7-6. Experience shows, however, that accurate results cannot be 
expected if K is very much greater than unity since this requires extrapo¬ 
lation of the temperature gradient beyond the boundaries of the finite 
secton. For any particular problem there is an optimum value of K, 
usually between % and 1, for which the greatest accuracy will be realized, 
but this value cannot be determined except by trial and error, and the 
process is usually too time consuming to be justified. The error involved 
in using a value of K other than the optimum (providing it is within the 
range ^4 < K < 1) is usually negligible. 

An alternative method of realizing any required degree of accuracy and, 
at the same time simplifying the graphical work, is arbitrarily to fix 
K *■ 1, select a value of Ax sufficiently small so that change in rate of 
change of temperature gradient across the section will not be great, and 
calculate the required value of AO needed to satisfy equation 7*6. This 
has the enormous advantage of eliminating all the construction lines on 
either side of the finite section center lines, since p is now equal to Ax (see 
Fig. 7*2). The temperature at the mid-plane of a finite section, AO hours 
after a known temperature gradient abc, is fixed by drawing a straight 
line connecting the intersections of the original temperature gradient at 
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the mid-planes of sections to the left and right of the one for which the 
temperature is to be determined; the desired temperature is given at the 
intersection of this straight line with the dashed mid-plane line of the 
section being investigated. Thus a solution is obtained in terms only of 
the finite section center lines and the temperature gradient at the start of 
the time interval AO. 

Before setting up a procedure for applying this method to actual prob¬ 
lems, it is necessary to provide some means of treating the surface films 
so that there will not be a discontinuity in the graphical construction at 
the wall boundaries. If the film transferred heat entirely by conduction 
and had a thermal conductivity equal to that of the adjacent wall there 
would be no discontinuity in the temperature gradient at the wall surface. 
Such a condition can be readily obtained by establishing an imaginary 
film having the same conductance as the 
actual film, but having a thermal conduc¬ 
tivity equal to that of the wall; the thick¬ 
ness of the equivalent film is then L^k/h. 

By establishing a film of this type on each 
side of the wall, the entire system can be 
set up as an equivalent homogeneous wall. 

The equivalent film thickness is a function 
of the actual film coefficient, which may 
vary with respect to time; in that event, Fig - 7 ' 2 - Construction for K - 1. 
the equivalent thickness would likewise vary, but the continuity of 
gradient at the wall surface would still be realized at all times. 

7-3. Periodic Variation. The method of carrying out a graphical anal¬ 
ysis of the temperature gradient for a structure subject to periodic daily 
variation of inside and outside air temperatures will be established for 
the general case. The data from such a solution can be used to calculate 
the heating or cooling load in the conditioned space at any hour of the 
day and to determine the time lag between the incidence of extreme con¬ 
ditions exterior to the structure and the subsequent appearance, within 
the structure, of the actual load. In many problems involving variable 
inside temperature (as intermittent heating of buildings) the time-tem¬ 
perature curve may not be available, but later sections will develop 
methods whereby this curve can be approximated and the accuracy of 
the approximation checked. The graphical method will be outlined for 
two cases: first, that of a single-section, homogeneous wall with K taken 
as unity; second, a composite wall made up of a number of homogeneous 
sections for each of which K will have a different value. 

Cassj I, Periodic Flow through a Homogeneous Wall. 

Consider a homogeneous wall with inside air at fixed temperature U, 
and outside air varying periodically over a known diurnal time-tempera- 




122 


PERIODIC HEAT TRANSFER 


ture curve. The inside film coefficient h { will be considered constant, 
while the outside coefficient k 0 varies as a function of periodic diurnal 
changes in the wind velocity. The graphical construction leading to a 
complete solution for the temperature-time relationship at all points in 
this wall is given in Fig. 7*Sabcde , each part of which will be explained. 

Figure 7*3 a. Draw a vertical line S 0 S f 0 ' and on it, starting at some point, 
as So, establish a 24-hr linear scale of time, S' 0 'S' 0i beginning at the hour for 
which maximum outside temperature occurs (the solution does not require 
that the scale begin and end at the time of maximum temperature, but this 
is a convenient starting point and assists in estimating the first approxima¬ 
tion to the temperature gradient). Normal to S f 0 So' and through S' 0 draw 
a line BS f 0 ; starting with zero at S' 0 lay off, to the left along this line, a 
linear scale covering the range of values of k w /h 0 which exist throughout 
the 24-hr period. At any point such as B far to the left on BS f 0) draw a 
vertical BB\ and with point B as any convenient value less than the mini¬ 
mum outside air temperature, establish a linear temperature scale along 
this line. From B y along BS' 0 establish a linear time scale similar to S' 0 'S' 0 . 

From weather bureau records, direct observation, or other source, obtain 
data on the outside air temperature as a function of time and plot the time- 
temperature curve as shown in the figure. A vertical line from any point 
on the horizontal time scale to intersection with the curve, then transferred 
horizontally to the left, fixes the outside air temperature for that particular 
time. Since the time-temperature curve is periodic, each temperature 
between the maximum and minimum must be realized at least twice during 
the 24 hours so any horizontal line gives the temperature at two particular 
times during the day. 

From the weather bureau, or other sources, data is obtained on the varia¬ 
tion of wind velocity with time. The value of the film coefficient at a given 
time can then be calculated, and the curve plotted for k w /h 0 as a function 
of time. Any line from the vertical time scale to intersection with this 
curve, then transferred vertically upward, represents the value of k w /ho 
for that particular hour of the day. For a given time, the intersection of 
the proper temperature and k w /h 0 lines (as x and y) establishes the posi¬ 
tion of a reference point (p). Reference points are established at intervals 
of A0 hours throughout the day; each such point fixes the outside air 
temperature and the equivalent outside film thickness at a particular time. 

Figure 7*36. Allow the line S 0 S f 0 to represent the outside surface of the 
wall and establish the requisite reference points with respect to S 0 S f 0 by 
the method of Fig. 7*3 a. Then move to the right from S o S f 0 a distance 
equal to the wall width in feet and measured to the same scale as that used 
for k w /h 0 (the units of which are also feet). Tips establishes the position 
of the inside surface of the wall For the example illustrated neither 
U nqr hi vary with time so a single inside reference point RPi will suffice; 
this can be fixed by moving to the right from the inside wall surface a die* 

. V 
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(d) 



(e) 

PtS. 7-3. Graphical Construction for Homogeneous WaU. 
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tance k w /hi and locating on this vertical the point RP if corresponding to 
the inside air temperature t x . If either U or hi varied with time additional 
inside reference points would be established by the method of Fig. 7 »3a. 

Figure 7*3c. The sections Ax, of width satisfying equation 7*6 for the 
assumed condition of K — 1 and for AO having the value selected in estab¬ 
lishing the reference points, are now marked off on the wall. Note that 
care must be exercised to assure Ax having a value that is equally divisi¬ 
ble into the actual wall width; before fixing reference points, the investi¬ 
gation of this condition should be made to verify the possibility of using 
the desired value of AO. 

In many cases the A# corresponding to a desired AO is too large (in com¬ 
parison with the total wall width) to permit an accurate solution whereas 
in other cases (notably diurnal periodicity) selection of a small Ax may 
give a AO so small that an impractical number of steps would have to be 
followed in completing the 24-hr cycle. This basic inflexibility of the 
Ax,AO relationship is the most serious fault of the graphical method. 
Whenever accuracy requires a Ax less than that corresponding to a time 
interval of % hr, the graphical method will require so many steps that it 
will be cumbersome in construction. Fortunately, this difficulty does not 
often exist in structures having a thermal capacity great enough to require 
analysis of diurnal periodic variation. 

Dashed center lines are now drawn through each Ax section and similar 
lines are established a distance Ax/2 out from each wall surface. If the 
temperature gradient through the wall at any particular time is known, 
this gradient is established on Fig. 7*3 c ; if no such gradient is known, one 
is estimated or assumed for an arbitrarily selected starting time. The 
need for an assumed initial gradient does not introduce any error into the 
final result, for regardless of how poor the estimate may be, a correct 
result, accurate to within the limits of the chosen Ax , is unavoidable pro¬ 
vided that directions for the graphical construction are carefully followed. 
Even if the estimator were so lacking in judgment as to assume that heat 
flow occurs from low to high temperature the construction would auto¬ 
matically lead to a correct solution; skill in estimating the initial gradient 
is repaid, however, with a more rapid solution. 

Having fixed an initial temperature gradient, its intersections with 
center lines of the Ax sections are marked (b, c, d of Fig. 7*3c) and straight 
lines are drawn from w 0 to the outside reference point for the time of the 
initial gradient and from w>< to the inside reference point; these lines inter¬ 
sect the film construction lines at points a and e , giving as the initial gradi¬ 
ent through the system of wall and two equivalent films the line abode . 
If abode were the true gradient at the initial time, the first step in the con¬ 
struction would give the correct gradient AO hours later, and subsequent 
steps would give the correct gradients at the initial time plus multiples of 
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A0; continuing in this way the constructed temperature gradient after 
24 hr would superimpose on the known gradient with which the construc¬ 
tion had started. 

Since the initial gradient is usually assumed and therefore not correct, 
subsequent gradients determined in the process of analysis will likewise 
be in error and at the end of the 24-hr period the indicated gradient will 
differ from the one which was originally assumed. It can be shown that 
the new gradient is a better approximation to the true value than was the 
assumed one. The procedure is then to repeat the periodic analysis, 
using as an initial gradient the result obtained from the first construction. 
The result for the second 24-hr analysis will be a third approximation, 
and this can be used as the starting point for a third repetition of the con¬ 
struction. In this way the analysis proceeds until close superposition of 
the initial and final gradients indicates that a solution has been realized. 
In most practical problems, a reasonably good estimate of the general 
location and curvature of the initial temperature gradient will permit 
realizing an accurate solution in not more than three cycles and frequently 
in two. The process of correcting the initial assumption can be acceler¬ 
ated somewhat by carefully scrutinizing the difference in shape and posi¬ 
tion of the assumed gradient and the first constructed approximation; 
from the direction and magnitude of the changes, it is often possible to 
anticipate the need for further correction and to estimate such corrections 
When drawing the initial gradient at the start of the second cycle. 

Figure 7*3 d. The only parts of Fig. 7-3c which are used in the actual 
construction are the section center lines, the two dashed lines located be¬ 
yond the wall surfaces, the inside and outside reference points, and the 
assumed initial temperature gradient. This material is shown in Fig. 
7*3 d with the accompanying construction lines for determination of the 
gradient at time interval A 9 after the start. To determine the new tem¬ 
perature gradient, connect points a and c to establish 6', connect b and d 
to establish c', c and e for d'. Then connect b r with the outside reference 
point corresponding to a time 1A0 after that at the start, thereby fixing 
a'; similarly connect d f with the inside reference point to fix e *. The line 
a'b'c'd'e' then represents the temperature gradient 1A0 hours after the 
time for which abode was drawn. 

Figure 7*3e. The gradient a'b'c'dV is used for establishing the gradient 
2A $ hours after the starting time. Connecting alternately primed points 
gives the new double primed points b"c"d". A line connecting 6" with 
the outside reference point for 2A0 plus the initial starting time fixes a" 
and a similar construction determines e". The new gradient is then 
af'b"(f'd"e", The same construction is repeated for subsequent intervals 
until at the end of 24 hours a gradient is available for comparison with 
the one originally assumed; if agreement is close, a solution has been 
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obtained; if not, the cycle is repeated starting with the gradient deter¬ 
mined from the first cycle. 

Figure 7*4 gives the results of a graphical analysis for a typical prob¬ 
lem. Construction lines used in passing from one gradient to another are 
not shown in this figure, on which appear only the 49 temperature gradi¬ 
ents (since A $ was taken as % hr), resulting from the last cycle of the 
analysis. From such a solution it is immediately possible to read the 
temperature at any point in the wall for any time. 

Since the graphical analysis is based on relative rather than absolute 
values, one solution is valid for an infinite number of cases. The par¬ 
ticular problem of Fig. 7*4, for example, was for a wall subjected to 
sinusoidal outside temperature variation between 30°F and 70°F when 
the inside air temperature remained fixed at 70°F and the maximum out¬ 
side temperature occurred at 2 p.m. Consider the following extensions of 
this one solution: 

1. If the time of the maximum temperature were to change, other con¬ 
ditions remaining the same, the solution would remain valid and the only 
needed change in the figure would be to displace the time scale and note 
that the numbers on the temperature gradients are for the number of 
Ad time intervals which have passed since the time of the maximum out¬ 
side temperature. 

2. If other conditions remain#the same, but the range of outside tem¬ 
perature increases or decreases (with fixed maximum of 70°F), the solu¬ 
tion is valid subject only to numerical adjustment of the temperature 
scale. If any change occurs in the maximum temperature the solution 
still holds provided the inside temperature remains constant at a value 
equal to the maximum outside temperature. 

3. For summer conditions the same solution applies, subject to the 
single limitation that the inside air temperature must be constant at a 
value equal to the minimum outside temperature and the outside tem¬ 
perature variation must follow the same shape temperature-time curve as 
that which applied for winter. 

4. The solution is likewise valid for any wall of the same width, what¬ 
ever its material or physical properties, provided its thermal diffusivity 
(k/pc) has the same value as for the wall of Fig. 7*4 and the equivalent 
film widths, k/Jh and k/h 0 , are the same. 

Figure 7*5 groups the temperature-time curves of the outside air, the 
inside air, and the inside wall surface; the.latter curve is plotted from 
data read directly from Fig. 7*4. Similar curves could readily be estab¬ 
lished for the temperature-time variation at any selected planes in the 
wall. From Fig. 7*5 it is evident that the periodic temperature variation 
becomes less, and the time at which the maximum temperature occurs 
comes later, as the inside surface is approached. This time lag between 




tfta, 74, (Upper left). Graphical Solution of Homogeneous Wall Problem, 
Fxa. 7*5. (Lower right)* Time-temperature Curve. 


(Tlgmi 74 and 7*« are from “Otapbioal AnaJyeUof Periodic Loads, 1 ” by Rabcr aad Hutehiasoiuin Beat- 
hg, f h he* and Air GmMtto*he, April, 2942) 
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incidence of extreme conditions outside and appearance of the maximum 
inside surface temperature is of great practical importance because it 
permits determination of the load-time curve for the structure. Assum¬ 
ing constancy of the inside film coefficient, the rate of heat transfer from 
room air to the wall is directly proportional to the air-to-wall surface 
temperature difference; thus the vertical distance between the curves for 
inside air and inside wall surface temperature (Fig. 7*5) is directly pro¬ 
portional to load. Since the inside air temperature does not vary, a load 
scale can be established beside the temperature scale; zero load occurs at 
70°F on the winter temperature scale and maximum load at the point on 
the scale corresponding to the minimum inside wall surface temperature. 

The graphical analysis, as carried out above, will include the effect of 
solar radiation, provided the film coefficient used is h' } the combined coeffi¬ 
cient based on (£< - t 2 )- From handbook data on the amount of solar 
radiation absorbed by the surface in question, h r and hence h r can be 
determined as a function of time. The method loses its validity, how¬ 
ever, when the solar absorption reaches a value such that the wall sur¬ 
face temperature exceeds that of the outside air; in such cases it is sim¬ 
plest to resort to analytical or empirical methods of solution. 



Fig. 7*6o6. Graphical Construction for Composite Wall. 

Figure 7*6 ia from “Analyma of Periodic Loads in Compoeite Walls,” by Raber and Hutchinson, Boat¬ 
ing, Piping, and Air Conditioning, June, 1942. 

Case II. Periodic Flow through a Composite Wall . 

Application of the graphical analysis to a non-homogeneous wall re¬ 
quires slight modification of the fundamental equation and some increase 
in the work of construction. To avoid abrupt changes in the slope of 
the temperature gradient at interfaces between sections of different mate¬ 
rial the artifice is adopted of setting up an equivalent wall having uni¬ 
form conductivity throughout. This necessitates modification of the 
equation 7*6 relating Ax and A0, 

2a 
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(g) DUPLICATE EXAMPLE USING GRADIENT AT TIME *Q+.S FROM (f)~* 
Fig. 7-6 cdefg. Graphical Construction for Composite Wall. 
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The total equivalent width of each homogeneous section of the composite 
wall will be Kw a /k a where k e is the uniform conductivity of the fictitious 
wall, k a the true conductivity of section a which has width w a . The term k e 
can be selected arbitrarily and may therefore be taken as unity. Then the 
equivalent total width of section a becomes w a /k a) and the equivalent width 
Ax' of the finite element Ax of section a is 

Ax' = or Ax - k a Ax' (7*7) 

ka 

Substituting in equation 7-6 for k and for Ax, 

A9 " = hpck a K(Ax') 2 (7-8) 

pc 

Equation 7-8 must be satisfied for graphical analysis of composite walls. 

The procedure for solution of a composite wall problem will be illustrated 
by setting up the construction for a typical case. Consider the wall of 
Fig. 7-6a made up of an inside layer of 3^-in. plaster on %-in. plaster board, 
followed by 3% in. of rock wool and 1%-in. pine. 

For this problem both the inside and outside film coefficients are taken 
as constant with respect to time, and the inside temperature is also con¬ 
sidered to hold a fixed value. The outside temperature varies as shown in 
Fig. 7*66; by the usual method, inside and outside reference points are 
established with respect to the two wall surfaces. Figure 7*6c shows the 
set-up for the equivalent wall of unit conductivity. 

The next step in the procedure is to establish Ax' for each of the three 
materials and set up the corresponding construction lines. Starting with 
the plaster, select a value of Ax' which is equally divisible into the equiva¬ 
lent width of the plaster wall. Since this width is not great Ax' was taken, 
in the example, as equal to the section width, that is, only one Ax' was used 
for the plaster. The value of Ax' p is therefore 0.29 ft (Fig. 7*6d). A time 
interval of H hr was arbitrarily selected so the yalue of the constant K p 
for the plaster is calculated from equation 7-8 as, K p = (2 X 0.5)/(78 X 
0.20 X 0.25 X 0.29 2 ) ~ 3.05. As already discussed, values of K greater 
than unity are to be avoided as they require extrapolation of the tempera¬ 
ture gradient to such an extent that substantial loss of accuracy may result. 
In the present case, however, the difficulties attendant on a reduction in K 
are so great and the plaster such a small part of the entire wall structure 
that a change does not seem justified. Figure 7*6e shows the center line 
for the plaster section with construction lines established a distance 
KpAx p out on either aide. 

Similarly a value of Axt for the rode wool is chosen (in this case Ax' f was 
taken as one-half the equivalent section width) and J£ r is calimla^in^ 
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usual way, 
K r - 


_ 2X0.5 _ 

12.5 X 0.157 X 0.022 X 6.85 2 


0.52 


0.5 (approx) 


The center lines of each of the Ax' sections are shown in Fig. 7-6e with con¬ 
struction lines located a distance K r Ax' = 0.5 X 6.85 = 3.42 on either 
side. The wood is likewise split into two Ax' w sections of width 0.81 for 
which the calculated value of K w is (2 X 0.5)/(34.1 X 0.65 X 0.09 X 
0.81 2 ) = 0.773. Both center lines and all four construction lines for the 
wood are shown in Fig. 7-6c. 

The next step is to record the known or assumed temperature gradient 
at the time for which the construction is to be started. This is done in 
Fig. 7*6/ which also shows the construction leading to the temperature 
gradient Ad hours after the start of the analysis. The assumed gradient 
intersects the center lines at points a,6,c,d,c which give the mean tempera¬ 
ture of each Ax' section at the starting time. The same gradient also 
intersects the construction lines located to the right and left of each center 
line. A straight line connecting the latter intersections crosses the corre¬ 
sponding center line at a point which represents the temperature of this 
Ax' section one Ad time interval after the time of the original gradient. 

In the same way temperatures at the center of all Ax' sections are estab¬ 
lished. Connecting the resultant series of points a'b'c'd'e' and joining 
a * and e' with the respective reference points for time Ad gives the tem¬ 
perature gradient Ad hours after the start, provided the original gradient 
was correct. If, as is practically certain, the assumed initial gradient is 
in error, the constructed gradient is also in error, and the entire cyclic 
construction must be repeated a sufficient number of times — as explained 
in Case I — to obtain the correct initial gradient. Figure 7*6g shows the 
graphical procedure for fixing the gradient 2 Ad hours after the start; the 
construction duplicates that described for Fig. 7-6/ except that the start¬ 
ing line is the constructed gradient for Ad hours rather than the assumed 
initial gradient. In a similar manner the procedure is repeated as many 
times as may be required. 

For the particular problem of Fig. 7*6 the construction lines at the ex¬ 
treme right and left are located outside of the reference lines. This con¬ 
dition frequently occurs and calls merely for extrapolation of the gradients 
from points a and e through the proper reference points to intersection 
with the construction lines. 

The complete solution of the problem of Fig. 7*6 is presented in Fig. 
7*7a while Fig. 7*76 gives a comparison of temperature-time curves for 
the outside and inside air and wall surface temperatures. 

, 7*4 Gra phical Treatment of Air Spaces. The presence of an air space 
between sections of a homogeneous wall does not require that the wall be 
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treated as composite; if air spaces occur in a composite wall, the addi¬ 
tional complication is less than that represented by a section of solid 
material. The method of graphical solution for air spaces will be illus¬ 
trated for a particular case, but the procedure is the same for all types of 
walls. 


Example wmt*f 

temperotuf* ,» o moximum 

of 70 V of 2 PM., a mmmum 
of 30 *F ot 2 AM. mud* tem. 
pmoture >i consto«t of 70 F 
At 10 PM. what i» temperature of 
m»ide surface? 

SOLUTION IOPM..S (6 holf f*©u» 
interval* offer time of maximum io qradi. 
eol of ttvi time is giver* by lm* 16 16 
Intersection of 16-lo with pfonc A-A (inside 
surface) gives inside surface temperature 
•quo! to 69 7*F (from winter scote). 



^Inside^gr l.mpgrafaT- 


voriatiori of mpdf HffoC* femperolgr# 
imotely I F. 


TEMPERATURE gradcnts in a composite wvll subject to PERIODIC variation 
OF OUTSOE TEMPERATURE AND CONSTANT INSIDE TEMPERATURE 

Outside on- temperature assumed to decrease os o sm* function of time for 1 2 hours, then increase 
smufarly far 1 2 hours lns>de oir temperature assumed equol to maximum outside temperature (for 
winter conditions) or minimum outside temperature (for summer conditions) 

The solution given it valid for ony temperoture range subject to the limitations stated above. # 

Numbers represent ho*t hour intervals from time at which minimum temperature (in winter) or moximi 
temperature (m summer) occurs (Thus point 16 shows that assumed outside Oir temperature ( 
after maxMum outside temperature is equal to 40’F far winter conditions) 

Solid tine 16*16 represents assumed tempera fixe gradient 16 &6 oiler maximum outside temperature 
Oottcd tine 16*16 IS corresponding grjxfcent one cycle later Solution therefor* checks. 

Fig. 7,7. Graphical Solution of Composite Wall Problem. 

From "Analysis of Periodic Loads in Composite Walls,” by Baber and Hutchinson, Heating, Piping, 
and Air Conditioning , June, 1942. 
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Figure 7-8a is a scale drawing of two sections of homogeneous wall with 
included air space. The usual construction is used in setting up equiva¬ 
lent films on inside and outside surfaces (Fig. 7-86) and an equivalent 
air space, of conductivity equal to that of the wall, is established between 
wall sections. The assumed temperature gradient is then drawn in (Fig. 
7*8c), noting, however, that the air space has a thermal capacity so low 
that the gradient through it can be taken as a straight line. By the usual 
method of construction the temperature at the mid-point of each section 
of the wall is established (giving points V, o', d' and g\ h\ () . Since the 
gradient through the equivalent air space is a straight line and there is no 



PROBLEMS 


133 


change in gradient at the wall surface on either side, it follows that a 
straight line joining d' and g f will represent the temperature gradient be¬ 
tween these points and will determine points e' and /' (Fig. 7*8 d ). Repe¬ 
tition of the same procedure determines gradients at subsequent times. 

7-5. Graphical Solution for Non-plane Walls. The possibility of curva¬ 
ture being great enough and walls thick enough to necessitate a correction 
for non-plane surfaces is so remote that it need not be considered in con¬ 
nection with air conditioning problems. In refrigeration, however, this 
problem may be of importance in determination of the load represented 



Fig. 7-8. Graphical Construction for Wall with Included Air Space. 


by the cooling of insulation around refrigerant piping during the interval 
following start-up. A graphical solution for this case is available in the 
literature.* 


PROBLEMS 

L The results of applying the graphical method to the solution of a typical 
periodic heat flow problem are shown in Fig. 7*4. With data as given in the statement 
of the problem and with an assumed linear temperature difference from 70°F inside 
air to 80°F outside air (at 2 a.m. in winter) go through a complete graphical analysis 
and compare results with Fig. 7*4. 

*See reference 2 on page 184. 
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2. From the result of problem 1 (or by scaling from Fig. 7*4) plot the temperature¬ 
time curves for each of the five mid-planes. Draw a line connecting the minimum 
point of each of the five curves and discuss its shape. 

3. A structure having the same construction and film coefficients as the one of 
Fig. 7*4 is maintained at an inside air temperature of 80°F during a cooling season in 
which the outside air temperature varies from 120°F at 4 p.m. to 80°F at 4 a.m.; the 
outside temperature-time curve has the same shape as that of Fig. 7*4. From the 
solution as given, determine the temperature at mid-point of this wall at 6 p.m. and at 
10 A.M. 

4. Go through the detailed construction leading to the graphical solution of the 
heterogeneous periodic transfer problem as shown in Fig. 7*6. 

5. From Fig. 7*6 discuss the relative importance, as determining factors in the 
solution, of each of the homogeneous wall sections. 

6. Obtain a graphical solution for the wall (and the temperature conditions) of 
Fig. 7*4, but with the assumption that the wall is divided into two sections of equal 
thickness by an air space having a conductance of 2 Btu/ (hr) (sq ft) (°F). 
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CHAPTER VIII 
TRANSIENT HEAT FLOW 


For application to air conditioning problems the periodic and transient 
heat flow analyses are used for opposite purposes. The periodic analysis 
leads to a determination of the actual load as a function of time; fre¬ 
quently it makes possible a reduction in the size of the equipment over 
that which would be required if maximum load were assumed to have 
steady state value and to occur at the time of most extreme outside con¬ 
ditions. The transient analysis, on the contrary, is used to determine the 
necessary increase in capacity of the heating plant to bring the structure 
to the desired inside temperature in a reasonable heating-up time. The 
transient analysis also assists in relating the operating saving due to inter¬ 
mittent heating with the added fixed charges resulting from the larger 
heating plant. 

When the heating system in a particular structure is shut off, transmis¬ 
sion and ventilation losses lead to a reduction in inside air temperature at 
a rate dependent on the thermal capacity and the heat transfer character¬ 
istics of the structure and its contents. The cooling curve for the struc¬ 
ture depends on wall temperature gradients, but the gradients are in turn 
dependent on the shape of the cooling curve. Thus the problem of inter¬ 
mittent heating is one in which neither the cooling curve nor the wall 
gradients are at first known. 

A simple, but time-consuming method of trial-and-error solution is to 
assume a cooling curve and apply the graphical method (Chapter VII) 
to a determination of the temperature gradients corresponding to it. 
From the gradients so established, the load-time curve can be drawn and 
from this curve, together with knowledge of the heat stored in the furnish¬ 
ings and air within the room, a new cooling curve can be calculated. If 
the new curve differs from the one assumed, it can then be used as a second 
approximation, and the process can be continued until agreement is 
reached between the curve used as a basis for the gradient determination 
and the curve calculated from the gradients so determined. 

An approximate method, proposed by Holme, # is much more rapid than 
the construction described above. Even in cases where exact results are 
essential, it can be advantageously used to determine an approximate 
cooling curve which may then be taken as a starting assumption in the 
trial-and-error solution. The Holme method neglects departures of the 

♦H. mHm« W&nne” October 17,1931. 
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wall temperature gradient from a straight line and assumes that, at any 
time, conditions across the wall correspond to those of equilibrium. This 
assumption would be closely justified in a structure for which the thermal 
capacity of the furnishings was large in comparison with the capacity of 
the wall, but it would become increasingly inaccurate as the thermal 
capacity of the wall increased. Derivations of the heating and cooling 
curves, based on the straight line gradient assumption, are given in the 
following sections. 

8*1. Cooling Equation. Arbitrarily selecting 0°F as the temperature 
from which stored heat (actually internal energy) will be measured, the 
total heat stored within the furnishings, air, and inside partitions (as¬ 
sumed at inside air temperature) is 

Qt ~ ( V/pfCf + V a p a Ca + ViPxC%)ti (8*1) 

where V is the volume, p the density, c the specific heat, and the subscripts/, 
a, and i refer to furnishings, air, and inside partitions respectively. Since 
Qt is a linear function of U, the heat entering or leaving storage per °F 
change in U is independent of the absolute value of U, so we can write 

Qt - V/PfCf + VaPaCa + V iPfii (8‘ltt) 

where Qt is the total heat flowing to or from the inside wall surface for each 
1°F change in inside air temperature. 

As the inside air temperature changes, the gradient through the wall 
must become either steeper or flatter (based on straight line variation and 
continuous equilibrium) so the mean temperature of the wall and hence 
the heat stored within the wall must vary as a function of U. The tempera¬ 
ture at the mid-point of the wall is (equation 6*16) 

t m “ ti RnJJ (U t 0 ) 

which, for a plane wall, becomes 

tm = ti- RmU{ti - Q - U + R'mU(U “ O (8-2) 

where R^ is the resistance from mid-point to outside air. 

For each 1°F change in U, the mean wall temperature changes by R^U, 
and the heat which enters or leaves storage in the wall per 1°F change in 
U is then, 

Qw “ VwPwtwRwJJ “ PwCvjAw ^ 2 ) R*&U (8*3) 

where L is the wall thickness in inches. 

The total flow of heat to or from the outside surface of the wall Q f is 
equal to the sum of the quantities entering or leaving storage within the 
structure and its contents, 

Q' - Qt + O' 

where Qt and Q f w are from equations 8*la and 8*3. 


(84) 
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The rate of heat transfer through the wall will vary with the air-to-air 
temperature difference. During the interval in which the inside air 
temperature drops from U x to U 2 , the log mean air-to-air temperature 
difference is 


A t 


t 0 ) ^o) 


log, 


U x - to 

t% 2 t 0 


,(8-5) 


As the inside temperature changes from U x to the total quantity of heat 
which must leave storage is Q'{U X — U 2 ). The average rate of heat loss 
during this interval is q = q f At m where q f is the unit rate of loss, Btu/(hr) 
(°F). The number of hours required for cooling to is given by 


A a _ Q tj 2 ) 

AOc — f 

q a t m 

■ 7 los — 


A9, 


U 2 t Q 


(8-6) 


Equation 8*6 is the cooling equation and gives the number of hours, A9 C , 
required for the inside temperature to drop from U x to U 2 when the outside 
temperature is constant at t Q and the heat transfer and heat storage charac¬ 
teristics of the structure are as given by terms q f and Q'. 

8*2. Heating Equation. The rapidity with which a structure can be 
heated depends on the rate of energy input over that required to supply 
instantaneous equilibrium heat losses. Considering that the heating plant 
operates at full capacity throughout the heat-up period and letting R 
represent this capacity in Btu per hour, the energy available for raising the 
temperature level is at any time equal to (R — q) where q is the rate of heat 
loss from the structure for equilibrium conditions at that time. When 
heating starts from an inside temperature of t 0 , the initial transmission rate 
is zero and the entire output of the plant R goes to storage. At a later time 
when U has risen to U 2y the transmission loss is q\U 2 — t 0 ) and the rate of 
heat flow to storage has been reduced to R — q\ti 2 — t 0 ). The logarithmic 
mean rate of heat flow to storage for the time interval during which the 
inside temperature increases from t 0 to is 


^average to storage 


(g) -IR- q'iti* - Q] 

l0ge [r - q'di, - o] 


(8-7) 


and the number of hours needed to raise the inside temperature from t 9 to 


4,1 -fM*J 


(8-8) 
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Equation 8*8 is the heating equation (for t 0 constant) and permits direct 
calculation of the number of hours required to raise the inside temperature 
from an original value of t 0 . If heating does not start from U — t 0) equa¬ 
tion 8*8 cannot be used directly, but it can be used to determine the time of 
heating to the original U t from t Q and to the final U % from t 0 ; the difference 
between these two times is then the heating period required to go from U t 
to £< 2 * 

8*3. Analysis of Intermittent Heating/ The principal air conditioning 
application of the transient heat flow equations is in the design and in¬ 
vestigation of intermittently operated heating and cooling systems. In 



the order of their practical importance, as well as simplicity of applica¬ 
tion, the basic equations (8*6, 8*8) will be considered as starting points 
for graphical methods of analyzing intermittently operated systems. 

(a) Graphical Solution Using Heating and Cooling Equations. 
Both of these equations (8*6,8*8) are subject to direct graphical solution* 
Figure 8*1 presents such a solution for the cooling equation whereas Pig* 

+ The illustrative material in this section is based on, and the numerical example 
in section 8*4 is taken from, the following reference: Hutchinson, Proceedings of the 
National District Beating Association, Yd. XXXII, pp. lOMlfc, 1941, 
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8*2 does the same for the heating equation. Use of either graph requires 
knowledge of the heat transfer and heat storage constants q' and Q' of the 
particular structure. These can be determined by calculation or by 
graphical solution. Figure 8*3 illustrates a graphical method of deter¬ 
mining both q f and Q' for walls finished inside and out in any one of five 
specific ways; similar curves could be readily established for any other 
type of wall construction. The method of using Figs. 8*1, 8*2, and 8*3 is 
shown by the dashed path drawn on each figure. 

Having established the heating and cooling curves for a structure, their 
use in determining the optimum start-up time for intermittent operation 


e M - HOURS TO MEAT FROM t Q TOt< A CONSTANT) 



Fig. 8*2. Graphical Solution of Heating Equation. 


and the amount of the saving to be realized by intermittent operation is 
illustrated in Fig. 8*4. For the case shown, the heating plant is shut 
down at 4:30 p.m., and cooling proceeds along the cooling curve as indi¬ 
cated. The structure is required to be up to temperature by 9:00 a.m. 
the following morning so heating must be started at such time as will 
assure the desired inside temperature at 9:00 a.m., but preferably no 
earlier than this. If the heating curve is now placed on the graph in such 
manner that the 70°F point corresponds to 9;00 am., the curve will show 
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the temperature at all previous times during the heating-up period. The 
intersection of the heating and cooling curves gives the optimum time for 
starting the heating plant* If started earlier, the inside temperature 
would reach occupancy level before the required time with consequent 
increased loss of heat, but if started later, the desired temperature would 
not be attained until after 9:00 a.m. 

Coordinates of the heating and cooling curves are degrees and hours, so 
unit area on either of these curves is degree-hours and can readily be 
shown to be proportional to the heating load. The area abc of Fig. 8-4 
is then proportional to the saving represented by intermittent rather than 
continuous heating. Anything which increases abc increases the saving 
and vice versa. Note that selection of a larger heating plant makes the 
heating curve steeper and thereby effects a greater operating saving due to 
intermittent heating. Whether or not the saving is sufficient to justify 
the added first cost is a problem in economics; obviously, however, there 



Fig. 8-4. Typical Heating and Cool¬ 
ing Curves. 


Fig. 8-5. Typical Time-Load Re¬ 
lationship. 


will be an optimum size of heating plant for any particular system. A 
poorly insulated structure would cool more rapidly, thereby increasing 
the area above curve ab, but the heating-up rate would be less rapid (for 
the same size heating plant) so the area above curve be would be reduced. 
The net effect of heat transmission losses on the economy of intermittent 
heating would therefore have to be investigated for each case. 

Figure 8*5 shows the curve of heat input plotted against time. During 
the hou^s when equilibrium conditions exist the output of the heating 
plant remains constant at the value needed to supply energy losses. Dur¬ 
ing cooling there is, of course, no energy input to the structure, while 
during the heating-up period the plant operates at constant maximum 
capacity. The saving due to intermittent heating can be determined from 
this graph (since unit area is equal to Btu) by subtracting the area cefg 
from area abed . 

(b) Graphical Solution for Complex Heating and Cooling Condi- 
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tions. In many problems the variation of outside temperature with time 
necessitates determination of the heating and cooling curves from equa¬ 
tions other than 8*6 and 8*8. Once these curves have been determined, 
however, the method of analysis for intermittent operation of the heating 
plant is exactly as outlined in the preceding section. 

A more serious difficulty arises in those problems for which the thermal 
capacity of the outside walls is great in comparison with that of the 
contents of the structure. Fortunately, such problems are unusual, but 
when they do occur a special method of solution is needed as the assump¬ 
tion of instantaneous equilibrium is no longer tenable. For special cases 
of this kind, the heating and cooling equations can only be used as a 
means of obtaining a first approximation to the respective curves. 

These approximate heating and cooling curves are then used in estab¬ 
lishing the inside reference points for the periodic analysis (Chapter VII). 
Result of such an analysis is the complete set of temperature gradient 
curves which would have to exist in the wall if the approximate heating 
and cooling curves were correct. From the gradients, the inside wall 
surface temperature can be determined as a function of time. The mean 
wall temperature during any time interval can then be estimated with 
considerable accuracy, and a cooling curve consistent with the tempera¬ 
ture gradients can then be determined from the equation 


AB C - 


(V/P/C/ VqPoCq f» 2 ) -f- PtoCttiA w (Z/ M> /12)Af wl 

t 9l ) £a 3 )] 



(8*9) 


where t 9 is the inside surface temperature of the wall through which heat is 
flowing, hi is the inside film coefficient, and the subscripts 1 and 2 corre¬ 
spond to the beginning and end of the cooling time interval A 6. A similar 
heating equation can be readily set up. 

In solving equation 8*9, values of t 8l , t 9% , and t m are taken from the 
periodic solution for a selected time interval Ad; the only unknown is then 

which can be determined by trial and error. In this way a number of 
values of U t , corresponding to various values of A6, are determined and a 
cooling curye constructed; if it agrees with the curve obtained from equa¬ 
tion 8*6 a solution has been realised, but if not, the constructed curve is 
used as a second approximation and the periodic analysis repeated. 

In problems where the outside temperature does not appreciably change 
during that part of the day for which the inside air temperature is main¬ 
tained at a fixed value, the wall is very likely to reach equilibrium before 
the cooling period begins; for such cases the analysis of the cooling and 
heating sections of the 24-hr curve can be carried out as a problem in 
transient rather than periodic heat flow. In this case the gradient at the 
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start of cooling is known to be a straight line and the graphical method 
does not involve an initial assumption. One construction gives the solu¬ 
tion. 

The establishment of heating and cooling curves for a given structure is 
helpful not merely in determining the most economical maximum capacity 
of the heating plant, but also in setting up an operating schedule to permit 
realizing the greatest possible saving as a result of intermittent heating. 
Noting that the operating saving varies directly with the over-capacity of 
the heating plant, it is evident that continuous heating is required if the 
plant selected has no capacity in excess of that needed to carry maximum 
equilibrium load. 

Example 8«1.* The intermittent heating analysis (assuming instantaneous 
equilibrium) is to be applied to a large industrial building constructed as follows: 

1. Exterior surfaces 

a. 8000 sq ft of exterior wall (exclusive of glass). Wall is of 6-in. concrete 
with 4-in. cut stone facing outside and is finished inside with J£-in. plaster 
on metal lath, furred. 

Concrete: Density =140 Ib/cu ft 

Specific heat = 0.15 Btu/lb/°F 
Facing: Density =160 lb/cu ft 

Specific heat = 0.20 Btu/(lb)(°F) 

Overall coefficient of heat transfer = 0.36 

b. 2500 sq ft of roof consisting of 4-in. concrete slab unfinished on both sides 
(U = 0.9). Storage and transmission characteristics of basement neg¬ 
lected. 

c. 2000 sq ft of window area ( U = 1.13). 

2. Interior surfaces 

o. 10,000 sq ft of interior (non-transmitting surface) floors consisting of 
4-in. concrete slab. 

b. 12,500 sq ft of interior partitions consisting of 4-in. clay tile plastered 
Q4 in.) on both sides. 

Density: 130 lb/cu ft; specific heat = 0.22. 

Note: Storage characteristics of furniture are not taken into account in 
this example, but the methods of including a term for this effect should 
already be clear. 

3. Ventilation requirement of 4000 cfm of outside air. 

4. The heating system has a maximum output of 820,000 Btu/hr. 

To assist in establishing an operating procedure for the heating system, the 
following information is required: 

1. The thermal storage constant, Q ', of the structure. 

2. The heat transfer constant, q', of the structure. 

3. Tim© required to cool from 70° to 50° inside air temperature when outside 
temperature remains constant at 30°. 

* Example from Hutchinson, Proceedings of the National District Heating Associa¬ 
tion, Vol. XXXII, pp. 102-115, 1941. 
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4. Time required to raise inside air temperature from 50° to 70° when outside 
temperature is constant at 30°. 

5. The cooling curve. 

6. The optimum time for starting to heat if occupancy is such that temperature 
must be held at 70° from 9:00 a.m. to 4:30 p.m., but can vary in any way during 
the night hours. (Based on t 0 = 30°). 

7. The heat required when operating as in 6 above, compared with require¬ 
ments for continuous heating. 

Solution. (In this solution the methods of using the graphs are explained, but 
the numerical results are actually obtained from the equations. The graphs, as 
drawn, are for illustrative purposes only, but a similar set sufficiently accurate for 
engineering computations can be constructed readily.) 

1. Determination of thermal storage coefficient, Q\ 

а . Qw for exterior wall consists of two parts. 

Q f c for the concrete and plaster. 

Q, for the stone facing. 

(1) To obtain Q f 0 enter Fig. 8-3 at 8 sq ft, rise to 6-in. wall thickness, 
move horizontally left to intersect density line for 140 lb/cu ft, drop 
to intersect specific heat = 0.15, then move to left (see dotted line 
as example) to transfer line, drop to transfer line in lower left quad¬ 
rant, move right to intersection with U = 0.36 for wall E w and then 
rise to read Q' c = 32.5. Since the actual area is 8000 sq ft rather 
than 8 sq ft, it follows that Q[ — 32.5 X 10 3 . 

(2) Similarly for Q r f enter at 8, rise to 4 in., cross to 160, rise to 0.2, cross 
to transfer line, drop to transfer line, cross to U *= 0.36 for 
Ef , and drop to read Q r f = 8.13 or (corrected for 8000 sq ft), 
Qf = 8.13 X 10 s . 

(3) Then Q’ w = Q[ + Q' f « (32.5 + 8.13) 10 3 - 40.6 X 10 8 . 

б. Q r r for roof is obtained by entering at 2.5 sq ft, rising to 4 in., crossing to 
140, dropping to 0.15, crossing to U — 0.9 for wall A , then rising to read 
Qr — 5 or (corrected for 2500 sq ft) Q f , = 5 X 10 8 . 

c. Qy for window area: negligible. 

d. Q# for interior, floors: Enter at 10, rise to 4 in., cross to 160, drop to 
0.15, cross to scale for inside walls where read Q f v = 70 or (corrected for 
10,000 sqft)<& - 70 X 10*. 

e. Q f ip for interior partitions: Enter at 1.25, rise to 4 in., cross to 130, rise to 
.22, cross to scale for inside walls where read Q\p * 11 or (corrected for 
12,500 sq ft), Q[ v - 110 X 10®. 

/. Total thermal storage coefficient for the structure, 

Q' = QL + Q'r+Q'ir + Q'tp 

- (40.6 + 5.0 + 70.0 + 110.0)10® 

* 226 X 10®. 

2 . Determination of heat transfer coefficient (#'), 

a . To obtain q„ for exterior wall enter at 8, drop to U m 0.36, move left to 
lead q f m 2.0 or Tor 8000 sq ft)<& * 2.9 X 10®. 
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b. For q g of glass enter at 2, drop to 1.13, cross to read q' = 2.3 or q' g = 
2.3 X 10 3 . 

c. For q' r of roof enter at 2.5, drop to 0.9, cross to read q f = 2.3 or 
Qr * 2.3 X 10 3 . 

d. For q' &ir , opposite 4 on cfm scale (Fig. 8*3) read q' « 4.2 or (corrected 
for 4000 cfm) q' alr = 4.2 X 10 8 . 

e. Total transmission coefficients 

q = ?» + + ?r + <?alr 

= (2.9 + 2.3 + 2.3 + 4.2)10 3 = 11.7 X 10 8 

3. Determination of time required to cool from 70° to 50°F when outside 
temperature is constant at 30°F. Enter Fig. 8*1 at — t Q ) = 70 — 30 =» 
40 °F, rise to — t Q ) = 50 — 30 = 20°F, cross to right to intersect 
Q' = 22.5, rise to q' — 1.17, cross to left and read cooling time as 13.3 hours. 

4. Determination of time required to heat from 50° to 70°F with outside 
temperature constant at 30°F. 

(a) The time to heat from 30° to 50° 

(1) Note that the constants q\ Q ', R, having actual values of 
11.7 X 10 3 , 226 X 10 3 and 820 X 10 3 , can be conveniently rear¬ 
ranged to the relative values 1, 19.3 and 70. 

(2) Enter Fig. 8.2 at (f^ — t 0 ) = 50 — 30 — 20, rise to q f = 1, cross 
right to R = 70, rise to Q' = 19.3, cross left to q ' = 1, rise to read 
time as 6.5 hr. 

(5) Similarly the time to heat from 30° to 70° is found to be 16.5 hr. 

(c) Thus required heating time from 50° to 70° is 16.5 — 6.5 = 10 hr. 

5. Cooling curve for the structure. By the method of part 3 above, points on 
the cooling curve can be determined and the curve drawn. This is done in 
Fig. 8*4. 

6. Heating curve for the structure. Using the method of part 4 above, any 
required number of points on the heating curve can be determined (for con¬ 
stant t c and given R) and the curve plotted. This, also, is done in Fig. 8*4. 

7. Optimum time to start heating. The inside temperature need not be main¬ 
tained after 4:30 p.m. so at that time heat will be turned off and the struc¬ 
ture allowed to cool; thus the time zero (Fig. 8*4) will now be called 
4:30 p.m. At 9 a.m. — 163^2 hr after the heat is turned off — the tempera¬ 
ture must again be 70°; thus the heating curve must be so placed that it 
crosses the 70° line 16}^ hr. after cooling begins. By pure coincidence the 
position of the heating curve in Fig. 8*4 already meets this condition and is 
therefore ready for use. A time scale is now placed across the top of the 
figure (8*4) and from this the temperature at any time during the night 
hoifrs can be determined; examination of the figure reveals that the opti¬ 
mum time for starting the heating system is 1:30 a.m. If heating were 
started later than 1:30 a.m., the building would not be at 70° by 9 a.m., 
while if heating were started before 1:30 a.m. the temperature would reach 
70° before 9 a.m., and consequently unnecessary energy would be dissi¬ 
pated. 

8. Energy requirements for intermittent and continuous heating. Fig. 8*5 
shows Hie rate of heat supply to the structure as a function of time for an 
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operating schedule in accordance with Fig. 8*4. From 9 a.m. to 4:30 p.m. 
the structure is assumed at steady state and heat is required at a rate of 
(70 — 30)11.7 X 10 s * 468,000 Btu/hr. At 4:30 p.m. heating ceases and 
no further energy is supplied until 1:30 a.m. at which time heating comes on 
at maximum capacity (R = 820,000 Btu/hr) and continues at this rate 
until the air temperature reaches 70° at 9 a.m. at which time the thermostat 
acts to reduce the supply of heat. All the energy which would have been 
- supplied between 4:30 and 1:30 a.m. if operation were continuous (468,000 X 
9 = 4,212,000 Btu) is not saved since the output from 1:30 a.m. to 9 a.m. 
exceeds the value for continuous heating by 

(820,000 - 468,000)7§ = 2,490,000 


The net reduction in daily heat requirement as a result of intermittent 
heating is, therefore, 


which is 


4,212,000 - 2,490,000 « 1,722,000 Btu 


1,722,000 
468,000 X 24 


16.3% 


The saving can be determined from Fig. 8-5 as area abed minus area cefg. 


PROBLEMS 

A storage room 10 ft by 10 ft by 10 ft (inside) is made with uniform walls, floor, 
and ceiling and with the same exposure on all of these surfaces. The construction is 
8 in. thick, density 100 Ib/cu ft, specific heat 0.18, and overall coefficient of heat 
transfer is 0.7 Btu/(hr) (sq ft) (°F). The inside and outside surfaces are unfinished. 

1. The above room, empty, is at an initial inside temperature of 70°F when the 
outside temperature is 20°F and the heating system is turned off. If the outside air 
temperature does not change: (a) Use Figs. 8*1 and 8*3 to determine the number of 
hours before inside temperature will drop to 40°F. ( b ) Determine the cooling time 
(to 40°F) by use of the analytical expressions. 

2. If the above storage room were filled with 600 cu ft of a material having very 
high thermal conductivity, density of 140 lb/cu ft and specific heat of 0.22 Btu/(lb) 
(°F) determine: (a) the time to cool from 70°F to 40°F (with outside air constant at 
20°F); ( b ) the cooling curve from an initial inside temperature of 70°F to a final 
temperature of 30°F. 

3. Calculate the size of heating plant needed if the inside temperature is to be 
raised from 40° to 70°F in 3% hr: (a) for the empty room of problem 1, (6) for the 
filled room of problem 2. 

4. Plot the heating curve for the conditions of the above problem and by examina¬ 
tion of heating and cooling curves determine the required start-up time if heat is 
turned off at 5 p.m. and if the room is to be at 70°F by 8 a.m. : (a) for empty room, 
(6) for full room. 

5. Compare intermittent and continuous heating costs (operating only) for the 
conditions of problem 4, a and b . 
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CHAPTER IX 


PSYCHROMETRIC PRINCIPLES 

Air and water vapor, the normal atmosphere, is used as a thermo¬ 
dynamic working substance in all heating, ventilating,"and air condition¬ 
ing operations. Whether the designer is concerned with the exhaust 
system from a foundry, the comfort air conditioning system for a resi¬ 
dence, the condensation problem in a cold storage room, or humidity 
control in a textile mill, the basic working substance which h$ must use 
to carry heat, moisture, oxygen, or odor into or out of the conditioned 
space is in every case atmospheric air plus its attendant load of water 
vapor. Whether the equipment to be selected is a fan, a grille, a duct, an 
extended surface coil, a radiator, or an air washer, the designer must first 
know the physical properties of the gas-vapor mixture as it enters, passes 
through, and leaves that equipment. Obviously, therefore, a thorough 
and sound understanding of the physical and thermal properties of the 
ambient atmosphere is a fundamental requirement for any engineer work¬ 
ing in the field of heating, ventilating, and air conditioning. 

The following treatment of psychrometrics starts with a review of basic 
principles, from which the construction of a typical psychrometric chart 
is developed, and in subsequent sections the assumptions and approxima¬ 
tions involved in the use of such a chart are critically examined. 

9*1. Basic Principles. The am bient atmosphe re, constituting the w ork¬ 
in g sub st ance used ^bv^the yentilating~engineer. consists of a me chan ical 
mixture of gases plus a variable quantity of water jvapor. Taken to¬ 
gether, the mixture of gases acts as, and has specific properties equivalent 
to, a single homogeneous gas. Essentially, thendore, the atmosphere can 
be treated thermodynamically as a gas-vapor mixture. This' requires 
somVTthbwledge of the thermodynamic properties oT a vapor, of a gas, 
and of a mixture of the two. 

For all psychrometric purposes dry air can be considered a perfect gas. 
Within th^mp^ature"faTnge usedln¥eating and cooling, either for com- 
^fort of industriarpurpo ses , the specific heat of dry air, for constant pres¬ 
sure, ifsubstantially constant ( c p * 0.2411 Btu/lb/°F). All other data 
needed by the ventilating engineer for psychrometric calculations involv¬ 
ing dry air are obtainable from the perfect gas law, 

Pv - RT (94) 

where P « pressure in pounds per square foot. 

v = specific volume, cubic feet per pound. 

T » temperature in degrees Fahrenheit absolute « °F 4* 400. 

R * gas constant (* 53.3 for dry air). 
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If the atmosphere with which the engineer worked were free of water 
vapor, there would be little or no need for tables or charts of air properties 
since the relationship of pressure, specific volume, and temperature is 
readily obtainable from equation 9-1, and the specific enthalpy (base 
0°F) would in every case be equal to 0.2411 multiplied by the air tem¬ 
perature in degrees Fahrenheit. Since water vapor is present, a less 
direct method of property evaluation is necessary. 

The properties of water vapor cannot be expressed so simply as those 
of dry air. Though empirical equations are available for expressing the 
variation of vapor properties over limited ranges, greater facility and 
accuracy in calculations are possible through use of vapor tables or 
graphical representations. A complete pressure-enthalpy chart of the 
properties of water vapor is given in Fig. 9T; from this figure it is evident 
that the isothermals for low-pressure vapor (less than 1 psia) in the super¬ 
heat region are substantially parallel to the lines of constant enthalpy. 
This fact is of enormous value to the ventilating engineer because it en¬ 
ables him to determine the enthalpy of superheated water vapor by read¬ 
ing directly from Fig. 9T the corresponding enthalpy of saturated vapor 
at the same temperature. It also shows that low-pressure superheated 
vapor closely obeys the perfect gas law. For psychrometric purposes, 
therefore, a table or chart of saturated steam properties provides all the 
data needed for a thermodynamic evaluation of the properties of such 
vapor as is present in the atmosphere. 

Before evaluating the properties of the mixture, one additional thermo¬ 
dynamic point must be considered: the effect, if any, of the presence of a 
gas on the properties of a vapor. Fortunately, this influence is so small 
that for psychrometric purposes it can be considered negligible, and eval¬ 
uation of properties can be accurately carried out on the assumption that 
the gas and vapor jointly and independently occupy the same volume. 
The only additional equation needed in dealing with such mixtures is 
Dalton’s law of partial pressures, which states that the total pressure of 
the mixture is equal to the sum of the partial pressures of the gas and 
vapor present, 

Vt * Vo + Vv ( 9 - 2 ) 

where the subscripts refer to total, gas, and vapor respectively. 

Summarizing, all data essential to a complete thermodynamic and 
psychroi&etric analysis of an air-with-water atmosphere are available 
from two equations, a tabk of saturated vapor properties, and two physi¬ 
cal constants (R and c p ). A recognition of the simplicity of these basic 
data is essential to the engineer, since otherwise he may fail to compre¬ 
hend that the sole justification for a psychrometric chart is that it can, if 
properly constructed, reduce to a minimum the effort needed to calculate 
atmospheric properties. 
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CONSTRUCTION OF THE PSYCHROMETRIC CHART 


9*2. Thermodynamic Properties. Many forms of psychrometric chart 
are in use at the present time. Differences in construction occur as a 
result of varying choice in the selection of basic variables, or because con¬ 
sideration has been given to the dynamic characteristics of processes in¬ 
volving the humidification or dehumidification of a given atmosphere. 
The typical chart presented in Fig. 9-5 (page 161) is constructed on the 
basis of the simplest and most fundamental thermodynamic considera¬ 
tions. 

The chart is constructed for standard atmospheric pressure (14.696 
psia) and properties are expressed in terms of a basic arbitrarily defined 
atmospheric unit of one pound of dry air plus the weight of water vapor 
associated with it. For convenience, the x axis is selected as the scale of 
temperature and the y axis as the scale of moisture content , or specific 
humidity W, expressed in grains per pound of dry air (7000 grains — 1 lb). 

(a) Saturation Line. As a first state to be fixed on the chart, con¬ 
sider an atmosphere at 70°F and saturation. The vapor pressure of 
saturated water vapor at 70° is 0.3628 psia (from a standard steam table). 
Then, by equation 9*2, the pressure of the dry air in this atmosphere is 
14.696 - 0.3628 = 14.3332, and the volume of 1 lb of such dry air is (by 


equation 9*1) 


53.3(70 + 460) 
14.3332 X 144 


13.68 cu ft 


The weight of saturated vapor associated with a pound of dry air (reading 
the specific volume at 70° as 869 cu ft /lb from steam table) is therefore, 

or 

W = 0.01574 X 7000 » 110.2 grains vapor /lb dry air 

Accordingly, the state of 70° saturated air is given at the intersection (o' on 
Fig. 9-2) of a horizontal line through 110.2 on the specific humidity scale 
and a vertical line through 70° on the temperature scale. In exactly the 
same way enough* additional points are determined to permit fixing the 
saturation lihe. 

(6) Constant .Specific Volume Lines. The second step is the con¬ 
struction of lines representing the loci of states for which the specific 
volume of the atmosphere is constant. The method can be demonstrated 
by determining that state of an 80°F atmosphere for which the specific 
volume is the same as that of the 70° saturated atmosphere (v — 13.68). 
The necessary dry air pressure, from equation 9*1, is 

53,3(80 + 460) 

P# " 13.08X144 


14.00 psia' 
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and the vapor pressure must be 14.696 - 14.60 — 0.096 psia. The desired 
state is therefore on the 80 °F vertical at intersection with a constant- 
pressure line for water vapor at 0.096 psia. To fix this intersection (b on 
Fig. 9*2) requires information as to the location, on the chart, of constant 
vapor pressure lines. Noting that along any horizontal line the total 
pressure, weight of the mixture, weight of vapor, and weight of dry air 



Fia. 9*2. Thermodynamic Properties on Psychrometric Chart. 

are all constant, application of the perfect gas law (involving the assump¬ 
tion that the vapor present obeys this law) leads immediately to the con¬ 
clusion that the vapor pressure, p v , must likewise be constant along any 
horizontal line. But values of the vapor pressure are known for points on 
the saturation line and can therefore be recorded on the vertical scale. 
Thus, any horizontal line on the chart now represents a particular mois¬ 
ture content (exact) per pound of dry air and also a fixed and related 
vapor pressure (approximate) corresponding to the saturation tempera¬ 
ture for that moisture content. 

One difference between the grains per pound and pressure scales is 
significant. The former, being arbitrarily selected as one of the two basic 
coordinates, was laid off to a linear scale; the latter is not a constructed 
scale, but a transposition of data from points on the saturation line to 
the vertical axis. The pressure scale is not linear (compare scales in 
Fig. 9*5) but varies according to an empirical equation determined by* 
steam table relationships. 

By the method already described sufficient points are established hav¬ 
ing the same specific volume to permit drawing a curve through them 
{a'b on Fig. 9*2). Additional lines are established to provide adequate 
coverage of the entire chart area and permit ready interpolation of the 
specific volume of points not falling directly on a plotted line. 
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(c) Relative Humidity Lines. Rel ative hum i dity (RH) is define d 
qs the ratio of the actual vapor p ress ure in an air-vapor mixtu re to the 
vapor pressure wh ich wo uld exist in a_saturatedjnixture at t he same tem¬ 
perature. The saturation line on the chart is therefore the line of 100 per 
cent RH. Lines on the chart for any desired value of the relative humid¬ 
ity can be constructed as follows: Taking 50 per cent RH as an example, 
the point on the 70°F line corresponding to this relative humidity must 
be at the intersection (c on Fig. 9-2) with the line representing a vapor 
pressure of 0.5 X 0.3628 = 0.1814 psia. In a similar manner states on 
the 50 per cent line at other temperatures are determined, and the line 
is then drawn through these points (Fig. 9*2). By proceeding in this 
way as many lines of constant relative humidity can be established as 
may be needed. 

( d ) Lines of Constant Enthalpy. The specific enthalpy of an air- 
vapor mixture, based on one pound of dry air plus associated water vapor, 
is commonly taken as including the enthalpy of the air above 0°F, plus 
the enthalpy of the vapor above 32°F. The energy in the water vapor 
includes that necessary to raise the liquid from 32°F to the temperature 
corresponding to the saturation pressure, plus the latent heat of vapor¬ 
ization at saturation pressure, plus energy required to superheat the 
vapor from the saturation temperature to the actual temperature of the 
mixture. As already pointed out, the fortunate circumstance that con¬ 
stant-enthalpy lines in the low-pressure region of the pressure-enthalpy 
chart are approximately parallel to constant temperature lines, greatly 
simplifies the psychrometric construction since it permits fixing the spe¬ 
cific enthalpy of vapor in a mixture by determining the specific enthalpy 
of saturated vapor at the temperature of the mixture; thus, on any ver¬ 
tical line on the psychrometric chart the specific enthalpy of the associated 
water vapor is constant and is equal to the specific enthalpy of the satu¬ 
rated vapor which would exist at the intersection of that vertical with the 
saturation line. This relationship (exact only for a perfect gas) permits 
determination of lines of constant mixture enthalpy on the chart without 
need of taking into account the variation of latent heat of vaporization 
with pressure. 

As an example, consider the state at 70°F and saturation which 
was previously investigated. The enthalpy of the dry air at 70°F is 
0.2411 X 70 — 16.88 Btu/lb. The weight of vapor present was calculated 
as 0.01574 whereas the enthalpy of saturated vapor at 70°F (steam 
tables) is 1090.8 Btu/lb. The enthalpy of water vapor associated with 
one pound of dry air is then 0.01574 X 1090.8 * 17.16 and the total en¬ 
thalpy of the air-vapor mixture is 16.88 + 17.16 — 34.04 Btu/lb of dry 
air present. 

To fix the state for some temperature other than 70°F, at which the 



154 


PSYCHOMETRIC PRINCIPLES 


enthalpy of the mixture is also 34.04, note that the dry air enthalpy at the 
new temperature (taking 84°F as an example) is 0.2411 X 84 — 20.24, 
and the enthalpy of associated vapor at the unknown state point must 
then be 34.04 — 20.24 — 13.80. But the specific enthalpy of vapor at any 
state onthe 84°F line is the same as that of saturated vapor at 84°, hav¬ 
ing a pressure of 0.577 psia (from psychrometric chart). The specific 
enthalpy of vapor at the unknown state must therefore (from steam 
tables at 0.577 psia) be 1097.1 Btu/lb. The weight of vapor present is 
then (13.80/1097.1) X 7000 — 88.2 grains/lb, and the state is fixed at 
the intersection (d on Fig. 9-2) of the 88.2 grains/lb horizontal and the 
84°F vertical. In the same way other points having a mixture enthalpy 
of 34.04 Btu/lb can be determined and the constant enthalpy line thereby 
located on the chart. Other lines of constant enthalpy can be similarly 
located. 

For convenience in psychrometric measurement the constant-enthalpy 
lines as plotted on the chart are not for even values of the enthalpy but 
are for arbitrarily selected values corresponding to even increments in the 
temperature of the saturated mixture. Thus a constant-enthalpy line is 
shown passing through 70°F saturated (Fig. 9-5) where the enthalpy is 
34.04 rather than through the lower fractional saturated temperature for 
which the enthalpy would be an even 34.00; the reason for such an appar¬ 
ently irrational procedure will be discussed in detail in the later section 
on methods of psychrometric measurement. Because of the above condi¬ 
tion, the numerical values of enthalpy are not marked on the chart lines 
but can be interpolated from the enthalpy scale which appears just above 
the saturation line (Fig. 9*5). v 

( e ) Summary. All needed thermodynamic properties of an air-vapor 
mixture have now been appropriately indicated on the chart. A knowl¬ 
edge of any two of the following properties will permit fixing the state and 
consequent determination of all other properties: temperature, grains per 
pound of dry air or vapor pressure, specific volume, relative humidity, 
specific enthalpy. 

9*3. Psychrometric Properties. In order for the chart of thermody¬ 
namic properties to become a tool useful to the ventilating engineer in 
investigating proposed processes, there is obvious need for some method 
of experimentally determining the numerical value of at least two of the 
above mentioned properties; it was with respect to this adaptation of the 
thermodynamic relationships to interpretation from psychrometric meas¬ 
urements that Carrier* made his important contribution to the advance 
pf air conditioning with a paper presented to the American Society of 
Mechanical Engineers in 19U. In his paper the concepts of ml bulb 

*W. H. Carrier , u Rational Psy ch r o metric Formulae,” Transactions ASMS, Wit 
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temperature and dew point temperature were developed and their rela¬ 
tionship to the basic chart properties indicated. 

(a) Dry Bulb Temperature. Of the five properties recorded on the 
chart the only one amenable to direct measurement is temperature. For 
many practical purposes the temperature can be measured with sufficient 
accuracy by inserting a thermometer in the air-vapor mixture. To dis¬ 
tinguish this reading from others to be discussed, it is referred to as the 
dry bulb temperature (dbt). 

Where the temperature of walls enclosing the mixture differs from that 
of the mixture, the unshielded thermometer gives an erroneous reading 
due to radiant transfer between the bulb and the surrounding surfaces. 
In precise work the radiation error may be too large to neglect, and it 
then becomes necessary to use either a specially shielded thermometer or 
to apply a correction to the reading of the unshielded instrument. Based 
on recent experimental work, Dropkin* recommends the following equa¬ 
tion for correcting unshielded dry bulb temperature readings, 


ta ~~ l 


[(TrX (JL\ 4 ~\( d \°’ 44 /0.3105\ 
LVlOO/ \100/ J \0.235/ \ F£ 56 / 


(9-3) 


where t a = true temperature of the air, °F. 

t « temperature of the thermometer bulb exposed to radiation, 
°F. 

T w m temperature of the wall of the enclosure, °F absolute. 

T = temperature of the thermometer bulb exposed to radiation, 
°F absolute. 

d = diameter of the thermometer bulb, inches. 

V m * air velocity, feet per minute at a barometric pressure of 
29.92 in. Hg and temperature of 70°F. 

( b ) Dew Poim , TEMPERATOR&. - To -fix-thcL state of an air-vapor jnix- 
ture on the psychro metric char t at least one property i n ad dition to the 
dry bulb temperaturemust be known] Asecond”such measuraHe _ char- 
acterijrticjs uie^^ . If the pressure of a su per¬ 

heat ed vap or remains constant and heat is removed, the temperature 
decr^s<gM^ is-com plete; furt her iieai extraction causes 

condens^on7"'T)€tennmation of the temperature at which condensation 
starts therefore fixes the vapor pressure of the unsaturated mixture. In¬ 
struments for measuring dew point temperature are commercially avail- 
able. N 

With the dry bulb and dew point temperatures known (t e and t a f , respec- 

♦ David Dropkin, “ Effect of Radiation on Psychrometric Readings,” Bulletin 16, 
Cornell, 1939. 
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tively, in Fig. 9*3) the state of the original mixture is fixed at the inter¬ 
section x of the dry bulb vertical with the line of constant vapor pressure 
which originates at the dew point temperature on the saturation line. 

(c) Temperature of Adiabatic Saturation. An air-vapor mixture at 
a state, as z (Fig. 9*3), when allowed to remain in contact with a body 
of water (at temperature in excess of the dew point of the mixture) will 
undergo an increase in humidity until eventually it reaches a saturated 
state. When the water is supplied at a temperature equal to the final 



Fig. 9-3. Psychrometric Properties: 


temperature of the saturated mixture, provided no energy enters or leaves 
the System during the humidifying process, the final mixture temperature 
is defined as the temperature of adiabatic saturation. Refer to Fig. 9*3 
and let o' represent the final state of a mixture originally at some unknown 
state such as 2 , from which it was adiabatieally humidified to a' as a 
result of contact with'water supplied at temperature t a '- For an energy 
balance on the system the enthalpy of the mixture at z plus heat of the 
liquid evaporated must equal the enthalpy at o'. 

h z + (IF', - W f z )(t a t - 32) - h a , (94) 

From this equation the state at z, corresponding to any particular initial 
value of the specific humidity, can be calculated. As an example, con¬ 
sider an air-vapor mixture at unknown state z which contains 50 grains/lb 
and after adiabatic saturation reaches state a' at 72°F. The enthalpy 
and humidity at o' are (from the chart) 35.9 Btu/lb and 118 grains/lb. 
Then, from equation 9*4, 




35.9 — 


(118 - 50) (72 - 32) 
7000 


* 35.9 - 0.389 


* 35.5 Btu/lb 

and the per cent change in enthalpy during the process of adiabatic satu¬ 
ration is. for this example, 0,389/35.5 *= 1 1 per cent For most practical 
problems 1 per cent accuracy is well within the limit of experimental 
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error, and in such cases it is permissible to regard the constant enthalpy 
lines as equivalent to lines of constant temperature of adiabatic satura¬ 
tion. 

If greater accuracy were required it would be readily possible to plot 
true lines of adiabatic saturation (from equation 9-4 by the same method 
as in the above example). Psychrometric charts have been published 
which show adiabatic saturation in place of constant enthalpy lines. 

Regrouping the terms of equation 9*4, 

h z - W' 2 (t a , - 32) = h a * - WUta* - 32) (9*5) 

Referring again to Fig. 9-3, suppose that the mixture at z is adiabatically 
humidified to any non-saturated state z " as a result of contact with water 
at the temperature of adiabatic saturation, By a heat balance on the 
system, 

h z + (Wz" — IF*) (£ a / — 32) = h z n (9*6) 

and by rearranging terms, 

hz - W' g (ta’ - 32) = h z n - W\n%, - 32) (97) 

Comparing equations 9*5 and 9-7 and noting that the state z" was taken 
as any point on the line of adiabatic saturation, it is evident that this 
line is characterized by constancy of the term, 

h - W'(t' - 32) = 2 (9-8) 

where h is the enthalpy of any mixture having a specific humidity, W, and 
a temperature of adiabatic saturation, t'. The above equation states 
that the enthalpy of an air-vapor mixture less the heat of its associated 
liquid at the temperature of adiabatic saturation is constant along any 
path of adiabatic humidification. This ierm appears so frequently in 
air conditioning calculations that it has been given a name, the sigma 
heat content , 5. 

Equation 9*8 is usually written in different form. The enthalpy of the 
mixture is equal to the enthalpy of the dry air (c m t) plus that of asso¬ 
ciated water vapor (W'h v ). But the specific enthalpy of the superheated 
vapor at z is approximately the same as at x (Fig. 9*3), or, 

Kt = h Vm = ( t a r — 32) + hfr g + c p8 (t z — t a ') (9*9) 

where k rg is the latent heat of vaporization at the pressure corresponding 
to a saturation temperature of t a *, and c P9 is the specific heat at constant 
pressure of superheated steam. Then substituting in equation 9*8, 

2 - - 32) + h f , g + Cp'(t, - t a ,)] - W'.%> - 32) 

— CpaU + W t [hfi g + C p ,(t, — 4')] (9*10) 

Equating the sigma heat contents for points z and o' and rearranging 
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the terms, an equation is realized similar to that originally established by 
Carrier, 

hf'g(W' a , — Wg) = c pa (t z — t a >) + WgC p9 (t M — t a t) 

hft 0 (Wa' — Wg) = ( Cpa + WgC p9 )(t z — tar) (9’H) 

Equation 9*11 is applicable only when the final state is on the saturation 
line. 

The left side of the above equation is a quantitative statement of the 
amount of energy that must be obtained during humidification from the 
sensible heat present in the mixture at z (Fig. 9-3), but it is not equal to 
the difference in energy stored as latent heat between state points a' and 
z. The true latent heat difference is 

h/fgWa' — hfgWg 

but this quantity is less than the left side of equation 9-11 by an amount 
equal to W' times the difference between the increased heat of the liquid 
(from z to a') in Btu per pound and the decreased superheat in Btu per 
pound; thus, 

h/fg(Wa' Wg) = (hftgWa’ hfgWg) + Wg[(t a r tg) Cp 8 (t a r — <*)] 

(9*12) 

where t g is the dew point temperature of air at state z. 

Summarizing, lines of constant enthalpy (as on the chart of Fig. 9*5) are 
not identical with lines representing constancy of the temperature of adia¬ 
batic saturation, but the deviation is of the order of 1 per cent and for 
most practical problems can be safely neglected. The sigma heat con¬ 
tent 2 is constant along an adiabatic path (provided water is supplied at 
the temperature of adiabatic saturation). 

The temperature of adiabatic saturation is the third measurable char¬ 
acteristic from which a thermodynamic property can be established. Refer 
to Fig. 9*3 and assume that an air-vapor mixture has known dry bulb 
temperature t z , but its state point z is not known. By adiabatically satu¬ 
rating this atmosphere it Would come to a temperature which, as already 
shown, would very closely approach the dry bulb temperature of a satu¬ 
rated atmosphere of equal enthalpy. Thus the state of any atmosphere 
can be closely approximated by measuring its dry bulb temperature, then 
adiabatically humidifying a sample of the atmosphere and measuring its 
new dry bulb temperature; entering the chart at the temperature of adia¬ 
batic saturation (on dry bulb temperature scale), rising to saturation line, 
and then moving down a constant-enthalpy line to intersection with the 
original dry bulb temperatime fixes the state. 

/d) Wet Bum Temperature. The principal disadvantage of using l 
the temperature of adiabatic saturation as a psyehrometrie measurement ] 
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is the obvious difficulty of isolating and adiabatically humidifying a| 
sample of the air-vapor mixture. To solve this problem, the concept of 
wet bulb temperature (wbt) has been established. If an unsaturated 
mixture (z on Fig. 9*3) is passed over a wetted surface, as the wick- 
covered bulb of a thermometer, a condition of dynamic equilibrium must 
be reached such that the sensible heat flowing from the passing air-vapor 
stream will be exactly equal to the latent heat carried from the surface 
in the diffusing vapor. If M' (lb/hr) is the rate at which diffusion occurs, 
the conditions necessary for a dynamic balance will be 

h, a „M' = hA(t t - t w ) (9-13) 

where h/ 0v = latent heat of vaporization, Btu per pound at the satura¬ 
tion pressure corresponding to t w . 
t g = dry bulb temperature of passing air stream. 
t w = temperature of the wetted surface when dynamic equilib¬ 
rium has been reached; t w is, by definition, the wet bulb 
temperature of the passing stream. 
h = film coefficient of heat transfer by convection, corrected 
for radiation between the wetted surface and its sur¬ 
roundings, Btu/(sq ft) (hr) (°F). 

But in order to satisfy the diffusion equation, 

M' = KA(p w - p z ) (9-14) 

where K — diffusion coefficient through the gas film on the wetted surface 
in pounds per square foot of surface, hour, unit difference 
in vapor pressure across the film. 
p w = pressure (psia) of saturated vapor at t w . 
p t = pressure of vapor in the passing stream. 

Substituting from 944 into equation 943, 

Pt) = h(t x t w ) ] (945) 

or by re-expressing the diffusion coefficient in terms of specific humidity 
differences, 

h /Q JC'(W'„ - Wg) = h(t z - U (945a) 

Comparing equation 941 (for the temperature of adiabatic saturation, 
t a> ) and equation 945a (for the wet bulb temperature, t w ) it is evident that 
if h /K f were equal to the humid specific heat (Cpa + W'c p8 ), the wet bulb 
temperature would always be exactly equal to the temperature of adiabatic 
saturation. There is no theoretical reason for expecting the above equal¬ 
ity to hold, but experiment has shown that for water vapor in air it does 
very closely apply. Fortuitously, therefore, the wet bulb temperature of 
an air-vapor mixture is a close approximation to the true temperature of 
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adiabatic saturation and can be used as such in psychrometric measure¬ 
ments. Thus the dynamic equilibrium temperature reached by a wet bulb 
thermometer over which an air-with-vapor stream is passing at moderate 
velocity can be used as a third psychrometric measurement from which to 
determine the thermodynamic properties requisite to fixing the state of 
such a mixture. 

For some special types of problems arising in industrial air conditioning 
the difference between wet bulb and adiabatic saturation temperatures 
may be of great importance. Consider, for example, the air-vapor mix¬ 
ture in an oil storage tank; since the vapor present is not water the fortui¬ 
tous h/K* relationship no longer holds, and the humid specific heat may 
not even closely approach equality with h/K '. For atmospheres of this 
kind, a special psychrometric chart must be constructed and consideration 
given to the deviation of wet bulb from adiabatic saturation temperatures. 


DeviATfOMJ EXAGGERATED 



Fig. 94. State-point Determination. 

9*4. Summary. The psychrometric chart (Fig. 9-5) is a plotting of the 
basic thermodynamic properties of air w T ater-vapor mixtures at fixed total 
pressure. A necessary preliminary to use of the chart is determination of 
the state of the atmosphere in question; this requires a knowledge of at 
least two independent properties. 

The only thermodynamic property subject to direct and simple meas¬ 
urement is temperature. This is usually determined with an ordinary 
thermometer and, when necessary, the experimental reading is corrected 
for radiation; the corrected reading is called the dry bulb temperature 
and appears as the x coordinate of the chart. Referring to Fig. 9*4, knowl¬ 
edge of the dry bulb temperature t a fixes the state of an unknown atmos¬ 
phere as somewhere along the vertical through t a . 

The dew point temperature {t p in Fig. 9*4) fixes the specific humidity 
and locates the state of the mixture at point a. 

The enthalpy is not subject to direct measurement but has been shown 
to be approximately constant along a line representing a fixed value of 
the temperature of adiabatic saturation; the latter temperature has also 
been shown to remain approximately constant along a line of fixed wet 
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bulb temperature. Thus measuring the wet bulb temperature fixes the 
approximate enthalpy of the mixture. By referring to Fig. 9*4, the known 
wet bulb temperature t w fixes the mixture state at a if lines of constant 



wet bulb temperatures are available on the chart. If lines of constant 
sigma heat content are used, the state fixed from the wet bulb temperature 
will be at c, and the error ac will be due to the deviation of the true tem¬ 
perature of adiabatic saturation from the wet bulb temperature. If lines 
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of constant enthalpy are used, the state will be fixed at b with a conse¬ 
quent error of ab. As already discussed, the error ab is usually negligible 
for mixtures of water vapor in air, but may be very serious for mixtures of 
other vapors and gases. 

Summarizing, the state of any air-water vapor mixture can be fixed on 
the chart with accuracy sufficient for most air conditioning problems by 
means of any two of the three following measurable psychrometric char¬ 
acteristics: dry bulb temperature, wet bulb temperature, dew point tem¬ 
perature. For most practical purposes the first two characteristics are 
used because they are simplest to determine experimentally. 

PROBLEMS 

1. A %-in. thermometer bulb reads 62 °F when in an enclosure having a uniform 
inside surface temperature of 90°F. The air velocity past the bulb is 86 ft/min. Cal¬ 
culate the temperature of the air in the enclosure. 

2. An air-vapor mixture containing 100 grains/lb is adiabatically saturated (using 
water at 80°F) to a temperature of 80°F (156 grains/lb), (a) Calculate the enthalpy 
of the mixture before and after saturation and determine the percentage change. 
(6) Calculate the initial temperature of the mixture. 

Figure 9*5 should be used in solution of the following problems. 

3. Calculate the sigma heat content of an atmosphere at 95® dbt with relative 
humidity of 40 per cent. 

4. Air at 35° dbt and 100 per cent RH has its state changed to 85°F and 60 per 
cent. Is moisture added or removed? How much? 

6. Air is at 60° dpt and contains 30 Btu/lb. What will be its wbt if the dpt is de¬ 
creased to 40°F without change in enthalpy? Its dbt? 

6. The inside temperature in a living room is maintained constant at 72°F when 
the outside temperature is 40°F and wind is at some steady, but unknown velocity. 
Condensation starts to form on the windows when inside RH reaches 40 per cent. 
Calculate the rate of heat loss through the windows per square foot of surface. 

7. Assume inside and outside temperatures as in problem 6 but take the overall 
coefficient for the windows as 1.13 Btu/(hr) (sq ft) (°F), At what RH will condensa¬ 
tion commence? 

8. In problem 7, what inside velocity would be required to make possible an in¬ 
crease of 16 per cent in the RH at which condensation begins? Would such a velocity 
be practical from an electric fan of the usual type? 
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CHAPTER X 


SUPPLY STATE OF CONDITIONED AIR 

The preceding chapter presented the theoretical background of the 
psychrometric chart and critically examined the methods which are used 
for establishing the thermodynamic state from psychrometric measure¬ 
ments. Having fixed the state on the chart, the problem becomes one of 
establishing the paths of such processes as may be needed to " condition ” 
the working substance prior to supplying it to the air-conditioned space. 

In this chapter consideration will first be given to methods of deter¬ 
mining the necessary supply states for the five critical loading conditions 
which must be considered in the design of a complete air conditioning sys¬ 
tem. From critical loads, the discussion will proceed to an evaluation of 
supply state requirements for all loading conditions. 

10T. Sensible Load-Total Load, Ratio. Second in importance to knowl¬ 
edge of the total load acting on a given system is information as to the 
fraction of that load which is due to the moisture loss or gain (latent 
fraction) and the part due to the direct transfer of sensible heat. Sensi¬ 
ble heat change varies directly as the length of horizontal path on the 
psychrometric chart whereas latent load is proportional to vertical change 
of state. For any given set of loading conditions there is a ratio of sensi¬ 
ble heat to total heat which determines the relative position of the initial 
and final states of air passing from the conditioning equipment to the 
conditioned space. 

A ratio scale has been added to the psychrometric chart (Fig. 9*5) to 
facilitate investigation of load ratios. As a first step in the solution of a 
process problem the sensible and total loads are determined and the ratio 
of sensible to total load calculated. The marginal scale, at the value of 
this ratio, is entered (Fig. 10*1), and a line is drawn to the reference point 
printed on the chart at 65°F and 40 grains/lb. A second line is then 
drawn, parallel to the first and passing through the state r, for air in the 
conditioned space; this line is the locus of possible supply states of air 
going to the conditioned space. From any state on this line, the ratio of 
sensible to total heat gain or loss, as the air approaches r, is the same; 
conversely, there is no state, not on this line, from which air could be sup¬ 
plied to the conditioned space to meet both sensible and latent heat re¬ 
quirements. If air were supplied from some state to the left of the line 
(as $ f ) at a weight rate sufficient to remove the requisite sensible heat, 
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the corresponding latent heat removal would be insufficient, and the actual 
room state would necessarily move up to a value of higher humidity. If 
supplied from a point to right of the line (as s"), an air volume sufficient 
to meet sensible heat requirement would extract too great a quantity of 
latent heat and point r would therefore move down to a state of lower 
specific humidity. 



10*2. Rate of Supply. Prerequisites to use of the psychrometric chart 
in solving a particular problem is knowledge of the state r to be main¬ 
tained in the conditioned space, the sensible and latent heat loads, and 
the state o of outside air which is to be supplied to the space. The two 
states, r and o, are fixed on the chart, and the ratio of sensible to total heat 
load is then used to fix the direction of the dashed line through the room 
state (Fig. 10T). This locus is completely independent of the outside 
state, except in so far as outside conditions have entered into the load 
determination. Thus in an inside room "where the sensible and latent 
loads are due entirely to equipment and occupants, the supply state is at 
all times independent of changes in outside temperature or humidity. 

For any given state on the direction line, there is only one volume of 
supply air for which load conditions can be met. Either the state or the 
volume, but not both, can be arbitrarily selected. The selection of a 
particular volume, ot of an allowable range of volumes, is usually gov- 
emed by general considerations concerning the effective distribution of 
the supply air into the conditioned space. In many problems, particu¬ 
larly in comfort systems, avoidance of drafts and of undesirable tempera¬ 
ture differences in the space requires that the difference in temperature 
between supply and room air not exceed a fixed value. For such cases, 
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the minimum permissible volume of supply air can be calculated from the 
equation 


cfm 


SHL X v 8 
60 X 0.24 (t a - t r ) 


(104) 


where SHL = the sensible heat load in the room in Btu per hour. 
t 8 — supply air dry bulb temperature. 
v e = supply air specific volume. 
t r = room air dry bulb temperature. 


Since v 8 varies with the state of the supply air, equation 104 can more con¬ 
veniently be written in terms of the weight rate of air supply M 9 in pounds 
per minute, 


M 8 


SHL 

0.24 (ta ~ tr) 60 


( 10 * 2 ) 


The supply state is now determinable since the total heat load divided 
hy M 8 gives the enthalpy gain A/i experienced by one pound of air in 
passing through the room. From point r follow a constant-enthalpy line 
to the saturation curve (Fig. 104), move down to h 8 = h r — A h, then pro¬ 
ceed down the constant-enthalpy line h 8 to intersection with the direction 
line, the intersection giving the required supply air state point, s m i n . 

The maximum weight rate of air supply is limited either by room dis¬ 
tribution problems, as production of drafts, or by the economic limitation 
on the volume of air which can be handled through the equipment. As 
the volume is increased either the fixed charges (larger equipment) or the 
operating cost (greater resistance losses) must increase. Once the maxi¬ 
mum weight rate is established the corresponding supply state can be 
fixed (s max , Fig. 104) just as in the previous case. If the equipment for 
a particular air conditioning system is capable of modulating the delivered 
air volume, any supply state on the direction line between $ max and $ mln 
can be used in meeting the imposed load. 

10*3. Critical Loading Conditions. The five critical loading conditions 
are determined by the maximum values of the three heating loads (sensi¬ 
ble, latent, and total) and by the maximum and minimum values of the 
sensible to total heat ratio (that is, by the extreme slopes of the direction 
line). In Fig. 10*2, let the direction line marked SH meLX correspond to the 
sensible heat-total he&t ratio when sensible heat load is a maximum. 
The maximum change in sensible heat per pound of supply air that can 
occur under any load conditions is Awhich determines the lowest 
dry bulb temperature, t 4 , that will ever be required at the supply state 
when operating with fixed weight rate of supply. 

Similarly, the direction line marked Tflmax has a slope determined by 



166 


SUPPLY STATE OF CONDITIONED AIR 


the ratio when total heat is a maximum. Taking the weight rate at the 
value previously determined for maximum sensible heat load gives a 
supply state for which the total enthalpy gain, ATH mSLX , has its greatest - 
value; the corresponding sensible heat gain is less than in the previous 
case. The third critical load occurs at the condition for which latent heat 
gain is a maximum. For this case, the direction line is marked LH max , 
and the supply state (for same weight rate as before) is such that the 
latent heat gain A LH m&x is greater than for either of the preceding cases, 
though neither sensible nor total loads are as great. Again in Fig. 10*2, 



Fio. 10 2. Five Critical Loading Conditions. 

when the weight rate of air for the first three critical loading conditions 
is taken as the system minimum, the lowest supply dry bulb temperature, 
t A , will occur at maximum sensible heat load, the lowest dew point tem¬ 
perature, t p , at maximum latent heat load, and the lowest wet bulb tem¬ 
perature, t iD , at maximum total heat load . A curve through these three 
maximum load supply states represents a locus of states which must be 
produced by the system if it is to maintain the room at state r for any 
combination of maximum loads occurring at the assigned constant mini¬ 
mum weight rate. Minimum weight rate will, of course, be fixed in terms 
of maximum sensible heat load. A similar locus can be readily plotted 
for constant maximum weight rate. 

The two remaining loading conditions frequently occur at partial load. 
By referring to Fig. 10-2 and drawing the direction line for the load at 
which maximum ratio of sensible heat-total heat occurs, the supply state 
is determined in the usual way. Similarly, the direction line for mini* 
mum ratio and the corresponding state of supply are established. Con¬ 
tinuing the locus line already obtained to include the extreme ratio states 
gives the solid curve of Fig. 10*2 as the complete locus of all critical load- 
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mg conditions which occur with constant minimum weight rate Simi¬ 
larly the locus based on constant maximum weight rate can be constructed. 
An infinite number of loci, one for each possible weight rate, fall between 
those for maximum and minimum. If the conditioning equipment is 
capable of handling air at variable rates between minimum and maxi¬ 
mum, complete satisfaction of all critical loading conditions can be real¬ 
ized by supplying air along any single, continuous line of states terminat¬ 
ing, at either end, on one of the extreme direction lines; the dashed line 
in Fig. 10*2 represents such a path. 

The minimum weight rate, as defined previously, has been determined 
for conditions of maximum sensible heat load. Since the criterion used 
in selection of this‘minimum was limitation of temperature differential 
between supply and room air, it follows that the permissible minimum 
decreases as the sensible heat load decreases. Thus in Fig. 10-2 the 
curved locus, abcde, for constant weight rate equal to the minimum at 
maximum sensible load, would become a vertical line, a'b'c'de ', if the 
absolute minimum (variable for each critical loading condition) could be 
used; actually, the section a’b f of this locus represents imaginary supply 
states. The obvious objection to selecting the absolute minimum weight 
rate at each critical condition (in cases where such a selection is possible) 
is that the required minimum supply dew point decreases from t 9 to t 9 * 
with a consequent increase in the size and operating cost of necessary 
equipment. An alternative arrangement is to use the absolute minimum 
down to a dew point corresponding to that for maximum latent heat load, 
then increase the weight rate to hold this dew point constant for remain¬ 
ing critical loading conditions; the locus for this case is line a"c'de 'm the 
figure. 

Separate investigation of the five critical loading conditions is the most 
complex case which can face the designer. In most conditioning problems 
one or more of the critical conditions will automatically drop out, with a 
resultant simplification in the method of analysis. Thus when design 
conditions are based on a day when both dry bulb and wet bulb tempera¬ 
tures are high, the three maximum heat loads will probably occur to¬ 
gether; that is, the equipment would be supplying air at minimum wet 
bulb, dry bulb, and dew point temperatures for a single supply state. 
However, when the sensible and latent loads in the structure are due to 
equipments within the conditioned space, the relationship between a 
single design condition and critical loading conditions may be slight or 
even non-existent. The greatest care should in every case be exercised 
to assure adequate capacity of equipment to meet all five critical loads 
rather than limiting the design to an analysis of the condition of maxi- 
mum heat gain (or loss) alone. 

Sus&zn&rixmg, the psycbrometric analysis which must precede an in- 
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vestigation of possible processes to be followed and equipments to be used 
in solving a particular air conditioning problem has as its objective the 
fixing of the required supply state or the locus of states which will have 
to be met during critical loading. The supply state is determined as a 
function of room state, the sensible heat ratio, and the volume of air to 
be handled. 

10*4. Ventilation Load. The maximum loads which have been dis¬ 
cussed above are sensible and latent heat gains or losses within the room 
and are not in any direct way indicative of the total loads which may 
have to be carried by the air conditioning equipment. As an example 
consider an inside room which is to be maintained at 70°F dry bulb and 
50 per cent RH when the outside state is 100°F and 70 per cent RH. If 
there is no transmission load and no source of moisture or heat within the 
room, the state of supply air would correspond to room conditions, and 



Fig. 10-3. Supply Loci for Fractional Loads. 


the room heat load would be zero. However, if ventilation requirements 
were such that a large volume of fresh air had to be supplied, then the 
load carried by the equipment, in reducing outside air to the room state, 
would be very large. In short, the load carried by the air conditioning 
equipment in heating or cooling outside air needed for ventilation require¬ 
ments is not part of the room heat or moisture load and does not in any 
way affect the critical loading conditions which have been discussed in this 
section. Ventilation air and its attendant heating or cooling load must 
be considered in the investigation of conditioning processes, but it does 
not enter into the analysis leading to a determination of the supply state. 

10*5. Supply State at Partial Load. Consider the effect on the supply 
state of operation under reduced load. If in Fig. 10*3 it is assumed that 
the supply volume is held constant, the locus of supply states must move 
toward the room state as the load becomes smaller; for zero load the sup- 
plystate, regardless of volume, would be at room conditions. Thus the 
supply state, for any loading condition , or load, must be located in the arm 
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swept by the maximum load locus as it passes through the segment 
bounded by the minimum and maximum ratio lines and approaches the 
apex r. Air conditioning equipment to meet all loading conditions when 
operating with constant weight rate equal to the minimum must therefore 
be capable of supplying this air at any state point within the shaded area. 
When the load is determined by outside conditions — the usual case — 
the problem is somewhat simplified since there is then one outside state 
for each particular state within the supply area and the problem becomes 
one of selecting equipment which can condition air along specific paths. 



Where the room load is fixed by other than outside conditions, the prob¬ 
lem remains general, and it is then necessary to have equipment capable 
of meeting any point in the area from any of the possible outside states. 

Figure 10*4 shows the four basic types of air conditioning problems; 
lobes A and A' correspond, respectively, to the two most common comfort 
air conditioning problems, summer cooling with accompanying dehumidi¬ 
fication and winter heating with accompanying humidification. Lobes 
B and B' are, respectively, for heating with dehumidification and cooling 
with humidification, problems that do not commonly occur in condition¬ 
ing for comfort, but may be of great importance in industrial systems. 
The shape and position of the lobes depend, of course, on conditions for 
the particular problem. 

10*6. Mixing. For systems in which the total volume and the per cent 
recirculation are fixed, the entire supply area on the chart must be con¬ 
sidered in selecting equipments. Where either of these volumes is sub¬ 
ject to change, the engineer can reduce the equipment supply area to a 
single line through use of mixing processes. Mixing is a mechanical 
rather than a thermodynamic process, and since it can be usefully em¬ 
ployed with all types of air conditioning systems, the analysis will be 
taken up in this chapter rather than in the following one on equipments. 
As an example, consider Fig. 10-5 where the shading represents the re- 
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quired supply area; conditioning equipment must be capable of providing 
a fixed weight rate of air, M, at any point in this region. Let point o 
represent outside conditions, but assume that the available equipment is 
only capable of providing M at the single state point e. Since e is outside 
the supply area, air leaving the equipment cannot be directly admitted to 
the room. Assume further, that the equipment is of the type for which 
the state of leaving air varies along the straight line ee' as the rate is 
altered; thus if the weight rate through the equipment were reduced from 
M y the resultant exit state would be to the left of e on the line ee'. 

Consider the case in which all of M passes through the equipment; the 
state leaving is then e. If, however, no air is passed through, but all is 
by-passed around the equipment, the supply state is o. Obviously, as an 



Fig. 10-5. Straight Line (Approximate) Mixing. 


increasing percentage of M is allowed to pass through the conditioning 
equipment, the state at discharge from the unit will move left from e to¬ 
ward e' y and the supply state, after mixing with by-passed air, will travel 
from o toward e. There must, therefore, be a curve connecting o and e 
which is the locus of mixture states. It is necessary to determine the loca¬ 
tion of this locus and investigate the magnitude of its deviation from the 
straight line oe. 

Let M*p represent the weight of air by-passed. Then (M — Mbp) is 
the weight of air passing through the equipment. By the law of conserva¬ 
tion of mass, 


MlypWo + (M — Mbp)W x t 

M 


W, 


(10*3) 


The second property of the mixture which can be used to fix its state is the 
enthalpy. By the law of conservation of energy, 

M bfhp + (M ■— M bp)h^ * 

" ** *** 


(104) 
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In Fig. 10*5, the mixture state is located at intersection of W w and h 9 lines 
and is found to be slightly below the straight line connecting e and o . 
The divergence can be readily explained by noting that the humid specific 
heat at <c' } (c pa + W^c ve )y is less than the humid specific heat at o, 
(c pa + W 0 c P8 ), since W w > is less than W 0 ; in consequence the temperature 
drop per pound of dry air at 0 , per Btu reduction in sensible heat is less 
than the gain in temperature per Btu increase experienced by each pound 
of air at x\ The mixture temperature is therefore greater than would be 
the case if mixing occurred along the straight line. Maximum deviation 
occurs when the states of the mixed materials are widely separated and 
mixing proportions approach 1 to 1. 

Example. Mixing equal weights of dry air at states of 40°, zero humid¬ 
ity and 120°, 269 grains per pound, gives a true mixture temperature of 
81° rather than the 80° which would be found if mixing were assumed to 
follow the straight connecting line. The deviation in this case is much 
larger than would be found in practical problems; except where great pre¬ 
cision is needed the assumption that the state of the mixture falls on the 
line connecting the states of the materials mixed is sufficiently accurate, 
and most psychrometric investigations make use of this approximation. 
In all discussions which follow, the mixture will be considered as falling 
on such a line. 

Returning to Fig. 10-5, it is now evident that equipment capable of 
supplying air at state e can also, when equipped with a by-pass,* supply 
the same, or any lesser air volume at any state between e and 0 . In Fig. 
10*6, note that the weight available at point x can be varied at will from 
M to zero. By installing a second mixing damper to permit blending the 
air at point x with return air at state r, the mixing analysis again applies, 
and it is now possible to obtain the required weight M at any state as y, 
on the straight line connecting x and r. Since x is free to move along eo 
and y free to move along xr, the combination of two mixing dampers has 
enabled the equipment to supply air at the required rate, M pounds per 
minute, at any state in the shaded area. 

The minimum conditions necessary to permit satisfaction of all possi¬ 
ble supply needs are that the line eo be tangent to the supply area and the 
line er be a continuation of the ratio line established for maximum sensi¬ 
ble heat-total heat ratio. When these two conditions are satisfied, the 
point e" is established as the minimum single state of exit air from which 
all supply states can be met without aid of additional equipment other 
than two mixing dampers. The double shaded area (Fig. 10*6), below 
and to the left of e", is the section of the chart from which air at any 
single state can be successfully mixed with varying quantities of outside 
and room air to give the required supply volume at any state in the re- 

♦Befer to Auditorium Conditioning Corporation patents. 
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quired supply lobe. Conversely, there is no single state outside of the 
double shaded area from which all supply conditions can be met. From 
the design standpoint, the simplest way to solve the supply problem is to 
locate point e" on the chart and then provide whatever equipment is 
needed to deliver air at e " for any weight rate up to a maximum equal to 
the fixed weight rate of supply to the room. 

The obvious objection to reducing the supply area to point e " is the re¬ 
quirement, evident from the figure, that this state must have lower dry 
bulb, wet bulb, and dew point temperatures than any point actually re¬ 
quired for supply conditions. Lowered temperatures mean increased first 
costs and operating costs and should therefore be avoided whenever possi¬ 
ble. Since the locus of critical-loading conditions includes the most ex- 



Fig. 10-6. Permissible Area for Single-point Supply. 


treme temperatures ever required at the supply state, this line is also a 
locus of the absolute minimum of state requirements which must be met 
by the equipment. Use of this locus as a criterion of basic design is 
justified by the fact that any state in the supply area can be realized 
from the locus by mixing with room air. 

There is no first cost penalty in working from the maximum loading 
locus since it represents a minimum of permissible performance for the 
equipment. The possibility remains, however, that additional facilities 
permitting air to exit from the equipment at higher temperatures under 
reduced load would result in an operating economy. Usually the latter 
variation can be achieved by adjustment at the equipment itself, though 
in some cases there may be justification for carrying out a special analysis 
of processes most economically fitted to partial load operation. 

10*7. S ummar y. The first step in the psychrometric analysis leading 
to a selection of equipment for an air conditioning installation is to plot 
on the chart ihe five critical loading conditions defining minimum values 
of the dry bulb, wet bulb, and dew point temperatures for supply air and 
the minimum and maximum ratios of sensible heat load to total heat load. 
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The extreme supply air states, defined by the five critical loading condi¬ 
tions, appear as a family of curves the position of each depending on the 
constant supply air rate. If supply air rate were maintained constant for 
partial as well as for extreme loads the envelope of all required supply 
states would be fixed by the two extreme ratio lines through the room air 
state point together with the locus of maximum loading conditions at the 
fixed supply rate. 

In its most general form the designer's problem is to select equipment 
which will condition the fixed volume of air to any state within the 
supply area. Actually, however, the fundamental problem of meeting 
extreme loading conditions is in itself one solution of the entire problem 
because mechanical mixing of air from the critical locus with room or out¬ 
side air will, in every case, assure ability to realize any state within the 
supply area. 

The first criterion of design is to choose thermodynamic processes which 
can be followed by the equipment in bringing air from the intake condi¬ 
tion to any state on the critical locus. Secondary design criteria may 
then be investigated in an effort to reduce the partial-load operating cost, 
though this extra care in design cannot reduce the first cost as determined 
by the first criterion (since critical loads must still be met) and may sub¬ 
stantially increase first cost through need for greater complexity of the 
equipments and controls. 

Summarizing, the data required on the chart before the process investi¬ 
gation and subsequent equipment selection can be started are: (1) the 
room state, fixed by comfort or storage conditions beyond control of the 
designer; (2) the outside state, or range of states, fixed by climate and 
weather; (3) the locus of critical loading condition* at a selected weight 
rate of air supply to the conditioned space. 

PROBLEMS 

1. A structure to be air conditioned has a sensible heat load of 20,000 Btu/hr at a 
time when the total load is 100,000 Btu/hr. If the inside state is to be at 80°F, 50 per 
cent EH, is it possible to meet the load conditions by supplying air to the room at 
100°F and 60 per cent RH? If not, discuss the direction in which the inside state 
would be expected to move if such air were supplied. 

2. The summer load on a structure is 50,000 Btu/hr sensible heat when the total 
load is 60,000 Btu/hr; 30,000 Btu/hr latent heat when the total load is 50,000 Btu/hr; 
40,000 Btu/hr sensible load when the total load is 65,000 Btu/hr. If the maximum 
permissible temperature difference between supply air and room air is 20®F and if 
the room is to be held at 80 6 dbt and 50 per cent RH, calculate: (a) the minimum 
permissible year-round weight rate of air supply, (b) the minimum dbt of supply air 
when system operates with weight rate as calculated in (a), (c) the minimum wbt foT 
operation at minimum weight rate, and (d) the minimum dpt for operation at mini¬ 
mum weight rate. 

3. Supply air at 110° dbt and 84 wbt is supplied to an enclosure at a constant rate 



174 


SUPPLY STATE OF CONDITIONED AIR 


sufficient to maintain the inside state at a fixed value of 70° dbt and 65° wbt. If the 
sensible load is 66,000 Btu/hr, determine the latent and total loads. 

4. The most economical single supply state from which a system can meet any 
state in a given supply area is 64° dbt and 35° dpt. Room state is 90° wbt and 210 
grains/lb. Determine the maximum SHL/THL ratio for the system. 

6, Mixing occurs between 600 cfm of air at 70° dpt and 14,6 cu ft/lb specific 
volume and 400 cfm of air at 45° wbt and vapor pressure of 0.10 psia. Determine the 
dbt and wbt of the resultant mixture: (a) by the precise analytical method, (b) on 
the assumption that the state of the mixture is on a line connecting the states of the 
two air volumes. 

6. For the conditions of problem 5 determine the volume of the mixed air and 
compare with the sum of the volumes of air going into the mixture. 
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CHAPTER XI 

PSYCHROMETRIC PROCESSES 

The intent of this chapter is to investigate the thermodynamic process 
lines followed by air in passing through each of the different types of 
equipment used in air conditioning. Such equipment will be analyzed 
with reference to its limitations in reaching all parts of any required 
supply area. The latter part of the chapter takes up combinations of 
equipments which may permit achieving supply conditions otherwise un¬ 
obtainable, or may make possible more economical operation at supply 
points otherwise costly to attain. 

11*1. Equivalent By-pass Concept. Most equipments used in air con¬ 
ditioning, as heating coils, wet or dry cooling coils, or adiabatic humidi¬ 
fiers; have one characteristic in common: the air to be conditioned is 
brought into contact with a surface (liquid or solid) which is maintained 
at a substantially uniform temperature. Heat or vapor transfer to or 
from the air then occurs across this relatively uniform surface. The rate 
at which heat and vapor are transferred depends on the nature and extent 
of the surface, its position with respect to the air stream, and the relative 
velocity and degree of turbulence. All these factors are fixed, directly 
or indirectly, by the design of the equipment; it therefore follows that 
effectiveness is largely determined by the original design and is beyond 
control by the application engineer. 

Transfer effectiveness is largely governed by the degree of contact. 
That part of the air stream which makes and maintains contact is brought 
to surface conditions while the fraction which does not may undergo no 
change; the resultant state of the air mass leaving such an equipment is 
derived from the mixing of fractional quantities of air from all states be¬ 
tween inlet and surface conditions. Although there would be great diffi¬ 
culty in estimating the distribution of fractional states, the overall effect 
of such a mixing process can be readily described in terms of two equiva¬ 
lent masses of air, one at inlet conditions and the other at surface condi¬ 
tions. Applying the mixture analysis of the last chapter (section 10*6), 
the state of material leaving the conditioning equipment can be expressed 
in terms of these two masses. The actual equipment is thus considered 
equivalent to a smaller conditioner (100 per cent effective) working in 
conjunction with a by-pass. Effectiveness can then be expressed in terms 
of an equivalent by-pass factor. 
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The by-pass concept is helpful not only in permitting use of a simple 
factor to express effectiveness, but also because it reduces the problem of 
analyzing processes of actual equipments to the simpler one of analyzing 
only ideal (100 per cent effective) equipments and expressing the actual 
performance in terms of the ideal. This method will be used in the sec¬ 
tions which follow. 

11*2. Simple Heating or Cooling. Referring to Fig. 11-la, if air at 
state o is passed over any dry surface at a temperature other than t 0) but 
greater than the dew point temperature t d , the dry bulb temperature of 
the air stream would approach that of the surface while the specific 



Fig. 11*1. Fixed Surface Temperature. 

humidity would remain unchanged; thus a horizontal line through point o 
is the locus of all possible states resulting from a simple heating or cooling 
process. Using the supply area of the figure as an example, three methods 
of operation are available to provide air at any required supply state. 
The simplest, but most costly, is to fix the surface temperature at a value 
sufficiently low so that all supply conditions can be met without need for 
adjustment. A second and more economical method is to control the 
humidity of supply air by mixing ahead of the conditioner and control 
exit air temperature by adjustment of surface temperature in accordance 
with a fixed relationship between this temperature and the specific humid¬ 
ity. The third method is to control the humidity, as in case two, but vary 
the surface temperature as a function of the required dry bulb temperature 
of the supply state; this last is the most economical method of applying 
simple transfer surfaces to the solution of a complex supply requirement. 
The three methods will be discussed in detail in following paragraphs. 

Case I. Fixed Surface Temperature . If all outside air were used, the 
maximum leaving dry bulb temperature from which air could be supplied 
to any point in the lobe would be at the intersection, point e, of a hori¬ 
zontal through o with the extension of the maximum sensible heat-total 
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heat ratio line. For a surface having a by-pass factor of F, the surface 
temperature needed to provide an exit air temperature of t e would be 
(refer to Fig. 11*1 for nomenclature), 


te' 


te ~ Ftp 

1-F 


(1M) 


Thus any surface capable of delivering the required weight rate of air with 
by-pass factor F could provide supply air at any required supply state if 
the surface temperature were maintained at t e >. 

Low surface temperature requires low refrigerant temperature. As 
discussed in Chapter III, best economy is realized when heat extraction 
occurs at the highest permissible refrigerant temperature. For this reason 
greater economy of operation would be realized for the conditions of this 
problem if a sufficient fraction of room air were used in the mixture going 
-to the cooling coil so that the cooling process line could be raised to a con¬ 
dition of tangency, me[ , with the supply area boundary. Then a higher 
surface temperature, te[ y could be maintained, and exit air at e\ would 
represent the most economical single state of air from the cooling surface 
for which all supply conditions could be satisfied with constant surface 
temperature. Strictly speaking, the terminal state of exit air t 6l would 
move to the left for rates of air flow across the surface below the design value 
(because of lesser F due to greater time for contact), but in all such cases 
terminal air would be mixed with sufficient by-passed air at state m to 
provide the design supply quantity, and the mixture state would fall 
between e\ and m, so the effect of change in terminal conditions would not 
enter into the problem. 

A system capable of operating under the conditions of Case I is shown 
in Fig. lTlb. Mixing damper (1) is set in a fixed position (for a given 
outside state) such that the state of the mixture, m, is always the same. 
Mixing damper (2) takes a position determined by a thermostat in the 
conditioned space; as the sensible heat load increases the thermostat re¬ 
quires a larger proportion of air at state ei and a correspondingly smaller 
part at state m, giving a lower dry bulb temperature at p with a resultant 
increase in the capacity of supply air, at constant specific humidity, to 
extract sensible heat from the conditioned space. Damper (3) is con¬ 
trolled by a humidistat in the conditioned space. When the relative 
humidity tends to depart from the desired value the humidistat acts to 
re-position this damper and thereby vary the proportion of high humidity 
recirculated air. Other operating arrangements satisfying Case I are 
also possible. 

Case II. Variable Surface Temperature as Function of Latent Load. 
The fixed surface temperature of Case I had to be low enough to provide 
air at a dry bulb temperature substantially less than the minimum t t re- 
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quired for supply conditions. The loss in refrigerating efficiency attend¬ 
ing this unnecessary reduction in temperature can be overcome by design¬ 
ing the system for operation with a variable-temperature working fluid so 
that the surface temperature will never be less than the minimum value 
needed to meet the most extreme sensible heat load which can obtain at 
a particular value of the latent heat load. 

In Fig. 11-2a, let W w be the required specific humidity for a particular 
load condition. Corresponding to this humidity there is a particular 
value of the minimum dry bulb supply temperature, t e . The by-pass fac¬ 
tor, F, mixture temperature, t m , and minimum exit temperature, t e , to¬ 
gether fix the unique value of the required surface temperature, t e >, corre¬ 
sponding to the particular specific humidity TP*. 



Fia. 11*2. Variable Surface Temperature (Humidity Controlled). 


Figure 11*26 shows an equipment arrangement for carrying out Case II. 
Mixing damper (1) takes a variable position in response to the room 
humidistat, thereby causing point m to move along the straight line ro to 
fix the specific humidity of supply air. Mixing damper (2) is actuated 
by a room thermostat which causes point q to move along the line em . 
The surface temperature t e > is controlled to that value corresponding to the 
particular setting of mixing damper (1). 

For Case II the locus of surface temperatures is a path which varies with 
specific humidity along the heavy line of Fig. ll*2o. The upper section of 
this locus constitutes one leg of an angle with apex at point r and base along 
the m axim um ratio line for sensible to total heat. To compare Cases I 
and II, the fixed surface temperature of Case I is indicated at e[. The 
economic advantage of operation as in Case II cannot be estimated from 
the figure, since it is largely dependent on the hours per season of operation 
with supply air at various states within the lobe; obviously, if 90 per cent 
of the operating time were at 10 per cent partial load, the advantage of* 
Case II would be greater than if 90 per cent of operating hours were at full 
load. 
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• Case III. Variable Surface Temperature as a Function of Sensible 
Load . Though Case II avoids some unnecessarily low dry bulb exit tem¬ 
perature, it still requires, for a given humidity, continuous operation of 
the cooling equipment at the minimum surface temperature ever required 
for a supply state of that humidity. Further improvement would there¬ 
fore be expected if the surface temperature were varied as a function of 
the required dry bulb supply temperature. If Fig. ll*3a is referred to 
and if any possible supply point q is considered, the requisite surface 
temperature at this state has some such value as e\ At first glance one 
might suppose that the surface temperature would remain constant so 
long as the dry bulb temperature of the supply air did not change, but 
examination of the figure shows that the required surface temperature is 



Fid. 11*3. Variable Surface Temperature (Temperature Controlled). 


influenced by the dry bulb temperature of the mixture entering the cooling 
equipment and is therefore indirectly dependent on the humidity at the 
supply state as well as on the temperature. 

Considering the three supply states, q\, q, and q 2 , the humidity of the 
mixture entering the cooler decreases from W\ to W% with a consequent 
increase in the entering dry bulb temperature from and a resultant 

decrease in the required surface temperature from t e [ to t e ' t . If the by-pass 
factor were constant, the locus of surface temperatures corresponding to a 
fixed value of the supply air dry bulb temperature could be graphically 
determined by noting that it must be a straight line passing through the 
intersection, z, of the extended dry bulb supply line and the extended line 
connecting r to o. Thus, knowing the required surface temperature at 
the locus of surface temperature is a straight line connecting e' with x. 

Case III differs from Case II only in that the position of q on the line 
qm is fixed by varying the surface temperature rather than by mixing air 
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at states q ' and m. Since mixing is always a thermally irreversible proc¬ 
ess it is evident that Case III possesses an inherent thermodynamic” ad¬ 
vantage. An equipment arrangement suitable for use with Case III is 
shown in Fig. ll*3b. Mixing damper (1) is actuated by the room humidi- 
etat to give an entering mixture at state m having the necessary specific 
humidity. Neither by-pass around the cooling unit nor mixing with return 
air after the cooling unit is needed. The surface temperature is controlled 
from a room thermostat. 

Case III is thermodynamically the most effective of the systems by 
means of which a simple cooling process can be made to provide air at 
any necessary state in the supply area; it also represents the simplest pos¬ 
sible arrangement of control equipment. 

Comparison of Cases I, II, and III . Regardless of what kind of system 
is designed around a simple (dry) cooling surface, two predominant facts 
must always be recognized: (1) The moisture load of the conditioned 
space is met by blending air at states r and o, regardless of whether the 
mixing occurs through damper (1) or damper (3) and regardless of which 
of the three cases is employed, there is one and only one proportion of 

recirculated to outside air which will meet 
the requirements of the humidity load at a 
given supply state. (2) When the weight 
rate of air supply to the conditioned space 
is held constant at all loads, the cooling 
load for outside air is a function of the 
specific enthalpy at the supply state and is 
the same for all three cases. 

Setting up a heat balance on the con¬ 
ditioned space shows that the total load 
carried by the cooling equipment is fixed by 
the supply state and must be the same for 
all arrangements of equipment. However, 
the average temperature of the working fluid which carries heat from the 
cooling surface is not the same, and the work required to carry the load is 
greatest for Case I and least for Case III. TTiis can be visualized by 
referring to Fig. 11*4 and noting that the quantity of heat flowing through 
the system is unchanging (for a given supply state), but the temperature 
level of the receiver into which this heat flows is greatest for Case III. 
Since energy collected in the working fluid must be returned to the atmos¬ 
phere (or to some receiver—as condenser cooling water—at a substan¬ 
tially constant temperature) the work required to dispose of this heat will 
vary directly as the difference between receiver and outside temperature 
and will therefore be least for the system arranged to operate as in 
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Aside from variations in thermodynamic effectiveness, the three 
methods of using simple cooling coils differ in other important respects. 
Case 1 is unique in that the cooling surface operates independently of the 
distribution equipment; its surface temperature is held constant so there 
is no direct connection between the refrigerating unit and the conditioned 
space. Case 1 is also interesting in that, though the least effective of the 
three, it uses the greatest number (three) of mixing dampers. Case II, 
with two dampers, is more effective, while Case III, with but one such 
damper, has the greatest effectiveness. If it is recalled that mechanical 
mixing is a thermally irreversible process, the above result can be general¬ 
ized to an approximate rule to the effect that if two systems serve the 
same purpose their relative effectiveness will vary inversely with the 
number of mechanical mixings that occur. 



Fig. 11-5. Humidity Limitation with Simple Cooling. 

11*3. Limitations of Simple Heating or Cooling. An obvious limita¬ 
tion of the simple heating and cooling process is that it does not change 
the specific humidity of the conditioned air and can therefore be effec¬ 
tively used only when some other method of humidity control is available. 
For the examples already considered, conditions have been such that mix¬ 
ing could provide complete humidity control, and the combination of mix¬ 
ing dampers with the cooling equipment then provided adequate coverage 
of the entire supply area. For many problems such a combination will 
not suffice. 

Refer to Fig. 11*5 and consider the situation in the event that the spe¬ 
cific humidity of the outside air exceeds that for some of the supply points. 
By equipments arranged as in Cases I, II, or III all supply points in the ’ 
area above the horizontal line yo could be attained, but none of these 
systems could provide air at states below this line. 

A second and similar limitation sometimes arises. When the total rate 
of air supply to the system is low and the occupancy high, Ventilation 
requirements may necessitate a minimum volume of outside air which is 
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a substantial fraction of the total supply volume. Under such conditions 
a critical mixture point, m cy is reached. This state represents the maxi¬ 
mum allowable fraction of recirculated air and therefore fixes the maxi¬ 
mum specific humidity available at any attainable supply air state. 
Under these conditions, no system using only simple cooling equipments 
combined with mixing could realize any state in that part of the supply 
area which lies above the horizontal line xm c \ the limited area which could 
successfully be covered by simple cooling and mixing is shaded in the 
figure. 



Fig. 11-6. Economic Limitation of Simple Cooling. 


Aside from inability to meet all supply requirements, simple cooling is 
sometimes possible, but uneconomical. In Fig. 11*6, when the outside 
state is at o, the minimum heat extraction per pound of air supplied at 
point qishm — h q . Since the enthalpy of outside air is in this case greater 
than that of room air, the enthalpy of any mixture along line ro must also 
exceed that at r and the excess energy requirement of such a system is 
(hm — h r ) Btu per pound over that needed if equipment were available to 
recondition 100 per cent room air. If ventilation requirements establish a 
critical mixture state, m c , then simple cooling would be possible for all 
specific humidities below W m<t , but would be more costly than direct 
reconditioning; a similar analysis can be readily developed for the heading 
season. 

The reverse of the above situation exists when the enthalpy of outside 
air, regardless of its dry bulb temperature, is less (for cooling season) 
than the enthalpy of the air in the conditioned space, or more (for heating 
season) than the room enthalpy. For such cases, simple heating or cool¬ 
ing requires a lesser change in enthalpy than does direct reconditioning 
of air from the room. 

Summarizing, three arrangements are possible for combining simple 
heating and cooling equipment with mixing dampers to provide supply 
air of controlled temperature and humidity. Such systems are of varying 
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degrees of effectiveness, but greatest thermodynamic advantage is always 
realized by the arrangement which permits operation with the maximum 
surface temperature consistent with the required dry bulb temperature 
of the supply air. Regardless of the arrangement selected, inherent 
limitations arising from inability of the conditioning equipment to add or 
extract moisture from air passing through it make any system of this 
type inoperative when outside air is not available at an absolute humidity 
below the minimum needed at any supply state, or when ventilation re¬ 
quirements reduce the per cent allowable recirculation to a point such 
that the maximum specific humidity of such a mixture is less than the 
maximum humidity required at any supply state. 



11-4. Surface Cooling with Dehumidification. The preceding section 
has emphasized the thermodynamic advantage to be gained by keeping 
the surface temperature of a cooling coil as high as practicable. In many 
problems other factors more than offset the thermodynamic consideration 
and low surface temperatures may be used to advantage. Where lower 
temperatures permit use of smaller surfaces with higher by-pass factors, 
the saving in first cost may justify reduced thermal effectiveness. Of 
even greater significance is the possibility of securing an actual reduction 
in the total heat load on the system through use of psychrometric proc¬ 
esses made possible by lower surface temperatures. Where this can be 
done, the expense of removing fewer Btu at greater unit cost will often be 
less than that of removing more heat at lower unit cost. 

(a) Theory of Surface Dehumidification. Consider the supply area 
of Fig. 11*7 with room and outside states as shown at r and o. The abso¬ 
lute humidity of outside air exceeds that of many required supply points; 
so, as already discussed, a simple cooling system would be unable to pro¬ 
vide supply air for all loading conditions. Suppose now that the coil sur¬ 
face temperature were reduced below the dew point of the outside air, to 
some such value as t*. The temperature of the coil surface air film would 
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then approach t s > and as the vapor pressure in the film could not exceed 
the saturation pressure corresponding to the film temperature, condensa¬ 
tion would have to take place on the coil. The passing air stream would 
then be contacting a liquid surface having both a lower temperature and 
a lower vapor pressure than the main body of air. Each air mass con¬ 
tacting the surface would lose both heat and vapor, and air would leave 
the conditioner with a lower specific humidity than on entrance even 
though the period of contact might be insufficient to reduce the dry bulb 
temperature of the entire volume to a value as low as its original dew point 
temperature . 

The heat transfer and vapor transfer processes are completely inde¬ 
pendent of one another since only sensible heat is transferred through 
the air film; there is a mass transfer of vapor toward the surface, but the 
latent heat is extracted at the surface and is not transferred across the air 
film. The heat transfer from the surface to the refrigerant is equal to the 
total heat extraction from the air stream, but the transfer across the ex¬ 
terior vapor film is only the sensible fraction of the total. 

The concept of simultaneous heat and vapor transfer is vitally impor¬ 
tant to an understanding of the process followed by air passing over a 
low-temperature coil since from it one can visualize that condensation 
can, and does, occur from an unsaturated air stream passing over a wet 
surface which is at a temperature below the dew point of the air. If 
simultaneous transfer did not occur, the process line on the psychrometric 
chart would be a combination of simple cooling followed by further cool¬ 
ing with accompanying dehumidification along the saturation line; for 
the example of Fig. 11*7 the processes would then be indicated by the path 
oas '. Actually, however, no part of the process follows a simple cooling 
path, for as soon as sensible heat transfer starts there is a simultaneous 
vapor transfer with consequent dehumidification. The true process is 
therefore representable by some continuous path connecting o with s' and 
falling, at every point, below the line oas\ The position of the actual 
curve is determined by the relative rates of heat and vapor transfer. 

Fortuitously, the resistance of the air film is approximately the same 
for the passage of vapor as for the transfer of heat so the state of the 
leaving mixture is very nearly on the straight line connecting the entering 
state and the state of saturated air at the surface temperature. Actually, 
the resistance to mass transfer is usually slightly less than that for heat 
transfer so the final state is somewhat below the line os' for a dehumidi¬ 
fication process and somewhat above it for humidification (as by means 
of an air washer). However, experience has shown that the final state 
so closely approaches this line that for most commercial surfaces the 
deviation can be safely neglected. With the exception noted in the fol¬ 
lowing paragraph^ the leaving state of an air stream will be taken as on a 
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straight line connecting the entering air state and the state for saturated 
air at surface temperature; the exact position of the leaving state can be 
readily determined when the by-pass factor of the surface is known. 

( b ) Fog and Ice Processes. A special case and exception to the above 
analysis occurs when the process line crosses the saturation curve on the 
psychrometric chart. In Fig. 11*7 consider an entering state at m' and a 
coil at temperature t a >. The initial process followed by air passing over 
the surface would be along m's' to the intersection x' with the saturation 
line. From this point on, however, the straight line process would not 
apply. At any point between m' and x' the passing air is unsaturated and 
can therefore lose sensible heat to the coil without causing condensation 
in the air stream; such condensation as occurs during this part of the 
process is localized at the coil surface. After reaching x', however, the 
air is in a saturated condition and hence cannot lose further sensible heat 
without simultaneous condensation in the air stream. Cooling beyond x f 
therefore occurs with formation of a fog. From this point on the process 
becomes more complex because in addition to the sensible heat and mass 
transfer through the surface air film, it is also necessary that the latent 
heat of that part of the vapor which condenses in the main body of air be 
transferred across this film. The process from x' to s' is then along the 
saturation line (assuming removal of the liquid present in the main air 
stream) and the complete process is shown by the broken line m'x's'. 
Since the process is not a straight line, the equivalent by-pass method does 
not apply, and the.state of the leaving air is not on the process line m'x', 
but below it in the area bounded by curve m'x's', a tangent from m' to the 
saturation line, and that part of the saturation line which falls between 
the tangent’s intersection and point s'. 

A further complication occurs if m's' crosses the saturation line when t 9 > 
is below 32°F. In this event the process from m' to the point on the 
saturation curve corresponding to 32°F is as before, except that the latent 
heat transfer through the surface includes the heat of fusion as well as the 
heat of vaporization. As the air stream reaches temperatures below 
32°F, the fog freezes and hail or snow is precipitated; in this region the 
heat transfer through the air film includes sensible heat plus a fraction of 
the heat of fusion and that part of the total heat of vaporization repre¬ 
senting vapor precipitated directly in the main body of air. Operation 
of a practical system under such conditions is extremely unlikely, but the 
case is presented in order to complete the concept of psychrometric proc¬ 
esses which can be followed by an air stream as it passes over a surface. 

( c ) Limitations of Analysis. Throughout the above analysis the 
assumption has been made that the surface is at a uniform and constant 
temperature. With commercial surfaces uniformity is frequently not real¬ 
ised, but if constancy exists, the analysis can be applied on the basis of 
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an “ equivalent ” uniform surface temperature. In cases where the sur¬ 
face temperature is not constant, or where it is non-uniform along the 
path of air flow, the analysis is applicable at a given place and time, but 
integration must be used to determine the final state. Cases of this kind 
will be given detailed consideration in a later section. 

11*5. Application of Dehumidifying Surface to Conditioning Problems. 
Returning to the problem considered in connection with simple cooling, 
investigate a dehumidifying surface as a possible solution. Connecting 
the outside air state with the required supply locus by the tangent line op 
(Fig. 11*7) it is evident that state p could be realized by means of a 
cooling surface operating at temperature t 8 >. The entire supply area 
could then be covered by a system utilizing simple cooling for supply 
states above oa and dehumidifying cooling by means of a wetted surface 
for states below. 

But consider a required supply state such as q, and compare the effec¬ 
tiveness of simple and dehumidifying conditioning to this point. With 
simple cooling all outside air would have to be used, and the required heat 
removal per pound would be h 0 — h Q \ the surface temperature would be 
(based on by-pass factor of F and operation as for Case III) t e If the 
same state were to be reached with a dehumidifying coil operating at its 
minimum surface temperature (t 9 >) the state of the mixture going to the 
coil would be at intersection m of an extended straight line through s' and 
q with the line ro. The heat removed per pound of air would then be 
h m — h q and the loss over simple cooling would be (h m — h 0 ) Btu per 
pound. Since the weight rate of supply air is the same in both cases, the 
per cent loss for the system would be the same as for each pound. 

Changing the state of the entering air from o to m increases latent heat 
load by (h m — h x ) while simultaneously decreasing the sensible heat load 
by the lesser amount ( k 0 — h w ). The overall effect of using a dehumidi¬ 
fying coil to reach q is to increase the total load handled by the condition¬ 
ing equipment. When the outside state is so located that h 0 exceeds h r , 
then (h 0 - h m ) Btu per pound would be a saving realized by use of a 
dehumidifying coil in place of a simple cooling coil. Even in such a case, 
however, the advantage of dehumidification would be subject to question 
since the reduction in total heat load would be at the expense of a greater 
temperature differential and consequently a greater work requirement per 
Btu handled at the cooling surface. The choice between high- or low- 
temperature operation must be made on the basis of work requirements 
and a decision cannot be reached from heat load considerations alone. In 
many cases the most economical operating procedure results when the 
surface temperature is at some value between the minimum and maximum 
values; for such cases the arrangement of the system represents a com¬ 
promise between simple and dehumidifying coil procedure. 
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Although the state of air leaving the dehumidifying coil is on the line 
$'m, its exact position is determined by the by-pass factor of the coil and 
is not subject to variation. In the example of Fig. 11-7, the by-pass 
factor of the surface might be so great that the leaving state would be 
between points q and m ; in that event no supply state could be realized 
which had a lower dry bulb temperature than the air leaving the coil. On 
the other hand, a low by-pass factor would place the exit air dry bulb 
temperature between s' and q\ in this event a mixing damper could blend 
leaving air with air at state m such that state q could be reached. The 
effect of such a mixing damper is to increase the equivalent by-pass factor 
of the cooling surface. 

11*6. Cooling Surfaces in Series. Three possibilities exist for the proc¬ 
esses followed by air when passing through a series of cooling surfaces. 
Each of the cases will be treated separately with a brief discussion of the 
practical conditions which might lead to its adoption and a study of the 
path followed during passage through the conditioner. 



Fig. 11 8 . Constant-temperature Coils in Series. 

Case I. A Series of Surfaces at Constant and Uniform Temperature . 
The analysis is the same whether the surfaces are wet or dry. If the by¬ 
pass factor is the same for each section the states leaving will be as shown 
in Fig. ll‘8ab: Approaching coil 1 is a mixture at m which leaves at state 
a for the dry coil or state a' for the wet coil. (In the example illustrated, 
the by-pass factor for each section is taken as 50 per cent so states a and 
a f are at dry bulb temperatures midway between the surface temperature 
and the incoming air temperature.) Similarly, the states 6 and 6' leav¬ 
ing the second section are at dry bulbs between the surface and incoming 
air temperatures. The equivalent by-pass factor for the first two sec¬ 
tions is then F X F « F 2 . In the same way the condition leaving the 
third section is equivalent to that of air which had passed through a single 
coil having a by-pass factor of F 8 . By analogy, if there were n such coils 


188 


PSYCHROMETRIC PROCESSES 


in series the state leaving the last coil would be fixed by an equivalent by¬ 
pass factor for the system of F n . 

Case I is common in practice and occurs when the cross section of the 
conditioning unit is fixed by velocity or other requirements, and the only 
available method of realizing the required cooling capacity is by placing 
the requisite number of standard surfaces in series. Exact uniformity of 
surface temperature is not realized in such cases because the progressively 
decreasing air temperature causes a corresponding reduction in coil sur¬ 
face temperature. Usually, however, this non-uniformity is very small. 

Case II. A Precooling Coil Operating as a Simple Cooling Unit and 
followed by a Dehumidifying Coil. This condition arises when some 
working fluid (as sea water) is available at a temperature below the dry 
bulb of the entering air, but not sufficiently low to care for the dehumidi¬ 
fication requirements. In large installations where a sectionalized refrig¬ 
eration plant is installed there is also an economic advantage in splitting 
the total cooling load into two parts, one of which can be handled by re¬ 
frigerant at higher temperature. 



Fig. 11-9. Precooling and Dehumidifying Coils in Series. 

The process for a series installation of this kind is shown in Fig. 11*0. 
Air enters the simple cooling unit at state m and leaves without humidity 
change at some state as a, depending on the by-pass factor. Entering the 
dehumidifying coil at a, the air is conditioned along the straight line as' 
to some leaving state as b. The final state can be readily determined by 
applying the mixing analogy successively to the first and second sections 
of the surface (when by-pass factors are known), but it obviously does 
not lie on the line ms\ connecting initial state and second-surface satu¬ 
rated state; this case i§ not subject to solution in terms of an equivalent 
by-pass factor for the system as a whole. 

Cashs III Dehumidifying Coils in Series , but Operating at Different 
Surface Temperatures. As shown in Fig. 11*10 this case is analysed In 
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exactly the same manner as Case II; the final state does not fall on the 
line ms'" and cannot be determined from an equivalent system by-pass 
factor. Possible reasons for using two such coils in series are the same 
as for Case II. 

The special importance of Case III arises from the fact that it suggests 
a method of analyzing the performance of single cooling units in which 
the surface temperature progressively and continuously changes as the air 
stream passes along the surface. Suppose, for example, that cold water 
is the working substance and the weight rate of water flowing through the 
coil is so low that a significant temperature rise occurs. Assuming coun¬ 
terflow, the average cross-sectional surface temperature is greatest where 
the entering air stream first makes contact and progressively decreases as 
the air travels through the unit. At a given cross section the average 
temperature is assumed constant with respect to time. 



Fig. 11*10. Equivalent By-pass Factor. 

The path of the process at any cross section can be determined from the 
air and surface temperatures at that cross section, but since contact occurs 
only for an infinitesimal time, the change of state for that section would 
alsb be infinitesimal. Refer to Fig. 11*10 and let m be the state of enter¬ 
ing air and $ the surface temperature at the cross section where the first 
contact occurs; the process would then be along the line ms. If now, we 
consider a very short distance along the pith of air flow and neglect the 
small drop of surface temperature which would occur through this length, 
we have a finite period of contact and therefore a determinable, though 
large, by-pass factor for this short section of the unit. Knowing the by¬ 
pass factor we can fix the state of air leaving this section, as at point a in 
the figure. 

Proceeding in the same way, the process line through the next small 
length of section for which average surface temperature is s', is along the 
line as' and the state of air leaving this section is at some such point as b. 
Similarly, the entire length of the cooling surface can be divided into see- 
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tions of small but finite length and the end point for each such section 
determined. The end point of air from the last section is obviously the 
state leaving the unit; the process for the unit as a whole is then repre¬ 
sented by the curve drawn through the end points for each section. In 
Fig. 11*10 this process is described by the curve mabcd; the leaving state 
is d and a straight line from m through d, extended to intersection with the 
saturation curve, gives the equivalent uniform surface temperature t 8l ; 
an equivalent overall by-pass factor, F e = (td — t 8l )/(tm — <«,), can then 
be calculated. 

The above analysis can also be conducted without knowledge of the 
sectional by-pass factor since each end point is calculable from the law of 
conservation of energy provided only that the entering and leaving tem¬ 
peratures of the cooling fluid and the weight rates of the cooling fluid and 
the air stream are known. From these data one can calculate the heat 
absorbed by the cooling fluid and hence the loss of energy, in Btu per pound 
experienced by the air passing through the unit, 

Enthalpy change of air stream, Btu /lb = — ~ fCf ^ -— (11*2) 

where M/ = weight rate of flow, cooling fluid, lb/min. 

M a = weight rate of flow, air stream, lb /min. 

C/ — specific heat of cooling fluid, Btu/(lb)(°F). 
t/ 9 = entering temperature of cooling fluid. 
tf x = leaving temperature of cooling fluid. 

The entering state of the air and process line for the finite section are 
known, so the end point is fixed at intersection of the calculated enthalpy 
with the process line. 

The surface temperature of all cooling units is affected to a greater or 
less degree by the rate of heat transfer as well as by the temperature of 
the cooling fluid. Since heat transfer is a function of temperature differ¬ 
ence, the surface temperature varies with variation in the temperature of 
the air stream even though the cooling fluid temperature remains constant 
(as for an evaporating refrigerant). Consequently, the true process path 
of air passing through almost any type of cooling coil is a curve of the 
type shown in Fig. 11*10. Fortunately, the variation in surface tempera¬ 
ture is so small for direct expansion coils or for coils using a moderate 
weight rate of cold water that it can safely be neglected; the analysis for 
such cases can be carried out in terms of the simpler straight line equiva¬ 
lent by-pass concept. 

11*7. Surface Heating with Humidification. From the thermodynamic 
standpoint, the process lines investigated for cooling and dehumidifying 
surfaces should be equally applicable for heating and humidifying pro* 
vlded a supply of water were available to keep the beating surface in a 
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wetted condition. In Fig. 11*11, if air at state o were passed over a dry 
surface at temperature t 8} the process would be simple heating, and the 
final state would be somewhere on the line os. If this hot surface were 
wetted, the water film would be at surface temperature and the vapor in 
the air film would have a saturation pressure corresponding to tempera¬ 
ture t s . There would now be a vapor pressure gradient as well as a tem¬ 
perature gradient toward the passing air so heating and humidification 
would occur simultaneously. Then, for the same reasons advanced in dis- 



Fig. 11-11 Wet and Dry Heating Surface Processes. 

cussing dehumidification, the state of leaving air would be on the straight 
line os'. Simultaneous heating and humidification by means of wetted 
surfaces has not been used commercially, but the principle is applicable 
and may, in the future, be developed; the greatest difficulty is in the design 
of a surface to which water can be supplied without previous passage 
through the air stream. 

11*8. Direct Humidification. Many types of equipment are available 
for humidifying an air stream. Essentially, however, the thermodynamic 
and psychrometric processes followed by such equipments are based upon 
one of three fundamental paths. 

Case I. When an air stream is brought into contact with a body of 
water maintained at the entering dry bulb temperature of the air, humidi¬ 
fication takes place without change in the dry bulb temperature. Under 
these conditions humidification occurs because of the mass transfer of 
vapor from the saturated air film into the passing air stream. The film 
is saturated at the temperature of the air stream so its vapor pressure 
exceeds that in the passing unsaturated air. Since there is no temperature 
difference, heat is not transferred, and all energy needed to vaporize the 
water used in the humidifying process must be supplied from the main 
body of water and must therefore be added to this water from an outside 
source. The psychrometric path followed during a process of this kind 
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would be simple humidification without heating, and would appear as a 
vertical line on the chart. 

A variation of Case I is the ordinary humidifier consisting of a body of 
water in which a heating coil is used to raise the temperature and supply 
the latent heat of vaporization. The principal reason for the raised tem¬ 
perature is to increase the vapor pressure gradient and thereby accelerate 
the mass transfer of vapor to the air stream. Accompanying the raised 
temperature, however, is a transfer of heat to the air stream with a re¬ 
sultant temperature increase. The process for such a humidifier is exactly 
the same as that already taken up for humidification with surface heating 
(line os' of Fig. 11-11). 

Case II. In many cases humidification is realized by the direct injec¬ 
tion of water into the conditioned space. Usually this is accomplished by 
passing the water through a nozzle or discharging a small, high-velocity 
stream against a hard surface to break it up into a fine spray or mist. 
With injection systems the need is for complete and rapid evaporation of 
all liquid entering the room and since evaporation occurs from the liquid 
surface, the process is hastened if the transfer area is increased. The pur¬ 
pose of creating a spray is to increase the surface-volume ratio. Though 
the effectiveness of a given humidifier in achieving complete evaporation 
of the injected water is largely determined by the surface-volume ratio, 
the final state (for complete evaporation) is always the same and is inde¬ 
pendent of the effectiveness of the atomizing equipment. The principal 
factor influencing the final state of the conditioned air is the temperature 
of the injected water, but, whatever this temperature may be, the method 
of analysis is always the same. 

Consider an atmosphere at outside state o, the specific humidity of 
which is to be increased, by direct water injection, from W 0 to W m . Per 
pound of dry air in the conditioned space it is necessary to add 
( W m — W o )/7000 lb of water. The state of the air after humidification 
can be determined by application of the laws of conservation of mass and 
of energy. This state must be on the horizontal line through W m and 
must also be on the line for which the enthalpy is h 0 plus [( W m — W 0 ) 
(t w — 32) ]/7000 where t w is the temperature of the injected water. Not¬ 
ing that an increase in absolute humidity of 70 grains/lb represeftts an 
unusually high value and a supply water temperature of 100°F is con¬ 
servatively high, a calculation from the above equation shows that the 
enthalpy increase likely to occur during humidification by injection will 
be less than I Btu/lb for any injection water temperature up to 100°F. 
Thus for all such equipments the final state of the conditioned air can be 
considered (approximately) as falling on a constant enthalpy line through 
the initial state; if greater accuracy is needed the final enthalpy can be 
determined by an exact analysis as discussed in the following paragraphs 
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From the thermodynamic standpoint the paths followed by humidifica¬ 
tion processes are largely dependent, in the' early stages, on the initial 
water temperature, but the final section of the process is usually one of 
adiabatic saturation. Refer to Fig. 11-12 and consider, as a first case, 
that injection water is supplied at the wet bulb temperature of the entering 
air, t 8 . Each entering water drop is surrounded by a film of vapor at 
pressure VP 8 ; a simultaneous transfer occurs of vapor from the drop to 
the air stream and of sensible heat from the air stream to the drop. The 
drop remains at the equilibrium wet bulb temperature, and the process of 
humidification proceeds along a constant sigma line, or, approximately, a 
constant enthalpy line. 



As a second case, let injection water be supplied at t ly any temperature 
greater than the wet bulb temperature of the air, but less than its dry 
bulb. When the water first enters the air stream the rate of heat transfer 
to the drop is less than for equilibrium while the rate of mass transfer 
from drop to air stream is greater. Then the latent heat needed to sustain 
evaporation must come in part from the sensible heat of the liquid, and the 
liquid temperature will drop until it reaches the equilibrium value corre¬ 
sponding to the final wet bulb temperature t w of the air stream. During 
this transient period the air stream will be gaining latent heat in excess 
of its loss of sensible heat so its enthalpy will increase. The complete 
psychrometric path consists of a brief transient process, oa, followed by 
the equilibrium process of adiabatic partial saturation ac. 

The extreme example of the above case occurs when water is injected at 
a temperature greater than the dry bulb of entering air. In that event, 
the transient process is itself divided into two parts: Initially, heat as 
well as vapor flows from the droplet to the air (line oa 9 , Fig. 11*12) ; the 
cooling rate is very great so the droplet and air are soon reduced to a 
common temperature, ta 9 . At this point there is no heat transfer either to 
or from the drop, but vapor is still being transferred to the passing air 
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and its latent heat must be supplied by sensible cooling of the unevapo¬ 
rated water; the drop temperature falls below the dry bulb temperature 
of the air, and the remaining part of the transient period a'b f is the same 
as in the previous case. By assuming uniformity of all droplets, the true 
process curve oa'b'c' for humidification under such conditions can be 
determined graphically by using the equivalent mixture concept and 
determining instantaneous states by the method previously established for 
dehumidifying coils in series. Curve o,1,2,3,4,5,6,7,8 shows a typical 
graphical solution. 

The third case occurs when injection water enters at a temperature 
lower than the wet bulb in the conditioned space. The analysis is essen¬ 
tially the same as for the preceding case, but with preheating of the drop¬ 
lets during the transient period. If the initial water temperature is above 
the dew point, heat flows to the droplet at a rate greater than that corre¬ 
sponding to equilibrium while vapor enters the air stream, but at a lower 
rate than for equilibrium. There is thus a gain in total heat at the droplet 
(since sensible heat gain exceeds latent heat loss) and a resultant tem¬ 
perature rise until equilibrium conditions have been established. The 
extreme‘example of this case occurs when injection water is supplied below 
the dew point of the room air. Under such conditions there is an initial 
transfer of both heat and vapor to the drop so that the initial period of the 
process is actually one of dehumidification rather than humidification. 
During this period the drop temperature rapidly rises as it is gaining both 
sensible and latent heat. When the dew point temperature is reached, the 
flow of vapor ceases, but the drop continues to gain sensible heat, its tem¬ 
perature rises, and the vapor flow now starts in the opposite direction; 
Fig. 11*12, Curve 10,11,12,13, shows a graphical solution of this extreme 
case. 

Case III. The obvious disadvantage of water injection as a method of 
humidification is that, as has been shown, the process inevitably becomes 
one approaching adiabatic humidification with a consequent temperature 
reduction of the conditioned air. This disadvantage can be overcome by 
injecting steam rather than water intQ the conditioned space. For many 
industrial humidification problems steam injection is the simplest and the 
most economical method (both in first and in operating cost) of raising 
humidity. For comfort installations, however, direct injection of steam 
is less desirable because of the possibility of introducing objectionable 
odors into the conditioned space. 

' The thermodynamic processes followed by injection steam are shown 
on the temperature entropy diagram of Fig. 11* 13a. Moist steam at state 
l passes through a nozzle, undergoing a constant-enthalpy pressure reduc¬ 
tion to b, where it is saturated, and beyond to a final pressure at c corre¬ 
sponding to the desired vapor pressure in the conditioned spac?. From 
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state c the highly superheated vapor follows a constant-pressure line, while 
losing heat to the air, and ends at d, corresponding to the state of vapor 
in the humidified space. The difference in enthalpy between states c and 
d is the energy, in Btu per pound of steam added, which appears as a 
sensible heat gain in the conditioned space. On the psychrometric chart 
of Fig. 11T36, point d corresponds to the same point on the temperature 



(a) (b) 

Fig. 11*13. Steam Jet Humidification. 


entropy diagram. Thus the energy available for sensible heating is the 
difference in enthalpy between line steam and saturated steam at state y. 
The specific humid heat of the atmosphere at o is c pa + W 0 c P8 — $, so the 
temperature gain due to humidification is 


[(hi - hy) (Wd - TF o )]/7000 


There are two independent unknowns in this equation (td and A') so it 
must be solved by trial and error. The enthalpies h{ and h' y are from the 
steam table, not the psychrometric chart. The sensible heating effect 
resulting from injection of steam is usually not negligible and should, in 
every case, be investigated by equation 11-3. Humidification by steam 
injection cannot be shown as a process line on the psychrometric chart 
because the humidification occurs instantaneously and not along a path; 
the initial and final states can, however, be shown and the dotted line 
connecting them considered as an equivalent process. 

11*9. Air u Washing 99 Processes. Many of the psychrometric proc¬ 
esses already described, as well as others, can be carried out directly from 
a controlled liquid transfer surface. The term “ air washer,” as used 
here, refers to any equipment which produces a large liquid transfer sur¬ 
face by bringing drops of water into contact with an air stream in the 
conditioning equipment. Commonly this is done by spraying water into 
the air stream and at a later cross section installing baffles or eliminators 
to prevent entrained droplets from being carried into the conditioned 
apace. 

For purposes of process analysis, air washers can be classified as simple 
or complex. Simple washers are non-energy-transferring equipments in 
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which the spray water is recirculated without treatment; complex washers 
operate in conjunction with heat transfer apparatus designed to add or 
remove energy from the recirculated spray water. Complex units can be 
further classified according to the ratio of weight rate of spray water to 
weight rate of air. 

(a) Simple Washing Process. The only energy entering the air 
stream as a result of passage through a simple air washer is the heat of 
the liquid of that water which is evaporated; the process in such an equip¬ 
ment closely approaches that of adiabatic saturation. The simple wash¬ 
ing process is an effective method of humidification, provided the asso¬ 
ciated dry bulb temperature reduction is not objectionable or can be 
restored by passing the cooled air stream over a reheating surface. As a 
cooling process the adiabatic saturation method has the great advantage 
that it does not require a low-temperature heat receiver (as a refrigerant); 
simple air washing, where it can be used, is probably the most direct and 
least costly method of achieving a dry bulb temperature reduction. 

The use of adiabatic humidification as a means of sensible cooling is, 
however, subject to two severely restrictive limitations. Since the maxi¬ 
mum possible dry bulb reduction is equal to the depression of wet bulb 
below dry bulb temperature of the incoming air, it follows that a substan¬ 
tial cooling effect can be realized only when relatively dry air is available 
at the washer entrance. For problems where the sensible cooling load 
has to be carried under conditions of high outside humidity, adiabatic 
humidification therefore cannot be used. A second objection is that the 
sensible cooling may be attained at the cost of room relative humidities so 
high as to constitute a possible health hazard. 

( b ) Complex Washing Processes: Water Temperature Substan¬ 
tially Constant. When the weight rate of water supplied to the sprays 
is very great with respect to the weight rate of air flow, the change in tem¬ 
perature of the water during passage through the conditioner is negligible. 
For such cases, the function of the washer is identical with that of a wetted 
solid surface maintained at constant surface temperature, and the analysis 
is therefore the same as that which has already been presented (section 
11*7) for surface heating or cooling accompanied by humidification or 
dehumidification. The concept of such air washing processes as special 
cases of the general surface transfer process should assist materially in sim¬ 
plifying the visualization of paths followed and of the limitations inherent 
in washing equipment. 

Figure 11*14 shows the various paths which can be followed by air in 
passing through a complex washer. The determining factor responsible for 
a particular path is the energy exchange process which occurs during recir¬ 
culation of the spray water. Thermodynamically, washing processes differ 
from solid surface processes only in that the energy transfer occurs con- 
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tinuously over the solid surface, but intermittently in the washer; heat 
flows to or from storage in the wash water and is later (during conditioning 
of the recirculated water) discharged or regained in an energy exchange 
outside of the washer. Since all energy passing to or from the air stream 
must be temporarily stored in the wash water, a high rate of water flow 
is necessary if the water temperature is to remain substantially constant 
throughout the cycle. Note, however, that the requirement of a high 
water rate is dictated solely by the constant surface temperature con¬ 
sideration; equipment can, and does, operate effectively with low water 
rates — the process lines for such cases will be considered in the next 
section. 



Fig. 11-14. Washer Processes: High Water-air Ratio. 

If Fig. 11*14 is referred to, a complex washer of the type under con¬ 
sideration is seen to be capable of accomplishing any of the following 
processes: 

1. Heating with humidification ( oa ). By supplying spray water in 
adequate quantity at the desired leaving air temperature the process will 
be a straight line and the end point of the leaving air will be somewhere 
on this line, the exact position being determined by the equivalent by-pass 
factor of the washer. The limit of leaving state which can be attained by 
this method is fixed by the maximum available water temperature. Since 
the saturation curve rises rapidly, the effectiveness (in increasing attain¬ 
able supply states) of a given water temperature rise becomes less as the 
temperature increases. When the initial relative humidity of the air is 
high, the area in which supply states can be attained becomes very small. 

2. Humidification without change in dry bulb temperature (of>). 

3. Cooling with humidification (oc). The region in which this is pos¬ 
sible must be divided into two parts. Any state in the area where the 
final enthalpy exceeds that of the initial air (shaded area bcob) requires 
that energy be supplied to the spray water before recirculation, whereas 
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states in the area of reduced enthalpy (area cdoc) require the removal 
of energy prior to recirculation. 

4. Cooling without change in humidity (od ). 

5. Cooling with dehumidification (oe). Exactly as with surface de¬ 
humidification, this process requires that the working fluid be maintained 
at a temperature below the dew point of the entering air. The area ( deod) 
in which supply states can be attained is limited by the temperature of 
the wash water and decreases rapidly as the initial state of the air 
approaches the saturation line. 

Summarizing, complex washing processes with high water supply rates 
can be used to reach any point in the “ cooling and humidifying ” quad¬ 
rant; some points in the “ cooling and dehumidifying ” and “ heating and 
humidifying ” quadrants; no points in the “ heating and dehumidifying ” 
quadrants. Thus the complex air washer duplicates the function of either 
a humidifier or a simple cooling surface and overlaps the range of the 
wetted surface for heating and cooling. In Fig. 11*14 the unshaded area 
on the chart includes all states which cannot be attained by a complex 
air washer. 

(c) Complex Washing Processes: Water Temperature Varying. 
Assuming that the variation in water temperature occurs as a function of 
longitudinal position in the washer, the process followed by the air in pass¬ 
ing through the unit can be determined by the method previously devel¬ 
oped for coils in series. The analysis is identical for the two cases, but 
the conditions are usually strikingly different in that parallel flow must 
occur in the washer while counterflow is possible and is commonly used in 
the coil series. The effect of this difference is to change the curvature of 
the path from convex, for the coils, to concave for the washer. Figure 
11*15 shows the graphical determination of path for a cooling and de¬ 
humidifying washer and compares it with the path for a series of coils 
operating between the same end points. This difference in path means 
little if the equipment, in either case, is capable of reducing the passing 
air to saturation at surface temperature, but it does alter the location 
of intermediate states for systems operating with equivalent by-pass 
factors. 

Figure 11*15 also shows the supply area attainable with complex wash* 
ers of this type. The straight dashed lines indicate the maximum and 
minimum water temperatures, t w and needed to realize the area limits 
shown by the solid lines; states a, b, c , and d correspond to the same points 
in Fig. 11*14. Note that the adiabatic saturation line is the limit 
approached from either direction; this is the one process line for a cop* 
plex washer that is independent of the weight rate of water flow; the only 
effect of water rate on the adiabatic process is to alter the equivalent by* 
pass factor and thus the end point of the air. All other lines increase in 



DEHUMIDIFICATION 199 

curvature as the weight rate decreases and approach the straight condi¬ 
tion as the rate increases. 

The graphical determination of a path is time consuming and subject 
to many inaccuracies resulting from the required assumptions that tem¬ 
perature is constant with respect to time and is uniform over a given cross 
section. For these and other reasons, the graphical analysis can serve 
only to illustrate the type of path which might be expected from equip¬ 



ment of this kind. Fortunately, most commercial equipments of the com¬ 
plex washer type bring the air stream very close to a saturated state at 
the leaving temperature of the spray water; in consequence, the exact 
path is not of practical importance as the final state of air, or the tem¬ 
perature drop of the water, can be determined from a simple energy 
balance on the washer. 

11-10. Dehumidification. The processes so far discussed have not in¬ 
cluded any means of dehumidifying in conjunction with heating. Of the 
two principal methods in commercial use, one, adsorption, is based on 
the mechanics of capillary attraction and the other, absorption, on the 
chemistry of solutions; in each case the function of the dehydrating device 
is to reduce the vapor pressure at the dehumidifying surface and thereby 
establish a pressure gradient from the main body of the air stream to the 
surface at which condensation is to occur. The two methods differ princi¬ 
pally with respect to the nature $f the forces responsible for bringing 
about vapor removal at the active surface. 

(a) Absorption. Capillary attraction is responsible for drawing vapor 
condensed at the surface of the adsorbent into capillary openings, thereby 
reducing the vapor pressure at the surface, causing a pressure gradient 
and hence a mass transfer from the passing air stream to the working 
surface. As the capillaries fill with water, the attraction decreases and 
the rate of dehtlmidification falls off. For this reason the problem of 
a fixed state of air leaving an adsorber becomes difficult and 
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by-pass control, to assure a fixed condition irrespective of the capillary 
condition (in the working range), may be necessary. 

Thermodynamically, an adsorption process resembles reverse-acting 
adiabatic humidification. As air passes over the transfer surface, vapor 
flows through the air film to the surface, condenses and releases its latent 
heat of vaporization which raises the adsorbent temperatures above the 
dry bulb of the air stream and thereby induces a flow of sensible heat back 
to the passing air stream. When equilibrium is reached the sensible heat 
given up to the air per unit time must equal the energy released at the 
adsorbent surface per unit time. If the only energy release were that due 
to condensation, the sensible and latent heat transfers in opposite direc¬ 
tions would be equal, and the process line would be an adiabatic. Actu¬ 
ally, however, an exact balance between sensible heat and latent heat is 
not realized because of an accompanying “ heat of adsorption.” With the 
adsorbents used commercially, silica gel and activated alumina for ex¬ 
ample, the heat evolved during adsorption may be significantly large. 
The exact value varies with the condition of the adsorbent, but for silica 
gel is of the order of magnitude of 200 Btu/lb of vapor adsorbed. At 
equilibrium, therefore, the sensible heat gain of the air exceeds the loss 
of latent heat and the temperature of the air at exit from the adsorber 
is greater than it would be if adiabatically dehumidified. 

The adsorption process, like that for the simple washer, reaches a con¬ 
dition of heat transfer equilibrium; unlike the washer process, the vapor 
transfer in adsorption does not reach equilibrium conditions as there is 
no way of continuously extracting from the system the moisture which 
collects in the adsorbent. In consequence, some method is needed to 
extract, at intervals, the moisture from the adsorbent and hence regenerate 
it. Certain commercial installations do this by using two dehumidifiers, 
one of which operates while the other, by application of heat, is being 
reconditioned or “dehumidified”; other systems use one dehumidifier 
arranged to rotate slowly so that part of the adsorbent is subject to re¬ 
generation at the same time that the remainder is in active service. 

(fc) Absorption. Some salts, when dissolved in water, have the 
capacity of reducing the vapor pressure over the resultant solution below 
the saturation pressure of pure water for the same temperature. The 
usefulness of this property arises from the fact that such solutions can be 
used as dehumfdifying sprays in air washers without first reducing the 
spray temperature below the dew point of the passing air. The critical, 
temperature for such a spray, that is, the temperature at which the vapor 
pressure in the air film around the drop is equal to the vapor pressure in 
the main body of air, depends on the spray temperature, the concentra¬ 
tion of the absorbent and the dew point temperature of the air. If a 
highly concentrated absorbent spray were used at a high weight rate and 
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at the critical temperature, with incoming air of high relative humidity, 
it would conceivably be possible to heat the air without change in 
humidity; this is the only possible means of attaining simple heating 
from an air washer. Similarly, highly concentrated absorbent spray 
flowing at high weight rate through air of high relative humidity and 
with air dry bulb equal to the spray temperature could conceivably accom¬ 
plish either simple humidification or simple dehumidification. 

As dehumidification occurs, the concentration of the absorbent de¬ 
creases with a constant rise in vapor pressure and decrease in effective¬ 
ness. Some method is needed for maintaining the concentration. This 
is sometimes done by regenerating the fluid by means of evaporation, or, 
less economically, by overflowing solution at the same rate at which water 
is extracted from the air and then restoring the concentration of remain¬ 
ing fluid by addition of the necessary quantity of salt. Salts commonly 
used in absorbent solutions are lithium chloride and calcium chloride. 

The psychrometric process for an absorption system is similar to that 
for adsorption, the principal difference being that the extra increase in 
dry bulb temperature of the air is due in one case to the heat of wetting 
and in the other to the heat of solution. 


PROBLEMS 

1. Air at 120° dbt and 60 grains /lb enters a simple cooling coil having a surface 
temperature of 75°F; the leaving air is at 100° dbt. Assuming that the by-pass factor 
of the coil does not change, determine the coil surface temperature needed to cool air 
from 110° dbt and 135 grains/lb to a leaving temperature of 100°F. 

2. A system operates as in Fig. 11-2 with room state at 70° dbt, 50 per cent RH, 
outside state at 90° dbt, 55° wbt and supply state at 60° dbt, 35° dpt. What per¬ 
centage of recirculated air is used in the supply stream? 

3. A dehumidifying coil with a by-pass factor of 10 per cent receives outside air at 
100° dbt, 40 per cent RH, and operates with a surface temperature of 40°F. If 500 
lb/min of supply air are required with a dbt of 70°F, calculate the weight of outside 
air which must be by-passed around the cooling unit. 

4. Six cooling coils operate in series; all coils have the same constant and uniform 
surface temperature (40°F), and the same equivalent by-pass factor (15 per cent). If 
air enters the first coil at 100° dbt, 40 per cent RH, determine the state leaving: 
(a) the second coil, ( b ) the fifth, (c) the sixth. 

5. In problem 4 consider that 30 per cent by weight of the air from the second coil 
is by-passed around the third, and an additional 20 per cent by weight of air from 
second coil is by-passed around both the third and fourth coils. Determine the state 
leaving the sixth coil and calculate the equivalent by-pass factor for this system and 
compare it with the equivalent by-pass factor for the system of problem 4. 

0. Three coils, each having a 12 per cent by-pass factor, are in series and receive 
outside air, counterflow, at 100° dbt, 40 per cent RH. The first coil operates with a 
surface temperature of 70°, the second with 60*, the third with 50°F. Calculate the 
state of air leaving the third coil. 

7, Xu problem 6 if the last coil operated with a 20°F surface temperature estimate 
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the approximate state of the leaving air-vapor mixture and discuss, qualitatively, the 
kind or kinds of entrained material. 

8. Air at 100° dbt, 40 per cent RH passes, in parallel flow, over a series of five 
water-cooled plates' Water enters the first plate at 60°F and leaves at 54°F; enters 
the second at 54°F and leaves at 57°F; enters the third at 57°, leaves at 59°; enters 
the fourth at 59°, leaves at 60°; enters the fifth at 60°, leaves at 60.5°F. If the flow 
rate is 1.5 lb air/lb water and if each plate is assumed to operate at a uniform sur¬ 
face temperature equal to the average temperature of the water passing through it, 
calculate the state of air leaving each plate and plot the approximate cooling process 
on the psychrometric chart. 

9. Water at 90°F is injected into an air stream (at 80° dbt, 55° wbt) in an amount 
just sufficient to raise the absolute humidity by 20 grains/lb. (a) Calculate the exact 
state of the humidified air and compare with the approximate state determined from 
the psychrometric chart for the assumption of a constant-enthalpy humidification 
process, (b) From the exact state calculated in (a), sketch a curve on the chart show¬ 
ing, qualitatively, the humidification process. 

10. Saturated steam at 10 psi is injected into a passing air stream in amount 
sufficient to raise the absolute humidity from 40 to 100 grains/lb. If the air enters the 
humidifier at 70 dbt, determine its leaving state. 

11. Repeat problem 6 for parallel flow. 

12. Repeat problem 8 for counterflow. 

13. An air washer (assume parallel flow) receives air at 90° dbt, 05° wbt, and water 
at 95°F. Assume zero by-pass factor and determine the ratio of water to air flow rates 
necessary to condition the air to a saturated state at 75° F. 
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CHAPTER XII 
PROCESS COMBINATIONS 


Most equipments used singly in air conditioning systems are capable 
of supplying air at a given state, or, in a few cases, along a particular 
process line, but not at any state in an arbitrarily assigned area. Yet the 
latter condition is the one which must be met if the air conditioning sys¬ 
tem is to function satisfactorily for all load conditions. In this chapter 
consideration will be given to some of the various equipment combina¬ 
tions which permit realization of the flexibility requisite to meeting all 
required states. 

12*1. Heating and Humidifying Processes. As an example of the, 
method of combining equipments to obtain a greater range of possible 
supply states, consider that outside air is at state o and is to be condi¬ 
tioned by some system made up of heating coils, air washers, and damper- 
equipped by-passes; the arrangement of equipment is to be left to the 
designer's judgment. The following systems illustrate arrangements of 
increasing effectiveness (weight rate of supply assumed constant in 
all cases). 



Fia. 12-1. Tempering Coil and Adiabatic Washer. 

Case I. Equipment: Dry heating coil operating at a fixed tem¬ 
perature. 

Supply: At state a (Fig. 12*1). 

Comment: This arrangement represents a minimum of flexibility. 
There is no control over the humidity, and the leaving air temperature 
would obviously vary with changing outside conditions. 
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Case II. Equipment: Adiabatic saturating air washer. 

Supply: At state b. 

Comment: Like Case I, this arrangement is inflexible since both 
supply temperature and humidity are dependent on the outside conditions. 

Case III. Equipment: Dry heating coil operated at variable tem¬ 
perature or fixed temperature coil equipped with by-pass. (Henceforth 
such units to be called controlled coils.) 

Supply: Any state along line oa. 

Comment: The controlled coil permits realizing any supply tempera¬ 
ture between t a and the outside dry bulb temperature, but does not pro¬ 
vide humidity control. 

Case IV. Equipment: Adiabatic saturating air washer with by-pass, 
or washer with variable by-pass factor (controlled air washer ). 

Supply: Any state along line ob. 

Comment: This system permits realizing any absolute humidity 
^between the values corresponding to initial dew point and wet bulb tem¬ 
peratures respectively, but does not provide control of supply temperature. 

Case V. Equipment: Controlled adiabatic air washer followed by 
controlled reheating coil. 



Supply: Any state in the area obcao (Fig. 12-2). 

Comment: A damper in the by-pass around the washer would be con¬ 
trolled to give the desired absolute humidity; the reheating coil controlled 
to give desired supply temperature. This system provides much better 
flexibility than any so far considered, but is severely limited as to range 
of obtainable humidities. 

Case VI. Equipment: Same as in Case V, but with the coil preceding 
(preheating or M tempering ” coil) the washer. 

Supply: Any state in area obdao (Fig. 12*3). 

Comment: Control would be exactly as for Case V, the only differ¬ 
ence between these systems being that use of the heating surface ahead of 
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the washer permits variation of the wet bulb temperature of air entering 
the washer and hence greatly extends the range of humidity variation. 



Fig. 12-3. Dry Coil Preceding Adiabatic Washer. 


Aside from the greater supply area which can be reached by installing 
the heating coil ahead of the washer, this arrangement has the additional 
advantage — important in regions where winters are severe — of provid¬ 
ing tempering of the outside air before admission to the washer. Such 
preheating is necessary when outside air temperatures are substantially 
below freezing as otherwise there would be, under conditions of low 
humidifying load, a hazard of freezing in the washer piping and sprays. 

Case VII. Equipment: Controlled preheating coil followed by con¬ 
trolled adiabatic air washer followed by controlled reheating coil. 

Supply: Any state in area obdeao (Fig. 12*4). 



Fig. 12-4. Tempering Coil, Adiabatic Washer, ancl Reheat Coil. 


Comment: Use of the reheating coil increases the area in which supply 
states can be reached by adding area adea to that obtainable from preheat 
coil and washer alone. The use of a reheating coil for this purpose re¬ 
quires provision of extra surface rather than a mere division of the surface 
previously required for the single preheating coil. 
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This case represents the arrangement having greatest possible flexi¬ 
bility of supply when a simple air washer is the only equipment available 
for changing humidity. Series operation of a second air washer following 
the reheat coil would permit attainment of state points above the line de , 
but the first cost and the complexity of such an arrangement are usually 
prohibitive. Where supply humidities greater than that corresponding 
to the maximum wet bulb temperature of air leaving the preheating coils 
are required, it is necessary to use either direct humidifiers or complex 
air washers with heated spray water. 

Case VIII. Equipment : Controlled preheating coil followed by air 
washer with heated spray water, followed by controlled reheating coil. 
The washer is supplied with spray water at temperature ty and saturates 
the air at the leaving water temperature t f . 



Fig. 12*5. Tempering Coil, Complex Washer (or Wet Surface), and Reheat Coil. 

Supply: Any point in the area obfgao (Fig. 12*5). 

Comment: The increased area of possible supply is dfge . Unlike the 
preceding cases, there is not a definite and fixed value of the state of air 
leaving the preheater and corresponding to a given supply state; the 
state q could be reached by preheating to x and following path xf through 
the washer, or, equally well, by preheating to xi and following path x'f 
through the washer (the spray water rate being the same for the two 
cases). The selection of point x is determined purely on the basis of 
load distribution and bears no functional relationship with the supply 
state. If it were desired to use a saturating complex washer with a by¬ 
pass, the resultant state of the mixture would be on the straight line xfm u j 
rather than on the curved washing path x'm'f. 

Case IX. Equipment: Controlled heating coil followed by surface 
humidifier supplied with water at dry bulb temperature of supply State. 

Supply: Any point in area ob'fgao (Fig. 12*5). 

Comment: Theoretically, this arrangement can duplicate any state 
possible with Case VIII except those which fall in ami ebb'o, but actual^y 
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there is little possibility that a practical system could realize states in the 
area above line de without requiring a prohibitively large area of heated 
water surface. The only feasible method of achieving adequate evapo¬ 
rating surface is by using a fine spray which, of course, means a return 
to use of a complex air washer. 

Case X. Equipment: Controlled heating coil followed by direct 
steam injection humidifier. 

Supply: Any state having a dry bulb temperature and humidity 
greater than that of the air at point o (Fig. 12*6). 



Fig. 12-6. Tempering Coil and Steam Jet Humidifier. 


Comment: When the steam supplied to the humidifying nozzle is 
saturated at pressures less than 5 lb gage, the rise in dry bulb temperature 
of the air during process of humidification is rarely more than 10°F. 
The exact value of the temperature rise depends on state of the steam and 
on the humidity increase which is desired; it therefore varies with change 
in outside conditions. The most simple control arrangement for a system 
of this kind is' to have the heating coil operated from a room thermostat 
and the steam nozzle from a room humidistat. 

12*2. Cooling and Dehumidifying Processes. In most climates a heat¬ 
ing load is inevitably accompanied by a humidifying load. In the cooling 
season no comparable rule is applicable; sometimes cooling and simul¬ 
taneous humidification may be needed though in many installations cool¬ 
ing with dehumidification is required. In all cases the object of the 
designer is to realize the desired condition with the least expenditure for 
energy and for equipment. 

Case XI. Equipment: Controlled adiabatic air washer in series with 
by-passed cooling coil. 

Supply: At any state in the shaded area of Fig. 12*7. 

Comment; For cooling service the supply area realized from series 
operation of these two pieces of equipment is the same regardless of which 
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equipment comes first. If the system is to be used for year-round opera¬ 
tion, however, the coil should precede the washer since, as was shown in 
Figs. 12*2 and 12*3, this greatly increases the area of possible supply states 
for winter operation. Aside from the supply area problem, operating 
effectiveness dictates location of the coil ahead of the washer for summer 
operations because this permits extracting heat from the air at a higher 
temperature. By referring to Fig. 12*7 and noting that the two possible 
paths to be followed in going from o to s are oa's or ob's, it is evident that 



Fig. 12-7. Dry Cooling Coil and Adiabatic Washer. 


the refrigerant in the cooling coils must be introduced at a temperature 
below t B if cooling occurs from a ' to s, while the minimum refrigerant 
temperature can be somewhat higher (t h > if zero by-pass factor) when path 
ob's is followed. The difference between these two temperatures may be 
great enough, in some instances, to permit use of available cooling water 
without refrigeration in going from o to b ' while necessitating mechanical 
or other artificial refrigeration to provide a cooling fluid at sufficiently low 
temperature to extract heat along the line a's. Conversely, for a by¬ 
passed coil discharging saturated air the refrigerant temperature would 
have to be lower for path ob's than for oa's. 

Case XII. Equipment: Controlled complex saturating air washer. 

Supply: Any state in area oab (Fig. 12*8). 

Comment: The limiting minimum temperature, tb, is determined both 
by the capacity of the spray cooling equipment, and by the position of 
point o with respect to the saturation line. The lowest permissible value 
is fixed by a straight line through o at its point of tangency with the 
saturation line; this condition is shown in Fig. 12*8. The upper tempera* 
ture limit a is at the wet bulb temperature of the entering air; the use of 
heated spray water would permit raising state a, but for most cooling 
problems the complex washer operating with either cooled or unheated 
recirculating water will suffice and heated spray water Is unnecessary. 
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Case XIII. Equipment: Controlled dehumidifier in series with con¬ 
trolled simple cooling coil. 

Supply: A. When cooling coil precedes dehumidifier: Supply at any 
state in area oabco (Fig. 12*9). As drawn on this figure the lower limit 



Fia. 12-8. Cooling by Complex Saturating Air Washer. 


be is horizontal, thus representing a fixed minimum value of the absolute 
humidity that could be realized at exit from the dehumidifier. Actually 
the minimum humidity might vary with the dry bulb temperature (and the 
relative humidity) of the entering air and therefore be greater or less at 
point c than at point b ; this possibility is indicated by the alternative 
areas (oab'co and oab u co ). Further, the exact slope of the dehumidifying 



Fig. 12*9. Dry Cooling Coil and Adiabatic Dehumidifier, 


process may vary with the state of entering air since the average dry bulb 
temperature in the dehumidifier will affect the rate of heat loss and there¬ 
fore influence the departure of the process from a true adiabatic; thus the 
slope of lines oc, xy , and ab may not be the same. 

B. When cooling coil follows the dehumidifier: Supply at any state 
in the area oadco . Note that the effect of changing the location of the 
coil has been to increase the possible supply area by the amount abd. 
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Though the possible supply area has been extended by this change, it 
should be clear that the extension could not be realized in practice unless 
the coil had more capacity than the one used in the previous arrange¬ 
ment; the enlarged supply area is a possible extension, but its realization 
depends on adequacy of transfer surface. 

Comment: The above conditions emphasize the difference in arrange¬ 
ment sequence for adiabatic washers and dehumidifiers: For operation 
of a coil and air washer, the coil should always precede the washer; for 
operation of a coil and dehumidifier, the coil usually should be installed 
last. Another important difference is that there is no psychrometric 
advantage to be attained for the dehumidifier series from splitting the 
coil surface into precooling and recooling sections; the entire possible area 
is realized with all coil surface after the dehumidifier. 

Cask XIV. Equipment: Controlled dehumidifier followed by con¬ 
trolled dehumidifying recooling coil (Fig. 12-10). 



Fia. 12*10. Adiabatic Dehumidifier and Wet Cooling Coil. 

Supply: For a cooling coil operating at fixed temperature t 9y supply 
can be from any state in the area oa'aco, as well as on the line as. 

Comment: Since coil surface temperature t 9 is less than dew point of 
entering air, states in the region oa"a'o cannot be attained. 

12*3. Special Cycles. 

Case XV. The Over-dehydration Cycle . 

Equipment: Dehumidifier, followed by simple controlled cooling coil 
followed by simple, controlled saturating air washer. 

Supply: Any state in area oabcdo (Fig. 12*11). 

Comment: Psychrometrically this cycle has no evident advantages 
over those which have already been discussed, but it is of particular inter¬ 
est from the standpoint of the thermodynamics of energy transfer from a 
working substance. Consider outside air at state o to be conditioned to 
a supply state point a. The most direct method of conditioning would be 
to pass the air over a simple cooling coil reducing its temperature at cptt- 
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stant absolute humidity. However, to do this there must be a cooling 
fluid available at a temperature less than t B , hence well below the outside 
temperature. In many cases no natural supply of low-temperature work¬ 
ing substance (as well water) is available and the simple cooling process 
os would therefore require some kind of refrigerating equipment to permit 
collection of heat at the low temperature and disposal of it at some tem¬ 
perature greater than t 0 . 



Fiot 12 11 The Over-Dehydration Cycle. 


In the cycle of Fig. 12-11, the dehumidification process oa is not strictly 
adiabatic, but can be so considered. The washer process bs is adiabatic. 
The only process in the cycle in which there is an appreciable energy 
transfer is therefore the cooling line ab and the heat which is to be ex¬ 
tracted along ab is effectively equal to that which would have been re¬ 
moved along the simple cooling line os. The effect of the dehumidifier 
and washer is then merely to displace the heat removal process into a 
temperature range in which cooling can be more economically carried out. 
Temperatures t a and h are both sufficiently far above the outside dry 
bulb so that cooling can be accomplished by means of outside air. 

This cycle is thermodynamically similar to a heat pump since heat is 
picked up in the room (as in an evaporator) along the line so, raised in 
temperature level (as in a compressor) along the line oa , discarded (as 
from a condenser) along ab, and the temperature of the working substance 
reduced by a constant-enthalpy process (as in an expansion valve) along 
the line bs. The total load is practically unchanged, but the need for 
refrigeration Has been obviated. 

A practical disadvantage of the over-dehydration cycle is the need for 
supplying a relatively large amount of heat to the dehumidifier during the 
regenerative process. Except in cases where heat is available from ex¬ 
haust steam or some other low-cost source, the cost of supplying regenera¬ 
tive energy to the dehumidifier is likely to be prohibitive. 
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Case XVI. The Run-around Cycle. 

Equipment: Reheating coil in series with and following a precooling 
coil with a simple saturating air washer located between them. 

Supply: Any state in the area ob'a's (Fig. 12*12). 

Comment: When a saturating air washer is used without a by-pass, 
the only available method of controlling the final absolute humidity is 
through control of the wet bulb temperature of air entering the washer. 
Considering that outside air at state o is to be conditioned to a supply 
state point s, which lies on the constant-enthalpy line through o, the 
simple air washer could not alone provide the desired state since there 
would be no way of controlling the humidity at discharge. If a by-pass 
were available it would, of course, be possible to blend air from the washer 
with a by-passed fraction to get any desired state point on the line oa . 
Without a by-pass some other method of controlling the humidity at dis¬ 
charge is essential; the method most commonly used is to precool the air 



going to the washer until its wet bulb temperature is numerically equal 
to the dew point temperature desired at the supply state. The air is then 
saturated in the simple washer and reheated along line a's to the required 
dry bulb temperature. In the event that the air washer had an equivalent 
by-pass factor, precooling would be stopped at a point as 6" and reheating 
carried out along a"s. 

The precooling and reheating processes are obviously responsible for 
poor economy of operation since there is no theoretical need for any energy 
transfer into or out of the system, yet a quantity of heat equal to 
(h 0 — hy) is extracted from the system at the expense of cooling water or 
refrigerant whereas an equal heat quantity is later returned to the system 
from steam or other heated working substance. 

Hie run-around cycle is a mechanical arrangement for using the same 
working fluid alternately to cool and heat the air stream without addition- 
or removal of energy from the system. Consider that a relatively large 
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supply of water is available at temperature t w and that the temperature 
change of this water due to reception or rejection of energy from the air 
stream is negligible. Then the water could first be circulated through the 
precooling coil reducing the air temperature from t 0 to t b > while the water 
underwent a very small temperature rise; it could then be passed through 
the reheating coil returning to the air stream the quantity of heat ex¬ 
tracted in the precooler and simultaneously cooling the water to its original 
temperature t w . 

For the case illustrated the energy requirements for precooling and re¬ 
heating happened to be the same. Usually, however, the supply state is 
either to the left, or to the right, s", of the adiabatic line. In either case 
the coil loads are not equal, and it then becomes necessary to provide an 



Fig. 12-13. Indirect Evaporative Cooling. 

extra heating or cooling coil through which energy is added to or carried 
from the system. The complexity of the run-around system frequently 
increases the first cost to a point such that the operating saving does not 
justify the investment. 

Case XVII. Indirect Evaporative Cooling . 

Equipment: Simple air washer and plate type air cooler. 

Supply: Any state along line oc (Fig. 12*13). 

Comment: In many installations the supply dry bulb temperature is 
greater than the outside wet bulb temperature, but direct evaporative cool¬ 
ing cannot be used because of the attendant rise in absolute humidity. 
When this is the case cooling can sometimes be effected by an indirect 
evaporative system. Outside air enters the washer at state o and leaves 
saturated at temperature t a . This air is then carried through a plate type 
heat exchanger where it receives heat from a counterflow of outside air 
which is sensibly cooled along the line oc; air for supply to the room, at c, 
is then available at reduced dry bulb temperature, but without having 
undergone the absolute humidity increase that is associated with passage 
through an air washer. Examination of Fig. 12*13 shows that a second 
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cycle could be carried out in series with the first: air entering the second 
washer at state c, leaving at d, passing through an exchanger which cools 
a second fraction of outside air from t 0 to t f . Similarly, other cycles could 
be added indefinitely; the limiting state of the conditioned supply air is 
at a dry bulb temperature corresponding to the initial dew point of the 
outside air. Thus, indirectly, evaporative cooling can be used to reduce 
air to its dew point rather than its wet bulb temperature. In practice, 
the cost of equipment to reduce the dry bulb below the initial wet bulb is 
almost always prohibitive, but an understanding of the method does 
assist in visualizing the operating limits of evaporative systems. 



12*4. Three-way Mixing. Many combinations of equipment are pos¬ 
sible with which control can most advantageously be attained through 
mixing of conditioned air, recirculated air, and by-passed air. Psychro- 
metrically the state resulting from three-way mixing can be determined 
by any of four methods (Fig. 12-14): 

1. By calculation. If the weight rates of air at states o, b, and r are 
M 0 , M&, and M r , then the specific humidity at the supply state, a, must be 
equal to (M 0 W 0 4 M & TF & -f M r W r )/(M 0 4 M h 4 M r ). Similarly, the 
enthalpy at 8 can be calculated and, knowing two properties, the state 
fixed. 

2. From the chart by visualizing that mixing occurs first along ob to 
fix point m lf then along m to fix point s. 

3. From the chart by visualizing that mixing first occurs along or to 
fix m 2 , then along m 2 b to fix point s. 

4. From the chart by visualizing that mixing first occurs along br to 
fix m$, then along m$o to fix point 

12*5. Effect of Recirculation: Winter. In all the arrangements which 
have been considered, the state of air going to the conditioner has been 
taken at point o. In every case it has been considered that each equips 
ment in the system would handle the same weight rate of air (th# Is, 
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the sum of air weights passing through an equipment and its by-pass 
would be a constant of the system). Where recirculation is permitted 
this assumption need not be true. Refer to Fig. 12-15a and consider that 
the minimum outside air requirement is such that if direct mixing of 



Fig. 12*15. Recirculation for Heating Season. 


outside and recirculated air occurred, the state of the mixture would be at 
point m. Then for any arrangement of equipment, and regardless of the 
place or places in the cycle where the actual mixing of recirculated air 
occurred, the total heat required to be added by the system is equal to 
(K Btu per pound of supply air; the method of bringing recircu¬ 
lated air back into the supply system does not in any way affect the total 
load. 

Although immaterial as to load, the method of introducing recirculated 
air may have a very important effect on the first cost of the system, its 
flexibility, and ease of control. The designer must therefore consider the 
vuAwm possibilities in terms of load distribution between individual 
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equipments and general operating effectiveness. Figure 12*15 illustrates 
seven possible methods of introducing room air into the supply duct of a 
heating and ventilating system made up of a preheating coil, simple satu¬ 
rating air washer, and a reheating coil in series. The states of outside, 
supply, and room air are the same in all figures and are designated as 
o, $, and r respectively. 

а. Referring to Fig. 12* 15a, the introduction of recirculated air ahead of 
the tempering coil reduces the total heat requirement from that for all 
outside air by (h m — h 0 )/(h 8 — h 0 ). In addition to the operating saving 
there is also a saving in the first cost of needed equipment since the load 
on the preheat coil has been substantially reduced, and the mass transfer 
requirement at the air washer is likewise modified. For operation under 
the arrangement of this figure the load and operating conditions at the 
reheating coil are exactly the same as would have been true if all outside 
air were used. Though the preheating coil can be smaller for this type 
of recirculating operation, the size does not decrease as rapidly as the load 
since the average air temperature is greater and the mean temperature 
difference between heating fluid and air is therefore less; with lower tem¬ 
perature difference, a greater area of coil surface is needed for each Btu 
per hour transferred. 

б. When the recirculated air is introduced after the preheating coil 
(Fig. 12*156) the system is split into two^eeparate parts and care must be 
exercised when taking data from the psychrometric chart to be certain 
that all data are for a section of the system in which the weight is constant. 
Thus, the weight of air handled by the preheating coil is equal to the total 
fresh air supply M 0l and the heating load on this coil is therefore 
M 0 (h a — h 0 ). The weight of air passing through the air washer and the 
reheating coil is constant and equal to the total supply quantity M 8 , so 
the heat load on the reheating coil is M 8 (h 8 - h b ). Note, in particular, 
that the difference in enthalpy between the outside state and the supply 
state, h 8 — h 0 , has no significance with respect to the total heating load of 
the system; this enthalpy difference does represent the heat added to each 
pound of outside air , but it is not indicative of total load. The size of 
the reheating coil and the load which it carries are the same as if all out¬ 
side air had been used. 

c. Another method of introducing the recirculated air is shown in Fig. 
12*15c. In this case outside air is taken through the preheating coil and 
the air washer before mixing with return air. The mixture then passes 
through the reheating coil and is admitted to the conditioned space. The 
effect of this arrangement is to transfer some of the load from the re¬ 
heating coil to the other equipments, thus permitting use of a smaller coil; 
this is particularly advantageous in installations where zoning is used and 
individual reheat or u booster ” coils are located at each zone entrance. 
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The size of preheating coil will increase more rapidly than the load because 
of the greater average air temperature and consequent reduction in the 
mean temperature difference across the coil surface. In this case the 
weight M 0 is constant through preheating coil and washer, but increases to 
M a at entrance to the reheating coil. 

d. When the introduction of return air is delayed until after the re¬ 
heating coil, Fig. 12T5d, system performance is again based on constant 
weight rate of air flow and analysis is therefore the same as for a non¬ 
recirculating system. This arrangement is sometimes used in order to 
allow the conditioning equipment to operate with a minimum amount of 
air; the recirculated quantity is then added to reduce the temperature 
difference between supply and room air. The state of air leaving the 
reheating coil must fall on a straight line through points r and s. Note 
that the heat added per pound of conditioned air ( h 0 — h 0 ) is greater than 
would be needed if all outside air were used, but the total load on the con¬ 
ditioning equipment, M 0 (h c — h 0 ), is less than the total load for a non¬ 
recirculating system. 

e . Return air is sometimes introduced in more than one place. In Fig. 
12* 15c, some recirculated air mixes with the outside air prior to going over 
the preheating coil, and the remaining room air is returned just ahead of 
the air washer. The psychrometric analysis of this system would necessi¬ 
tate considering process ma, with weight M m , separately from processes 
m'b and bs, for each of which the weight is M 8 . 

/. When the air washer is not 100 per cent effective the wet bulb tem¬ 
perature of air to washer must be increased so that the humidity of un¬ 
saturated air from the washer will have the desired value. Figure 12*15/ 
is for a system similar to that of Fig. 12*15e, but with an equivalent washer 
by-pass such that the air leaves at b f and is reheated along the shorter 
path b's. The effect of the non-saturating washer is to shift part of the 
heating load from the reheating to the preheating coils. This fact is of 
paramount importance since it shows clearly that if both coils were accu¬ 
rately and closely sized to operate with a saturating washer and if the 
actual washer were then found to be non-saturating, the system would 
be incapable of carrying the load even though the combined rating of the 
two coils remained adequate. In this case the excess capacity then avail¬ 
able at the reheat coil would in no way assist. 

The above difficulty brings out the fact that split heating surface has 
two entirely independent functions: (1) To provide for the sensible 
heat load: this requirement will always be met if the total surface is 
of adequate size; it is in no way affected by the way in which the split 
occurs or by inadequacy or overcapacity of intervening adiabatic equip¬ 
ment. (2) To provide an entering state at the washer such that the 
requisite humidity increase will be realized at the discharge side and to 
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condition the leaving air by reheating to the desired final dry bulb tem¬ 
perature, This requirement necessitates a correct ratio between the 
preheat and reheat sections of surface; if the preheat is inadequate the 
design supply humidity cannot be reached; if the reheat is inadequate the 
design dry bulb temperature cannot be obtained. 

g. The most complex arrangement is that in which fractions of the 
return air are introduced ahead of each of the three equipments and after 
the reheating coil. This case is shown in Fig. 12*150. 

12*6. Effect of Recirculation: Summer. The previous discussion has 
not taken into account the possibility of using return air to modify the 
load distribution among cooling and dehumidifying equipments. As was 



Fig; 12*16. Recirculation for Cooling Season; 

true for the various heating and humidifying cycles, so too for summer 
conditions return air can be introduced in various places and in various 
proportions to achieve the desired load distribution. Figure 12*16 shows 
five methods of blending return air in a system consisting of a dehumidi¬ 
fier followed in series by a simple cooling coil. 

а. No recirculation. Load equals weight rate of conditioned air times 
enthalpy difference between state points o and s. 

б. Return air introduced before outside air enters dehumidifier. Load 
equals weight rate, of conditioned air times enthalpy difference between 
state points mi and s (considering adiabatic dehumidification). 

c . Return air introduced between dehumidifier and cooling coil. Load 
equals weight rate of conditioned air times enthalpy difference between 
state points m 2 and s. Note that (when dehumidification is adiabatic) 
the enthalpy must be the same at points mi and m 2 since for a given 
weight rate of supply air and a given fraction of return air the load cannot 
change. 

d. Return air introduced after the cooling coil. Load equals weight 
rote of outside air multiplied by the enthalpy difference between state 
points o and 6. 



ZONING 


219 


e. Return air introduced in three fractions: ahead of dehumidifier, 
ahead of and after the cooling coil. If dehumidifier is considered adia¬ 
batic, the load is equal to weight rate of air entering the cooling coil times 
enthalpy difference between states m 3 and p. 

12*7. Zoning. A central air conditioning plant', either summer or 
winter, is frequently called upon to supply air to sections of the structure 
in which the loads may vary independently. Satisfactory operation of 
such systems requires control of the state or the volume of air to each 
individual section. Arrangements to provide simultaneous supply at 
more than one state (or at variable volume) are known as zoning. 

The present discussion is limited to an investigation of the psychro- 
metric processes represented by the different types of zoned systems. 
Since the principles are the same whether the system is for winter or for 
summer operation, the examples given will be based on winter operation 
only; extension to summer conditions is readily possible. The most direct 
method of zoning is through use of independent parallel-operated con¬ 
ditioning systems; such systems involve no new psychrometric processes 
or combinations and will therefore not be considered. Other methods 
are: 

a. Zoning by volume control at constant supply state. Since air is 
supplied at fixed state, there is no psychrometric evidence of the zoning 
process. The specific enthalpy of air entering the conditioned space does 
not change with heating load, but the volume does, so adjustment of 
incoming heat to meet energy requirements is purely by variation in the 
quantity of air entering the enclosure. (In this connection it is well to 
note that the psychrometric chart shows changes in the quality only; 
quantity variations are never evident from processes or cycles as drawn 
on the chart.) 

The objection to this method is that variation in volume of air admitted 
to the conditioned space may result in serious disturbance to the planned 
distribution since the “ throw ” of the air stream from the grilles will vary 
with velocity and hence with volume. When volume control is used for 
zoning, some arrangement such as a damper stop must be provided to 
insure that the volume will never be reduced below that critical value 
which represents the ventilation requirement. A zoning system psychro- 
naetrically similar to volume control, but without the disadvantage of 
variable air flow at the grilles, is obtained in some installations by intro¬ 
ducing sufficient return air into the supply duct (ahead of the grille) to 
maintain constant discharge volume. 

b. Reheating coils are widely used for zoning. Air leaving the central 
conditioner passes over a zone reheat coil where its temperature is raised, 
at constant humidity, to the desired value. If separate zone fans are used, 
recirculated air can be introduced before passing over the heating coil 
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thereby providing means for controlling, within limits, the humidity as 
well as the temperature of the supply air. 

c. A third commonly used, but more expensive (first cost) method of 
zoning is to run two ducts, one for heated and one for unheated or tem¬ 
pered air, from the central conditioner to the entrance of each zone. The 
two air streams are mixed in accordance with the demand, and a constant 
volume of air is admitted to the conditioned space. The advantage of 
this dual-duct system is that each room becomes, in effect, a separate zone, 
and conditions in it can be controlled to the individual preference of the 
occupants. 

d. Occasionally, industrial conditioning problems require control of both 
temperature and humidity by zones. In such cases complete control can 
be realized by combining the dual duct and reheat systems. The two 
ducts now carry air streams of different absolute humidity; mixing of the 
streams at each zone gives the desired supply tumidity. Reheating of 
the mixture then raises the dry bulb temperature to the requisite value. 

12-8. Selection of Equipment. Throughout the preceding discussion no 
reference has been made to the practical problem of selecting a particular 
piece of air conditioning equipment and investigating its capacity, rating, 
and ability to function throughout the necessary range of operating con¬ 
ditions. With air washers, for example, the engineer must investigate 
the equivalent by-pass factor as a function of load, entering air state, and 
velocity through the washer. Similarly, in selecting wet surface coils the 
engineer is faced with the task of determining the equivalent by-pass 
factor, and capacity, as a function of all the variables which are important 
to the system. 

Two essentially different methods are in common use for the selection 
of equipment. The first is to investigate in terms of the rational heat 
transfer and mass transfer equations the expected performance of an un¬ 
known equipment and to compare it with known equipments which have 
also been theoretically investigated. This method leads to a sound 
rational evaluation of each equipment and is of great value to the engineer 
whose task it is to design and construct units for carrying out the psychro- 
metric processes. 

The second method of selection is based on use of empirical data avail¬ 
able in the manufacturer’s rating tables and data sheets. From such data 
it is frequently very difficult to evaluate the fundamental effectiveness or 
soundness of basic design. However, the air conditioning engineer is 
primarily interested in the ability of a particular equipment to meet the 
specific conditions of the problem with which he is concerned, and if this 
can be done at reasonable cost, theoretical shortcoming® or limitations of 
the particular equipment which he has selected are unimportant. For this 
reason the second method of selection is the one usually adopted. 
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The entire problem of equipment selection is outside the province of a 
book on principles. Once the psychrometric cycle has been fixed and the 
arrangement and relative capacity of the individual equipments deter¬ 
mined, the engineer is in a position to go to manufacturers’ catalogues, or 
consult sales representatives, for details as to the relative abilities of 
different commercial apparatus to meet the requirements which he has 
specified. 

12-9. Summary. In this chapter the psychrometric processes of Chap¬ 
ter XI have been combined to give many possible cycles representative of 
the arrangements which can be used in air conditioning systems. The 
two basic psychrometric problems facing the air conditioning engineer 
have now been covered: (1) to locate on the chart the point, or line, or 
area, for which the equipment used for air conditioning must be able to 
supply air; (2) to arrange a series of psychrometric processes which can 
be followed by commercial equipments, giving an operating cycle that will 
make it possible for the system, as installed, to supply air at any of the 
required states. 

A third problem, outside the scope of this book, is to select particular 
equipments to follow satisfactorily the processes making up the cycle. 
This latter problem is essentially one of economics based on variations in 
first cost, probable maintenance, obsolescence, and repair charges. A satis¬ 
factory solution of this problem can most effectively be realized from 
mechanical and structural examination of the competitive units rather 
than from an attempt at rational interpretation of their thermodynamic 
or psychrometric merits. 


PROBLEMS 

1. Outside air at 85° dbt, 65° wbt is to be conditioned to 90° dbt, 80 grains/lb by 
passage through a by-passed simple saturating air washer in series with and followed 
by a reheating coil. What percentage of air must be by-passed around the air washer? 

2. Air at 53.5° dbt, 45° wbt is conditioned to 101.5°F, 20 per cent RH as a result 
of passage through a tempering coil, a controlled adiabatic air washer, and a reheating 
coil. Determine; (a) the state leaving the tempering coil, ( b ) the total latent heat 
addition and sensible heat addition for the system, (c) the fraction of load carried by 
each of the coils. 

3. Sketch an equipment arrangement which would permit attaining any required 
supply state from any possible outside state. 

4. Ten thousand cfm of air at 115° dbt, 70° wbt are to be cooled at constant abso¬ 
lute humidity to a dbt of 61 6 . A two-stage indirect evaporative cooler is used in 
which each air washer saturates the stream passing through it and each plate type 
heat exchanger reduces the dbt of the outside air to within 5°F of the temperature 
of air entering from the corresponding washer. Calculate the weight of air, pounds 
per minute, passing through each washer (assuming that washer air gains 5°F as it 
passes through the plate type exchanger). 

5. Three air streams at 110° dbt (10 per cent RH), 90° dbt (50 per cent RH), and 
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50° (10 per cent RH) are mixed to give a resultant Btate of 95° dbt, 68° wbt. Calcu¬ 
late the percentage of mixture air (by weight) from each of the three streams. 

6. Outside air at 60° dbt, 45° wbt is blended with recirculated room air at 70® dbt, 
60 per cent RH and the mixture then passed through a tempering coil, adiabatic 
saturating washer, and a reheating coil. Air from the reheating coil is mixed with an 
equal weight of recirculation, and the resultant mixture is admitted to the room at a 
supply state of 88° dbt, 70° wbt. Calculate the percentage of supply air which repre¬ 
sents recirculated air added ahead of the tempering coil. Sketch the processes of 
this system on a psychrometric chart. Calculate the heat added in tempering and 
reheat coils and check by an overall computation based on the enthalpy change of 
the outside air. Take dbt of air to washer as 115°F. 

7. Air at 96° dbt, 60° wbt is to be heated to 110° dbt and the same absolute 
humidity by means of an unlimited supply of water which is available at 80°F. 
Devise an equipment arrangement by means of which this can be accomplished. 
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CHAPTER XIII 

DESIGN STATE AND DESIGN VOLUME 


Many ventilating systems are designed to circulate unconditioned out¬ 
side air. A common and important example of this type is an occupied 
space in which the entire ventilation need can be attributed exclusively to 
human occupancy. The first step in the analysis of any 6uch system is 
to investigate the air volume needed to accomplish each of the five basic 
ventilation objectives. Four of these are: 

1. Supply oxygen and remove carbon dioxide. 

2. Reduce odor concentration. 

3. Remove body heat dissipated by the occupants. 

4. Remove body moisture dissipated by the occupants. 

The fifth purpose of ventilation is to provide sufficient air movement in 
the occupied space to increase the rate of heat loss from the exposed parts 
of the body and to relieve the monotony which would exist in still air; this 
objective, however, can be realized equally well by recirculating room air. 

Examination of the above list immediately discloses that ventilation is 
essentially a negative process since four of its objectives are concerned 
with removal of undesirable characteristics from the inside air rather than 
the actual need for fresh outside air. The estimation of volume require¬ 
ments is based on investigation of each of the basic objectives; the one 
requiring the greatest air quantity will obviously determine the supply 
rate for the system. In the following sections each of the criteria will be 
discussed and data presented to permit direct determination of volume 
requirements for a given system. 

18*1. Oxygen Supply. Like all other machines which convert chemical 
energy into mechanical work, the human body requires an adequate supply 
of oxygen to sustain the process of combustion, and it dissipates, as 
" exhaust gas,” carbon dioxide. The first requirement of ventilation is to 
supply* the requisite oxygen and dispose of the exhaled carbon dioxide. 
Fortunately, this requirement is very simply met so the influence of oxygen 
supply as a criterion of ventilation design is extremely slight. Any venti¬ 
lating system which effectively accomplishes odor, temperature, or mois¬ 
ture oontrol will automatically supply ^pre than sufficient air to meet all 
oxygen requirements. 

tinder normal comfort conditions the average individual consumes 

838 
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approximately 2 cu ft of oxygen per hour. In the same interval he pro¬ 
duces approximately 0.6 cu ft of carbon dioxide. Thus a definite relation¬ 
ship exists between the concentrations of oxygen and carbon dioxide in 
the air of an occupied enclosure; the rise in concentration of C0 2 is there¬ 
fore an index of oxygen consumption. Because of this relationship, it was 
thought for many years that carbon dioxide was harmful and should never 
be allowed to reach a concentration in room air greater than 2 per cent. 
Actually, the C0 2 concentration in the true atmosphere in which man 
lives, that in the lungs, is close to 6 per cent and must be maintained near 
this concentration for physiological reasons. Dill* has pointed out that 
one of the most undesirable attributes of intemperate deep breathing 
exercises is that the carbon dioxide concentration in the lungs can be 
reduced so far below normal that dizziness and other severe physiological 
consequences may result. In any concentration likely to occur in an 
occupied enclosure, carbon dioxide is, in itself, physiologically un¬ 
important; the only deleterious effect of a high concentration is that it 
serves to indicate an oxygen shortage. 

Experiment has shown that when the C0 2 concentration in an occupied 
space exceeds 2 per cent, the partial pressure of oxygen will have been 
reduced to a value such that breathing will be more difficult; the respira¬ 
tory rate will then increase. When the concentration reaches 6 per cent 
extreme discomfort is likely, but not until 10 per cent will loss of con¬ 
sciousness occur. The relative insignificance of oxygen needs can be 
demonstrated from a consideration of occupancy conditions in a space 
which represents the most extreme case likely to occur in practice. 

Consider that the density of occupancy in a ventilated space is such 
that there is but 180 cu ft of air per person. If the carbon dioxide con¬ 
centration in outside air is approximately 3 parts in 10,000, the time 
during which all occupants could remain in such an enclosure with no 
fresh air whatsoever can be readily calculated as follows: 


Per cent concentration of C0 2 after X hours 


= 0.03 + 0.333X 


Rapid breathing would first be noticed (2 per cent C0 2 ) after 6 hr; 
marked discomfort would not occur until 18 hr; loss of consciousness 
would not occur until more than a full day (30 hr). The danger of a 
health hazard existing in any ventilated room due to inadequate oxygen 
supply is seen, then, to be extremely remote. This fact is even more 
clearly recognized when one v|^^lizes that a single occupant could be 
sealed in an airtight box 10 ft by 10 ft by 10 ft for a week before loss of 


♦David Dill, Life, Heat, and Altitude, Harvard University Press, 193 $. 
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consciousness would be expected from oxygen deficiency. Note that the 
above examples are based on considerations of oxygen alone; other factors 
might lead to serious physiological disorders, even death, in a much shorter 
time than the examples would seem to indicate. 

Approaching this same problem from a different point of view, assume 
that it is desired to supply only sufficient outside air to the room con¬ 
sidered above (180 cu ft air space per occupant) to prevent the carbon 
dioxide concentration from exceeding 2 per cent. Establishing a volume 
balance between the C0 2 entering and leaving the enclosure, 

0.0003 X cfm X 60 + 0.60 = 0.02 X cfm X 60 
cfm /occupant = 0.507 

In an ordinary enclosure supplied with the absolute minimum required 
outside air to prevent objectionable odor, the C0 2 concentration would be 
less than 0.1 per cent. Thus any ventilation system capable of meeting 
the second requirement, odor control, will automatically supply more than 
an ample quantity of oxygen. 

13*2. Odor Removal. Odor control is essentially a problem of diluting 
the odor-producing agents released by occupants of an enclosed space. 
Since odor is a sensation resulting from exposure of the olfactory bulb to 
contaminated air, the degree of dilution required is dependent on the con¬ 
centration corresponding to the threshold at which the sensation of odor 
first appears. The threshold concentration varies somewhat with differ¬ 
ent individuals, but average values have been well established. 

The air quantities needed for dilution obviously depend on the rate at 
which odoriferous material is added to the room air. For the usual type 
of ventilation problem the principal sources of air contamination are body 
odors resulting from breathing, insensible perspiration, and the products 
of organic decomposition. Contamination of the air occurs either directly 
from the bodies of the occupants or from their clothes. The seriousness 
of the odor problem varies with the personal cleanliness, occupation, and 
degree of exertion of the occupants, but the basic requirement of ventila¬ 
tion air for odor dilution exists, and is of real significance, even though the 
occupants of the space under consideration are sedentary and given to the 
practice of a high degree of personal cleanliness. 

The effective rate of air contamination is now known to be a function 
of the air space available per occupant. Many of the products causing 
odor are self-oxidizing and disappear spontaneously when the time inter¬ 
val and the mixing volume are sufficient; thus body odor disappears from 
a closed room within a short time after the occupants leave. Because of 
self-oxidation the required ventilation rate decreases as the air space per 
occupant is increased; conversely, the ventilation requirement for odor 
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control becomes particularly severe as the density of occupancy increases. 

Figure 13*1 gives outside air supply rates based on recommendations 
of the American Society of Heating and Ventilating Engineers for seden¬ 
tary adults of average socio-economic status. The same society gives 
4 cfm/occupant as the requirement for summer operation when using a 
spray type dehumidifying air conditioner operated with sufficient recircu¬ 
lated air to provide a total ventilation rate of 30 cfm/occupant. 

Control of odor in occupied spaces is a health as well as a comfort 
necessity. Even in rooms where the occupants are unaware** of odor, the 

psychological and physiological 
effects persist and later evidence 
themselves in loss of appetite and 
other signs of decreased health or 
working effectiveness. The sensa¬ 
tion of odor is controlled by the re¬ 
sponse of the olfactory bulb; as 
time of exposure increases, olfac¬ 
tory fatigue occurs, and the thresh¬ 
old of odor detection is raised to 

ZOO ZOO JOO 400 SCO . 

a* space pcpoccuPANr, cu&'c eect a higher concentration. For this 

Fia. 13*1. Outside Air Ventilation Re- reason occupants of a poorly venti- 
quirement for Odor Control l a t e d space can be unaware of an 

extremely high odor concentration which would be very disagreeable to 
someone entering from the outside. But as already mentioned, subcon¬ 
scious effects on appetite and general physiological condition make con¬ 
taminated air undesirable even if the occupants do not find it unpleasant. 

The ventilation rates given in Fig. 13T are frequently, and erroneously, 
used as indices of the general and all-inclusive effectiveness of a ventila* 
tion system. These rates are significant only with respect to one objec¬ 
tive, odor control; systems designed on this basis might well be inadequate 
when judged in terms of their ability to meet the other criteria of effective 
ventilation. Note, however, that any ventilating system capable of con¬ 
trolling odor will supply a more than adequate quantity of oxygen. 

13*3. Heat Removal. The analogy between the human body and a 
machine for converting thermal energy into mechanical work can be 
extended to account for the normal heat loss (approximately 400 Btu/hr) 
from a person at rest. The thermal effectiveness of the human mechanism 
is approximately 20 per cent; thus for each unit of mechanical work 
realized five units of thermal energy must be expended and of this amount 
four units must then be dissipated or rejected from the body as waste 
heat. When doing no external work man must still do sufficient internal 
work, as pumping of blood through the arterial system and muscular work 
needed for respiration, to sustain life. Since all internal work must be 
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degraded to heat, the total energy input for the sedentary individual must 
be dissipated as waste heat. 

The significance of the heat quantities which must be disposed of can 
be visualized in terms of the room (already considered in terms of oxygen 
requirements) in which there is 180 cu ft of space per occupant, no venti¬ 
lation and no heat transfer to or from an outside source. This room con¬ 
tains 13.4 lb of standard air (68° dbt and 50 per cent RH) per occupant 
and since the specific heat of air is 0.24, the room temperature will rise 
approximately 0.31 °F for each Btu released. Assuming that the increased 
room temperature did not affect the rate of heat production of the occu¬ 
pants, the temperature rise in such an enclosure would amount to 
0.31 X 300 Btu/hr (sensible body heat loss) 93°F per hour. Though 
the numerical answer of this example is not of significance (because physi¬ 
ological changes would occur as soon as the air temperature started to 
rise) it nevertheless serves to demonstrate that, in a thermally insulated, 
sealed room, the need for outside ventilation air would occur in a matter 
of minutes, in contrast to the much longer time before an oxygen shortage 
would be experienced. 

In practice, no actual room is likely even to approach the assumed con¬ 
dition of thermal insulation, but not infrequently the heat loss through 
the wall® of rooms will be too small to assist appreciably in dissipating 
body heat. In such cases the supply of ventilation air must be great 
enough to carry the load without allowing a temperature rise sufficient to 
make conditions in the room unhealthy or extremely uncomfortable. 
Obviously, however, the limiting room conditions for any simple ventila¬ 
tion system are the same as existing outside conditions. 

Equilibrium conditions in a ventilated, occupied, thermally insulated 
room are independent of room size and of the air space available per occu¬ 
pant; they depend only on the ventilation rate. For a ventilation rate 
adequate to care for both oxygen and odor requirements (approximately 
25 cfm/oocupant) the temperature rise is more than 11°F. The adequacy 
of such ventilation obviously depends on the weather; when the outside 
temperature is less than 59° the room temperature would be too low for 
comfort though at all outside temperatures above 59°, room conditions 
would be above 70°F. 

The need for a small temperature difference between inside and outside 
remain# relatively unimportant so long as the inside temperature is in the 
seventies. As this temperature enters the eighties physiological and psy¬ 
chological effects become significant and at 85 °F a critical point is reached. 
When the temperature reaches 90°F, with a relative humidity of 70 per 
cent, physiological changes start to occur; the pulse increases about one 
beat a minute per hour and body temperature increases approximately 
0.1 °F per hour. Above this state (either in temperature or humidity) 
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the body is incapable of adapting itself without severe discomfort and 
possible injury to health. 

The extent of the hazard represented by excessive temperature depends 
on the period of exposure. Conditions very much worse than the critical 
exist in many industrial and marine installations and have no immediate 
deleterious effect on the occupants. The objective of ventilation design is, 
however, to establish — where it is economically or physically possible 
to do so — an atmosphere in which the occupants can live or work without 
danger of developing chronic ailments, or of suffering loss of efficiency due 
to difficulty in making physiological adjustments to compensate for 
abnormal environmental conditions. 

13*4. Moisture Removal. The moisture loss from men comfortably at 
rest in air at 70°F is approximately 0.1 Ib/hr or 700 grains/hr. The 
increase in specific humidity of air passing through a ventilated occupied 
space at the rate recommended for control of odor is approximately 6.2 
grains. If the room air temperature were 70°, this moisture gain would 
correspond to an increase in relative humidity within the room of from 
5 to 6 per cent. As the humidity increases the body's ability to dispose 
of heat by evaporation decreases so an increase in humidity has the same 
qualitative effect as an increase in air temperature. In addition to the 
objection of greater difficulty in disposing of body heat, high humidity 
reduces the apparent “ freshness ” of air in an enclosed space and seem¬ 
ingly accentuates odor. In general, adequate ventilation should, where 
possible, supply an air volume sufficient to maintain the relative humidity 
in the enclosure at a value less than 70 per cent. This figure, unlike 
the critical value set for temperature, is based almost entirely on 
considerations of comfort rather than health. In this connection it is 
especially important to note that the response of individuals within the 
enclosure is not proportional to the absolute need for improvement in con¬ 
ditions. Thus in a room where the air temperature and relative humidity 
are 85°F and 100 per cent respectively, the feeling of discomfort, aside 
from the sensation of warmth, would be decidedly more pronounced than 
in an enclosure with air at 100°F and relative humidity of 33 per cent; 
yet the degree of physiological adjustment needed to maintain a normal 
balance between rate of heat production and loss would be nearly the 
same for the two cases. 

13*5. Air Motion, The influence of air motion on comfort is relatively 
complex, but for design purposes two particular effects stand out: 

1. Increased air velocity decreases the resistance to heat transfer by 
reducing the thickness of the air film adjacent to the body or its clothing. 
When the ambient air is at a temperature lower than that of the body 
surface (or clothing surface) the effect of increased velocity is to promote 
body heat loss and thereby alleviate the discomfort due to temperature 
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or humidity. If, however, the air temperature exceeds that of the body or 
clothing surface, the sensible heat transfer is in the opposite direction and 
tends to accentuate the already uncomfortably warm conditions. At the 
same time a second factor, frequently the controlling one, must be con¬ 
sidered: increased air velocity reduces the thickness of the layer of satu¬ 
rated vapor near the body surface and hence promotes evaporation; when 
the dew point is below 85° the cooling effect due to the increased latent 
heat loss by evaporation is usually greater than the heating effect from 
convection so that increased air velocity is advantageous. For air with 
high temperature and excessive dew point, both the sensible and latent 
heat transfer are to the body, with the inevitable consequence that (barring 
exposure to cold walls) body temperature must rise with resultant serious 
effect upon occupants. With high air temperatures, the effectiveness of 
air movement as a means of achieving cooling varies inversely with abso¬ 
lute humidity. From negligible cooling effect at 85° and saturation, an air 
movement of 100 fpm is equivalent to a temperature reduction in excess of 
20°F in dry air at 120°F. 

Control of air velocity is usually not a satisfactory method of establish¬ 
ing cooling. Wherever possible, however, the air movement in an un¬ 
comfortably warm working space should be kept above 25 fpm; if possible 
a directional flow of 50 to 80 fpm is to be preferred. 

2. The second important effect of air movement is to establish sufficient 
turbulence within the enclosure to mix thoroughly the room air and thereby 
prevent undue stratification or by-passing of the incoming ventilation air. 

Air movement without good distribution is responsible for the local 
cooling sensations known a& drafts. Even when the temperature of room 
air and the moving air stream are the same, a feeling of local cooling will 
be experienced because of the greater rate of heat loss accompanying the 
higher velocity. When the incoming air stream differs in temperature as 
well as velocity the draft will be especially severe. Available data now 
seem to indicate that differential air velocities of less than 25 fpm asso¬ 
ciated with differential temperatures less than 1%°F do not result in 
noticeable drafts, but velocities greater than 40 fpm with temperature 
differences of 2°F represent uncomfortably drafty conditions. Physio¬ 
logically the importance of drafts seems to be very much greater when 
the local condition which they represent is one of undue cooling rather 
than wjien the draft effect is to reduce locally the discomfort of a hot 
environment. At present there do not seem to be data adequate enough 
to permit stating that summer drafts are definitely harmful, but from the 
standpoint of good engineering, the unbalanced distribution conditions 
which are indicated when drafts are present should be avoided. 

13*6. Effective Temperature. From the discussion in the above sec¬ 
tions it is evident that the sensation of warmth experienced by an indi- 
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vidual when subjected to a given ambient condition depends on the com¬ 
bined effect of air temperature, humidity, and motion. The average air 
velocity in an occupied space usually is of the order of magnitude of 15 
to 20 fpm. As a matter of convenience this value is arbitrarily taken as 
a defining condition in expressing the effective temperature of a given 
ambient condition. Arbitrarily, the effective temperature is defined as 
the temperature of saturated air traveling at 20 fpm for which the sensa¬ 
tion of warmth would be the same as that experienced in the ambient 
condition which is to be compared. 

On the basis of extensive experimental work the American Society of 
Heating and Ventilating Engineers has established lines on the psychro- 
metric chart along which the feeling of warmth does not vary; such lines 
represent conditions for which the effective temperature is constant. 
Within the range of environmental conditions for which comfort is 
attained, effective temperature lines very nearly coincide with lines of 



Fia. 13*2. Comfort and Health Zones on Psychrometric Chart. (Comfort zone 
adapted from ASHVE data ) 

constant specific volume. It is therefore possible to say, with reasonable 
accuracy, that any two atmospheres for which the specific volume is the 
same will have equal cooling powers provided the subject is capable of 
establishing the requisite physiological balance between convective, radi¬ 
ant, and evaporative heat loss. 

13*7. Design Conditions — Comfort. Figure 13*2 summarizes the com¬ 
fort and health data needed for purposes of design. The comfort zones 
for summer and winter are based on ASHVE findings, slightly modified 
to permit greater ease in locating them on the standard chart. The com¬ 
fort zones for both summer and winter are seen to be bounded by the 
30 and 70 per cent relative humidity lines; at relative humidities outside 
these limits the occupant is likely to find the environment unpleasant even 
though its cooling power is adequate. 
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The winter comfort zone includes all states at which a majority of 
normal people would experience reasonable comfort. It is defined at the 
lower limit by the constant specific volume line for an atmosphere occu¬ 
pying 13.4 cu ft/lb and at the upper limit by one having a specific volume 
of 13.7 cu ft/lb. At an intermediate condition of 13.55 cu ft/lb is 
located the cooling rate for which the greatest number of people (97 per 
cent) can be satisfied, whereas on either side of this line the percentage 
of satisfied occupants decreases at almost a linear rate. The winter zone 
includes acclimatization effects for occupants adapted to outside condi¬ 
tions similar to those found in the eastern part of the United States; where 
the climate is greatly different from this, some adjustment should be made 
to find the effective temperature of maximum comfort. Departures from 
the chart due to acclimatization are not, however, of very great design 
importance because their effect is usually to reduce the inside temperature 
in winter and raise it in summer. 

The summer zone is limited on the lower side by a specific volume of 
13.55 and on the upper side by the specific volume line for 13.9 cu ft/lb; 
the greatest percentage of subjects are comfortable in summer when the 
specific volume is 13.7 (corresponding to the upper limit for winter com¬ 
fort of the majority of occupants). 

Summarizing, the comfort zones marked on Fig. 13*2 give recommended 
design inside conditions. As an aid to memory and as a statement of 
optimum design conditions, it is suggested that 70°F, 60 per cent relative 
humidity be taken as a basic reference for winter design and 76°, 50 
per cent as a similar reference state for summer inside design conditions. 
These points are shown in Fig. 13*2 as w and 5 respectively. The exact 
boundaries (including slight deviation from constant specific volume lines) 
of the summer and winter comfort zones are shown on the psychrometric 
chart of Fig. 9*5. 

13*8. Design Conditions — Health. The comfort zones provide a 
simple and convenient method of determining the inside design range 
within which the designer must operate when his object is to establish 
conditions of optimum comfort. Though comfort is the criterion of 
design in the greatest number of installations, there are many, particularly 
industrial applications, for which the designer’s problem is quite different. 
Here he must estimate the extent to which extreme environmental con¬ 
dition^ constitute a health hazard and from this deduce the minimum air 
conditioning or ventilation requirements to alleviate the hazard. In such 
cases comfort is not the design criterion since it is frequently impractical 
or economically prohibitive to provide a system of adequate, capacity to 
realize comfort. Design conditions should be selected which, though still 
uncomfortable, will not constitute a danger to the health and effectiveness 
of the occupants. 
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The determination of limiting conditions beyond which there is a health 
hazard is obviously a problem for the medical rather than the engineering 
profession. Owing to the great differences that exist in the physiological 
capacities of different persons to meet external conditions, no exact state¬ 
ment can be made as to a particular demarcation between conditions which 
are definitely hazardous and those which are not; to account for personal 
differences there must, inevitably, be a rather indeterminate region in 
which some people will be capable of establishing effective regulation 
while others will not. The engineer should, therefore, use the greatest 
caution in generalizing as to the relative health hazard associated with a 
given set of environmental conditions. 

Figure 13*2, in addition to showing the comfort zones, indicates the 
areas on the psychrometric chart in which a definite health hazard is 
known to exist and others in which the probability or possibility of such 
a hazard is unusually great. The sections of the psychrometric chart 
which include neither comfort zones nor zones of health hazard are either 
areas in which it is possible to avoid danger to health by taking simple 
precautions (as the area in the low-temperature region where extra cloth¬ 
ing is a simple means of avoiding the danger of excessive body heat loss) 
or areas in which there may be positive discomfort, but without an estab¬ 
lished hazard to health. The latter condition occurs in the region where 
the body is capable of maintaining a very close balance between heat 
production and heat loss by means of evaporative regulation; in this region 
discomfort is experienced and sweating may be profuse, but there is no 
residue of waste heat going to storage in the body tissues and hence no 
rise in body temperature. The limit of the zone of evaporative regula¬ 
tion is determined either through the limiting sweat secretion of the indi¬ 
vidual, or the falling off of this rate if the exposure is prolonged. 

The basis of a health hazard is inability of the body to dispose of waste 
heat. Obviously, therefore, the danger represented by a given environ¬ 
ment will vary directly with the degree of exertion of the occupants. 
Contrary to popular opinion, high temperatures are less hazardous in 
sleeping quarters than in working spaces. Since the effectiveness of a 
given environment in maintaining thermal equilibrium in the body is a 
function of the rate at which the occupant is doing work, the area or zone 
of hazard should properly be varied as a function of exertion. To avoid 
undue complexity and yet to provide reasonable protection for normal 
occupations, the area of health hazard in Fig. 13*2 is defined in terms of 
moderate work by an occupant who is lightly clothed and in an enclosure 
where the air movement is slight (15 to 20 fpm) with average wall surfaces 
at approximately air temperature. In the event that the letter condition 
is not realized an approximate correction can be obtained by considering 
t that the “ equivalent ” air temperature in a room has a value halfway' 
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between the actual air temperature and the average temperature of the 
surfaces surrounding the occupant. 

In certain sections of the psychrometric chart, conditions exist which 
are healthful but uncomfortable. Conversely, there is one region within 
the comfort zone which may be unhealthful. Sufficient data have not yet 
been collected to permit a definite assertion as to the health significance, 
but it is now known that definite drying of the membranes in the nose and 
throat occurs whenever the dew point temperature is less than 53°F. The 
area within the comfort zones in which such drying occurs is represented 
in Fig. 13*2 by horizontal shading. Even though definite proof of a health 
hazard does not exist for states in this area it is recommended that, when¬ 
ever a choice is .practical or economically permissible, the engineer select 
an operating state above the dashed horizontal line. 

The region on the chart in which there is an unquestionable hazard is 
shown with vertical shading. It starts at 85°F saturated and is bounded 
by a straight line through this point to 110°F, 10 per cent, then dropping 
vertically to dry air at the same temperature 110°. The discontinuity in 
the boundary of this region is due to the change from heat transfer to 
physiology as the controlling factor at 110°, 10 per cent. The line pq is 
a locus of states for which the cooling power of the atmosphere is constant, 
and the slope of this line is determined solely from heat transfer con¬ 
siderations. At p the evaporative heat loss from the body is less than 
at any other point along pq ; as the state moves toward q the total rate of 
heat dissipation remains constant, but the convective fraction decreases 
(becoming zero when body surface and air temperatures have the same 
value, and then increasing negatively), and the evaporative fraction be¬ 
comes greater. But to attain a balance at states approaching q , the body 
must supply an ever-increasing quantity of liquid to be evaporated. In 
order to establish a balance at state q, the supply of liquid must be at a 
rate approximating one quart per hour. This rate represents the maxi¬ 
mum output of the average person when, by acclimatization, he has 
developed his ability to secrete sweat to the utmost. In exceptional cases 
rates in excess of this have been attained, but they are not typical and 
cannot be expected. For all practical purposes 110°F is the maximum 
temperature to which an acclimated individual can be continuously ex¬ 
posed without damage to health. 

Person© who are not acclimated are incapable of secreting sweat at a 
rate sufficient to permit a heat balance at 110°F. Further, many persons 
are physiologically incapable of secreting at adequate rate even when they 
do reach their maximum degree of acclimatization. For these reasons 
there is a secondary zone on the chart (shown with diagonal shading in 
the figure) in which a definite hazard exists for the unacclimated person 
and a possible hazard for some acclimated individuals. A third zone, 
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representing the area in which unacclimated persons may be endangered, 
is shown on the chart with dashed shading between the 96°F and the 
106°F temperature lines. At 96°F, with light work, there is danger to 
anyone who is incapable of secreting sweat at a rate greater than 1 pint 
per hour while at 106°F the hazard exists for those whose secretion rate 
is limited to 1% pints per hour. The latter value is the one representa¬ 
tive of the average person's ability and should therefore be used as a 
design criterion. Sweat is a chemically complex fluid having a salt con¬ 
centration which varies among different people and, for the same person, 
with degree of acclimatization. Even when the rate of secretion is suffi¬ 
cient to permit a body heat balance, there may be danger of physiological 
damage due to the depletion of salt in the body; for this reason salt cap¬ 
sules should be available at drinking fountains located in working spaces 
where conditions are such that the occupants maintain a body heat bal¬ 
ance by meahs of evaporative regulation. 

From Fig. 13*2 it is evident that there is a large area above the comfort 
zone, but below the region that is unhealthful. The object of many in¬ 
dustrial installations is to bring the enclosure state down from the un¬ 
healthful region into this area of safe, but uncomfortable conditions. 
No numerical scale is available for evaluating the degree of discomfort 
experienced in atmospheres outside of the comfort zone, but comparisons 

of such atmospheres can be roughly deter¬ 
mined by considering that the cooling 
power varies inversely as the specific vol¬ 
ume. This approximate relationship is 
particularly valuable in that it permits 
realizing a minimum of discomfort by 
operating the available conditioning equip¬ 
ment to provide the best environment 
compatible with its heat-removing capac¬ 
ity. 

Referring to Fig. 13*3, recall that the 
Fig. 13*3. Economics of Comfort sensation of warmth does not greatly 
Cooling. change along a line of constant specific 

volume and note that the enthalpy at states along such a line progressively 
decreases as the air becomes less humid. Thus the cost, in Btu, of con¬ 
ditioning an uncomfortably warm atmosphere decreases as the absolute 
humidity of the conditioned atmosphere increases. 

As an example (Fig. 13*3) consider an atmosphere at state o which is 
to be reduced to a condition not worse than that existing along the line ab. 
If state x is selected as the inside design condition, the required cooling 
load will be (h 0 — A*), but if state y is selected the cooling load will be 
greater by (h m - hy) Btu per pound. In this case, if the equipment were 
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capable of carrying the load ( h 0 — h y ), and if operation at such load could 
be justified economically, there would be an obvious advantage in operat¬ 
ing at a new state z for which the load remains ( h 0 — h y ) } but the cooling 
power of the atmosphere is increased to a value closer to the comfort 
zone. In many cases operation at higher rather than lower humidities 
will actually permit bringing the conditioned atmosphere inside the com¬ 
fort zone without altering the total load on the conditioning equipment. 
It must be remarked, however, that the ability of a system to extract a 
given number of Btu total load does not necessarily mean that the equip¬ 
ment is capable of extracting the same quantity of heat if the ratio of 
sensible to total heat load is altered. 

The above discussion has been in terms of summer operation. Con¬ 
versely, for winter operation, the minimum heating load corresponding to 
a given atmospheric cooling power is realized at low humidities. As al¬ 
ready pointed out, the recommended minimum humidity is that corre¬ 
sponding to a dew point temperature in the conditioned space of 53°F. 
Insufficient data are available to permit evaluation of the health effects 
of relative humidities greater than 70 per cent, but some of the existing 
data indicate the strong possibility that there may be a health hazard in 
this region. Wherever possible relative humidities below 70 per cent 
are therefore recommended. 

13*9. Operation Conditions — Acclimatization. The discussion so far 
has been limited to determination of the inside atmospheric state for use 
in system design. A second use of the comfort zone is to determine the 
adjustment which should be made to the inside state as the outside tem¬ 
perature varies, or as the degree of acclimatization of the occupants 
varies. Referring to Fig. 9*5, there is a 5°F effective temperature differ¬ 
ence between the most favorable summer and winter conditions. This 
arises from the fact that nature has given man the ability to readjust his 
thermal control mechanism if exposure to changed conditions is prolonged. 

As a result of this acclimatization the physiological strain resulting 
from prolonged exposure is reduced and, at the same time, the condition 
at which comfort would be realized is likewise altered to a value closer 
to that representing normal outside conditions. Acclimatization can be 
taken into account by adjusting the inside temperature as a function of 
the outside. Based on practice in the United States, it now seems probable 
that the inside air temperature, for summer, should be kept at 70°F plus 
one-third to one-half the temperature difference between outside con¬ 
ditions and 70°. 

Similar in effect to acclimatization, but of different origin, is the con¬ 
dition of shock which occurs as a person passes from one environment to 
another. Obvious, for example, is the shock effect which would occur if, 
in winter, one were to leave a heated space and go outside without first 
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adding extra clothing. In summer the occasion for shock, a temperature 
difference between inside and outside conditions, still exists, yet people 
commonly pass from a cool air-conditioned atmosphere to the hot out¬ 
doors without any change in clothing or other attempt to assist the body 
in making the readjustment which is necessary to meet the new conditions. 

Shock and acclimatization always operate to make a change of condi¬ 
tions seem more severe; because of them, cold outside air seems colder or 
warm outside air warmer. In this respect it is somewhat paradoxical 
that the one defense mechanism which nature provides to man as partial 
protection against extremes of climate is a pronounced obstacle in the 
path of the air conditioning engineer whose object is also to provide pro¬ 
tection from the same extremes. If it were not for the protection afforded 
by acclimatization, the discomfort caused by summer heat would be 
greater, but the shock attendant upon the use of summer air conditioning 
would not be so great. The same can be said of extreme winter con¬ 
ditions and the heating systems which alleviate them, except that, for 
winter, the occupants do somewhat reduce the severity of shock effects 
by use of protective outdoor clothing. 

PROBLEMS 

1. Five persons occupy a 3000-cu ft unventilated room. Determine the CO 2 con¬ 
centration in the room 6 hr after occupancy starts. 

2. What ventilation rate, cfm, is needed in the room of problem I to give an equi¬ 
librium CO 2 concentration of 0.07 per cent? If the room volume were reduced to 100 
cu ft would the necessary equilibrium ventilation rate, in cfm/occupant, be altered? 

3. Thirty grade school children occupy a 12,000-cu ft classroom. If sixty children 
were to occupy the same room, what increase, in cfm, of required ventilation would 
be necessary? 

4. A cabin in the crew’s quarters of “a naval vessel contains 150 cu ft of air space 
per ocupant. If it is located in the interior of the ship, no transmission heat losses 
being possible, calculate the temperature rise which would occur within 10 min if the 
ventilation system failed. 

5. For the case of problem 4 what ventilation rate, cfm per occupant, is necessary 
if the cabin temperature is to be 5°F greater than the outside air temperature? What 
would then be the difference in absolute humidity between inside and outside air? 

6. The atmosphere in a foundry is at 110°F, 5 per cent RH. No mechanical refrig¬ 
erating equipment is available, but there is an ample supply of water at 110°F. What 
equipment purchase would you recommend and on what grounds would you justify it? 
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CHAPTER XIV 


VENTILATION SYSTEMS 

Ventilation is the process of supplying outside air to an enclosed space. 
The most widely used type of ventilating system is that in which untreated 
(except possibly filtered) outside air is caused to pass through an en¬ 
closure. Systems of this kind, involving neither intentional change in 
temperature nor humidity, will henceforth be referred to as “ simple ” 
ventilating systems in contrast with the complex systems which provide 
conditioning of the air before its admission. 

Mechanical ventilating systems usually are classified as of the pressure 
type, in which fresh outside air is forced into the enclosure and room air, 
in equal volume, is forced out through cracks or special openings, or of the 
exhaust type, in which the room air is extracted and fresh air theft allowed 
to enter through cracks or special openings. Pressure systems are com¬ 
monly used in all installations except those, as kitchens, washrooms, and 
ventilated closets, where it is necessary to have a positive flow of air from 
the ventilated space to avoid possible leakage of contaminated air out 
into the surrounding enclosures. Where large-volume enclosures are to 
be exhausted, resort is frequently made to combined pressure-exhaust 
systems. By carefully balancing such systems a negative pressure can 
be established in the enclosure low enough to prevent exfiltration, yet 
sufficiently close to atmospheric to avoid undue pressure differentials at 
the entrances and to permit drawing the greater part of the ventilation 
air in from the supply duct rather than by infiltration from surrounding 
enclosures. 

Since simple ventilation consists in supplying untreated outside‘air, 
the best conditions that can possibly be realized in the enclosed space 
(summer operation) are those existing in the outside atmosphere. In 
practice no ventilating system can maintain inside conditions identical 
with those outside. Consequently, if the outside atmosphere is uncom¬ 
fortable, conditions in the ventilated space will be somewhat more tin- 
comfortable— if outside conditions are satisfactory, a well-designed 
ventilating system should be able to establish a comparable inside con¬ 
dition, provided the space does not have excessive heat or humidity gain, 

14*1. Volume of Air Required: Simple System, The volume of air re¬ 
quired for ventilation is a function of the design outside conditions, the 
allowable difference between inside and outside conditions, and the heat 
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and humidity loads which occur in the ventilated space. Heat and 
humidity loads are determined by the density of occupancy, by other 
sources, as electric lights and fans within the enclosure, and by losses or 
gains from transmission of heat to or from adjoining spaces. 

Not infrequently the fraction of load in a simple ventilation system due 
to the occupants is so great that other sources or losses of heat and 
humidity can be neglected. After having investigated a few typical 
rooms in any structure the designer will usually be able to estimate the 
relative error likely to result from use of occupancy load alone; in any 
event, the neglect of transmission losses in simple ventilating systems 
usually leads to a conservative result. 

CURVE A - HEAVY WORK (METABOLIC PATE * 1310 &n Vm}ua) 

CURVE B •MODERATE WORK (METABOLIC RATE -800 aru /*MjR) 

CURVE C « LIGHT WORK (METABOLIC RATE * 060 ar</ /Hou*) 

Curve d- at re jt (metabolic rate - 400 oru /»ou*) 


ROOM TEMPERATURE , /, 



Example 1. To maintain a room at 75°P when outride air is at 64°F and entire heat load is from occu¬ 
pants working at a moderate rate. Enter at U « 75°P. Drop to curve B. Move left to intersection with 
vertical from U ~ to ■* 75 — 64 ■ 11° where read ventilation requirement as 30 cfm /occupant. 

Example & Heat sources in room produce 1850 Btu /hour, and if transmission losses are 4000 Btu /hour, 
determine the net required ventilation for rooms of Example 1 when there are fifteen oocupante. Net 
heat loss from source and transmission is (4000 - 1850) /IS « 143 Btu/hour. Enter at SHL - 143, 
more left to intersect vertical from £*-«<,- 11°F where read « ■ 15 cfm. The net required ventilation 
is 30 — 13 *17 cfm/occupant «* 15 X 17 - 255 cfm. 

Fla. 14-1. Ventilation Requirements for Temperature Control. (Data for curves A, 
B, Cy D from ASHVB Guide, p. 65, 1944.) 

Fighre 14*1 is a selection chart for determining the volume requirements 
in terms either of the occupancy alone, or, if data are available, the Btu 
load in the space to be ventilated. If the design outside temperature is 
known, the chart gives directly the volume of outside air per occupant 
which is needed to maintain the inside temperature at any specified value* 
When the load due to sources other than the occupants is known, it can be 
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divided by the number of occupants to obtain additional load per occu¬ 
pant for which, from the chart, one can read the additional required 
volume of outside air in cubic feet per minute per occupant. A correction 
for external transmission losses is obtained by dividing the total rate of 
transmission loss by the number of occupants, determining from the chart 
the outside air volume, per occupant, which this load represents and 
subtracting this volume from the sum of occupancy and source volumes to 
get the actual rate at which outside air must be supplied. 

A second and related criterion of effectiveness in a simple ventilating 
system is the resultant inside relative humidity. The determination of 
this property does not lend itself to direct graphical solution since it de- 

POOM T£ MPL PATUPL t. 



Example. If humidity of outside air is 38 grains /lb for Example 2 of Fig. 14*1, determine the humidity 
in the room. Enter at 75°F, drop to curve B, move left to intersection with t> 333 17 (from previous ex¬ 
ample). drop to read humidity gain as 45 grains /lb, then room absolute humidity *■38 +45 ™ 83 
grains /lb and relative humidity (from psychrometric chart at 75°F and 83 grains) is 64. 

Fig. 14-2. Ventilation Requirements for Odor Control. (Data for curves A, B, C, D 
from ASHVE Guide, p. 65, 1944.) 

pends not merely on the temperature of the outside air, but on its specific 
humidity as well. Figure 14-2 gives the increase in specific humidity of 
the inside air over the outside as a function of the ventilation rate in 
cubic feet per minute per occupant. Knowing the outside state and the 
ventilation rate, the inside temperature is obtained from Fig. 14-1 and the 
increase in absolute humidity from Fig. 14-2. It is then a simple matter 
to fix the inside state and determine the attendant inside relative humidity. 

14*2. Volume of Afr Required: Supply Air Cooled, but Humidity 
Unchanged. When the supply air is cooled prior to admittance to the 
enclosure, Fig. 14*1 can still be used to obtain the required volume in 
terms of the permissible temperature difference between supply and room 
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states. For systems of this kind the outside state does not enter into the 
calculations except in so far as it determines the transmission gain or loss 
and the load to be carried by the conditioning equipment. To use Fig. 14*1 
in solving this case, enter from the vertical scale at the known load, 
Btu/(hr) (occupant), and the horizontal scale at the desired temperature 
difference; the intersection of these two lines then fixes the volume. Simi¬ 
larly, if the available volume were initially known, the requisite tempera¬ 
ture difference tc carry the load would be determined by entering at the 
load scale, passing over to intersection with the curve for assigned volume 
and dropping to read the temperature difference from the scale at lower 
edge of the figure. 

14*3. Summer-Winter Ventilation. Since the selection of a design air 
volume can be based on a number of possible criteria, there is frequently a 
need for adjusting this volume as the governing criterion changes. Thus a 
system providing a volume adequate to establish a reasonable degree of 
summer comfort would probably be supplying much more air than would 
be needed during the winter months when odor control is the principal 
reason for ventilation. In such cases it is particularly helpful if the 
designer has provided some means, as a variable-speed fan, for reducing 
the ventilation volume in accordance with changing outside conditions. 
Usually it is impractical always to operate with the absolute minimum 
volume. The most commonly used method of control is that of reducing 
air volume at the operating condition for which heating becomes necessary. 
Thus a given system would supply a large volume at all times when arti¬ 
ficial heating is not used, but would drop to a lesser volume as soon as the 
heating system goes into operation. The resultant saving would be two¬ 
fold since power at the fan is a function of volume, and heating require¬ 
ments obviously are reduced as the quantity of ventilation air decreases. 
The latter reduction would be realized whether heating was accomplished 
by directly warming the incoming air or by indirect air heating from 
radiators or convectors located within the room. 

14*4. Refrigeration vs. Simple Ventilation. In the many problems 
where some relief would be afforded by ventilation, but conditioning for 
comfort is not justified, an investigation should be conducted to determine 
whether or not the same relief is available at less cost (or better conditions 
at equal cost) from air cooling rather than simple ventilation. The differ¬ 
ence ia operating costs of these two methods is based on the reduction in 
energy requirements resulting from circulation of a smaller air volume 
through the ducting as against the increased energy requirements needed 
to provide the necessary refrigeration. 

Aside from the matter of operating costs, thought should be given to 
the choice between simple ventilation and air cooling because of a number 
of intangible factors. Among these are: 
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1. The simple ventilating system has the advantage of simplicity. It 
contains no parts which are not also required when cooling is used, yet 
does not have refrigerating equipment, cooling coils, etc. Maintenance 
and repair would therefore be less. 

2. Relative first cost depends on the length of ducting in the system, 
the size, arrangement, and location of refrigeration equipment. Use of 
cooling obviously reduces the size of fan and ducting, a factor which may 
be quite large in an installation where the ducting is tortuous or passes 
through spaces in which the installation problem is severe. 

3. Determination of yearly charges may allow credit for the saving 
in space occasioned by the smaller ducts which are permissible with 
cooled air. 

4. Other factors for consideration include a probable operating saving 
with cooling resulting from the fact that the simple ventilation system 
usually is designed for operation with constant air volume independent of 
outside conditions, whereas with the cooling system refrigeration can be 
readily controlled to shut off at any desired inside temperature and, from 
then on, the only operating cost is for power to force the smaller air volumb 
through the system. On the other hand, the available extra capacity of 
the cooling system at times when outside conditions are not extreme can 
be taken advantage of in providing inside conditions closer to those 
representing optimum comfort. 

The decision between refrigeration or simple ventilation rests largely on 
the relative costs of cooling one cubic foot of air or of circulating a cubic 
foot through a duct and distribution system; these costs vary with each 
system and the comparison is possible only after preliminary designs have 
been completed for the particular system in question. 

14*5. Miscellaneous Load Considerations. When, as should always be 
the case, the cooling load is calculated as part of the original design prob¬ 
lem, the minor load items discussed in this section will appear as part of 
the original calculations and need not again be considered. Frequently, 
however, ventilation is provided with the single objective of preventing 
disagreeable odors. In such cases no load analysis is made and no con¬ 
sideration given, in the design, to methods of attaining maximum cooling 
effect from the design air volume. When this is true the operation of the 
system, for cooling purposes, can often be improved by studying the minor 
load factors and, wherever possible, either reducing or eliminating the 
extra heat sources. Some of the more common items of miscellaneous 
load are considered in the following sections. 

(a) Duct Pick-up. For maximum effectiveness the supply air in a 
simple ventilation system should enter the room at the same state as that 
outside. Ducts connecting the outside air intake with the mom grille 
frequently pass through hot regions with a consequent gain uj temperature 
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of the air prior to arrival at the point of supply. In such cases, the 
cooling effect of the ventilation air is obviously reduced. This pick-up of 
heat can be avoided most effectively by a careful selection of the path to 
be followed by the ducts and by use of adequate duct insulation on those 
sections which pass through regions where the ambient temperature is 
high. Selection of insulation and calculations leading to a determination 
of its effectiveness are conducted by applying the steady state heat trans¬ 
fer equations (Chapter VI). 

(6) Excess Friction. Visualizing that duct friction, either mechani¬ 
cal or fluid, is responsible for a conversion of kinetic energy into internal 
energy (with resulting temperature rise), it is evident that the cooling 
effect is decreased when friction losses increase. The general subject of 
duct losses is considered technically in Chapter XVI, but for present pur¬ 
poses it is sufficient to caution that every effort should be made to permit 
realizing the required volume of ventilation air with a minimum pressure 
rise across the supply fan. This factor is of particular importance in 
systems for which an over-conservative selection of the duct friction losses 
has resulted in the need of dampering as a means of reducing the air 
volume to the design value. When this is the case, best cooling is realized 
either by opening the dampers and allowing increased air flow (when 
feasible) or by opening the dampers and reducing fan speed to bring the 
volume down to the design value. The effectiveness of pressure reduction 
as a means of increasing cooling effect can be roughly estimated by taking 
a 1°F air temperature rise as corresponding to each 1 in. of water pressure 
differential across the fan. 

(c) Electric Fans. One of the most common sources of added heat 
load occurs because of the indiscriminate use of desk type electric fans. 
Whenever a fan is in operation, the energy input is almost entirely dissi¬ 
pated within the room, and, although fan operation must result in a slight 
increase in inside air temperature, the greater air velocity does increase 
the cooling effect and will therefore assist in making the atmosphere more 
comfortable. However, since cooling effect is based on a heat balance at 
the surface of the occupant, it should be clear that there is no advantage 
in operating such a fan in an unoccupied room, but only the positive dis¬ 
advantage of increased heat load with resultant greater air temperature. 

{d) Illumination. As with portable fans, electric lights dissipate 
as heat practically all the energy supplied to them. Every effort should 
therefore be made to realize a maximum of lighting effectiveness and to 
keep lights turned off during periods of non-occupancy. 

14*6. Ventilation of Hot Working Spaces. The problem of establish¬ 
ing a satisfactory working atmosphere in industrial enclosures where the 
heat toad is very great is often extremely difficult. The density of occu¬ 
pancy in such spaces is usually low, and the cost of providing adequate 
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cooling for the entire space is likely, therefore, to be prohibitive. The 
basis of design for all such high heat load occupied spaces is to provide 
working conditions which, though uncomfortable, are not sufficiently 
extreme to constitute a hazard to health or an impediment to reasonable 
working efficiency. 

Two basically different methods of improving conditions find applica¬ 
tion. One is to provide sufficient general ventilation, or cooling, to reduce 
the entire atmosphere of the working space to a condition which is satis¬ 
factory, and the other method is to provide some form of local ventilation 
intended to make conditions in the immediate vicinity of the worker more 
comfortable though not attempting to alter the average condition in the 
enclosure. The first method is obviously preferable whenever conditions 
are such that it can be employed to a reasonable degree of effectivness and 
at moderate cost; the design procedure for this method is the same as for 
a simple ventilation system. The second method is usually limited to 
working spaces where conditions are extremely severe or where the density 
of occupancy is so low that even moderate improvement of the general 
working space cannot be justified. 

Of the many possible methods of realizing local cooling all have in com¬ 
mon the objective of isolating the worker from the surrounding high- 
temperature atmosphere and providing only sufficient cooling effect to 
neutralize such heat as may reach him through whatever type of barrier 
is used. Three methods have been used successfully from this purpose: 
solid barriers, fluid barriers, and ventilated clothing. These will be dis¬ 
cussed in order. 

( а ) Solid Barriers. Where all the functions of the worker are carried 
out in a restricted section of the working space, or where he is but infre¬ 
quently called upon to leave such a restricted area, it may be possible to 
partition off the section in which he works and provide general ventilation 
and cooling within this area. This can be done in cases where the actual 
work operations are performed in one place or where the workman’s princi¬ 
pal task is to observe conditions throughout the entire work space from 
a single point of vantage. Control board operators can frequently be pro¬ 
tected by providing glassed-in observation chambers within which they 
can work and yet have good visibility over the entire working space. 
Aside from the advantage in ventilation, closed compartments of this kind 
permit reduction of the working noise level to a very much lower value; 
the improved working effectiveness from this cause may alone justify the 
use of such an enclosure. 

(б) Fluid Barriers. The effect of a hot atmosphere on an occupant 
is largely due to convective transfer from air to clothing or exposed body 
surface. If it were possible to prevent the hot air from establishing con¬ 
tact, the beating effect would be avoided. One way of doing this is to 
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interpose a cooled atmosphere between the worker and his surroundings 
such that air flows outward from him in all directions and thereby pre¬ 
vents the hot air from establishing contact. This method requires that 
a source of air be provided near the worker and that the volume be suffi¬ 
cient to cause an outward velocity great enough to offset circulation by 
convection within the enclosure and transfer of heat by conduction and 
convection through the cooled layer *of air. 

Effective local ventilation has long been used in industry in the form 
of directed streams of ventilating air so located that they flow over the 
position most frequently occupied by the worker. Recently basic experi¬ 
mental work has been done to determine the effectiveness of such air 
streams as a function of the velocity, volume, and state of the entering air. 
The data which follow (both for fluid barriers and for ventilated clothing) 
are taken from a report* of research conducted at the ASHVE Research 
Laboratory 



&? do so 94 94 sae too no 

ROOM AIR TEMPERATURE, V 


Fig. 14-3. Local Cooling by Air Blast; 

The data were obtained for subjects who.spent 80 per cent of the time 
standing, or seated at rest in the cool air stream, and the remaining 20 
per cent doing moderate work in the ambient atmosphere; work was 
carried on for approximately one minute out of each five. When at rest 
the subjects were allowed to choose preferred positions with respect to a 
4-in. nozzle located close to them and discharging at a velocity of 2500 
fpm. The investigators found that the subjects preferred to have the 
nozzle so located that the air stream did not pass over the head or face; 
the position suggested as being most practical was at shoulder level with 
the air stream flowing downward so as to cover as large a part of the body 
surface as possible. 

Figure 14*3 gives data permitting evaluation of the equivalent atmos¬ 
phere corresponding to a given ambient temperature and a given tempera- 

* Houghten, Ferderber, and Gutberlet, “ Local Cooling of Workers in Hot Indus¬ 
try,” ASHVE Transactions, Vol. 47 (1941). 
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ture of air blast. Increasing the volume of air in the blast, improving the 
contact between blast air and the subject, reducing the ratio of ambient 
air entrained by the cooled air stream are all ways of increasing the effec¬ 
tiveness of the local cooling effect and thereby mitigating the effect of 
the hot atmosphere. f 

(c) Ventilated Clothing. An unusual and highly effective method 
of local cooling is realized by supplying a small volume of air (20 cfm) 
directly into a loose-fitting airtight garment, as a pair of coveralls, worn 
by the subject. The air flows in from a small connection flexibly attached 
at the back, near the waist, and passes through the garment, escaping 
around the neck, ankles, and wrists. Figure 14-4 gives the experimental 



Fig. 14-4. Local Cooling by Ventilation of Clothing. 


results from tests with local cooling of this kind. Note that the air volume 
for the ventilated clothing method is much less than that required to 
attain equivalent effectiveness with an air blast; it is therefore evident 
that the ventilated suit is an economical as well as an effective means of 
local cooling. 

Because the ventilation volume is so small, the cooling effect with 
clothing ventilation is realized with less general cooling of the surround¬ 
ings than results with other systems. This characteristic is advantageous 
in some industrial enclosures where it is desired to maintain a high general 
temperature level. An additional advantage of this method over local 
cooling by air blast is that protection is provided against heat gain by 
radiation from the enclosure surfaces. 

When radiation is a large factor the clothing should have some insulat¬ 
ing value in order to retard the transfer of heat absorbed at the outside 
surface through to the body. The outside surface may then rise above 
the ambient air, and a heat balance may be established at this surface 
such that a large part of the energy received by radiation is given up by 
convection to the ambient air while the smaller remaining portion which 
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does get through is then picked up by the ventilation air passing through 
the clothing. 

An important consideration in the industrial use of ventilated clothing 
is provision for immediate and rapid detachment of the supply air inlet in 
the event of emergency. This can be readily achieved by designing the 
hose connection so that detachment will be automatic in the event of 
extreme movement by the worker. 

( d ) Summary. All methods of local ventilation have as their objective 
the realization of working conditions within the high-temperature space 
that are more acceptable than those which could be obtained with the same 
air volume or the same cooling capacity if it were directed toward general 
ventilation rather than local cooling. In some forms, the idea of local 
cooling for human comfort is so new as to seem impracticable, but before 
reaching such a conclusion one should give consideration to the fact that 
similar cooling systems for particular pieces of mechanical or electrical 
equipment have long been commonly used. The idea of bringing a supply 
of ventilation air to a motor or generator for the purpose of local cooling 
is not sufficiently new to warrant objection; the idea of bringing a similar 
special supply of ventilation air to a workman is based upon the same 
principle of maximum economy and, in many instances, is equally as 
practical. In particular, the method of ventilated clothing affords sur¬ 
prising possibilities for both economy and effectiveness in overcoming the 
hazards of extremely hot working spaces which are not amenable to prac¬ 
tical or economical treatment by conventional methods. 

PROBLEMS 

1. The sensible heat gain in a working space is 600 Btu/occupant; latent heat loss 
is 400 Btu/occupant. The inside state is at 70° dbt with 90 grains/lb, and the occu¬ 
pants are doing heavy work. Conditioned air is supplied at 50° dbt. (a) Determine 
the requisite ventilation rate expressed in cfm/occupant. (6) Determine the required 
absolute humidity of supply air. 

2. An enclosure in which there is a substantial heat source must be maintained at 
a temperature 10°F greater than that of the outside air. Calculate the cubic feet 
per minute of unconditioned ventilation air which correspond to a pooling effect of 
one ton of refrigeration. 

3. Based on a 10°F inside-to-outside temperature difference, determine the cfm of 
ventilation air required to offset the heating effect of a 100-watt electric light. 

4. The occupant of an unventilated enclosure experiences a rise in body tempera¬ 
ture of 12°F after 2 hr of exposure. If a blast type local cooling unit were installed 
what would have to be the supply temperature in order to reduce his 2-hr body 
temperature rise to 0.6°F? 

3. For the conditions of problem 4, if ventilated clothing were used, what would 
be the necessary air supply temperature? 
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CHAPTER XV 

FAN PERFORMANCE AND SELECTION 

The purpose of a fan in an air conditioning system is to provide the 
motive power whereby the working substance will receive the energy 
needed to establish flow. In all systems, real or ideal, the working sub¬ 
stance is transmitted through ducts or conduits the cross sections of which 
determine the velocity for a given weight or volume of the fluid. The 
primary purpose of a fan in an ideal system is to impart to the air the 
kinetic energy needed to establish the required duct velocity; the measure 
of kinetic energy is velocity pressure. This energy quantity represents 
work done on the air by the fan in raising its velocity from zero to the 
duct value. In the ideal, frictionless system, this alone would constitute 
the total work of the fan. 

In addition to supplying the ideal kinetic energy requirement, a fan 
operating as part of a real system must impart to the air stream an addi¬ 
tional quantity of energy equal to the losses occasioned by mechanical 
friction and by turbulence in the duct, the fittings, and at the entrance and 
exit from the system. The measure of this additional energy quantity 
of a real system is the static pressure. The total energy supplied by the 
fan must in all cases be proportional to the sum of the velocity pressure 
and the static pressure, that is, to the total pressure. In any system the 
total pressure must be directly proportional to the energy requirements 
of an ideal system having a duct of the same size as the actual system plus 
the actual energy losses, fluid and mechanical, of the real system. The 
first problem in connection with fans is then to investigate the manner in 
which a fan establishes velocity pressure and static pressure. 

BASIC EQUATIONS 

15*1. Velocity Pressure. The necessary kinetic energy of the air at a 
cross section of area A in the fan discharge duct can be determined di¬ 
rectly from the required velocity which, in turn, is known as a function 
of the necessary rate of flow, Q(cfm), and the duct area, by the equation, 

Q - Av or v « ~ (15*1) 

A 

The kinetic energy which must be imparted to the fluid by the fan is given 
by 
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where h m is the velocity pressure expressed in feet of head corresponding 
to one pound of air. As a convenience in measurement, fan pressures are 
usually expressed in inches of water equivalent to the actual pressure in 
feet of air; likewise, air velocity is customarily expressed in feet per 
minute, v, rather than in basic units of feet per second, V. These changes 
can be made in equation 15-2 by noting that 

‘-( 5)0 

where VP is the velocity pressure expressed in inches of water, and p w , p a 
are the respective densities of the water in the manometer and the air in the 
duct. Then, 

- Go) (£> {0 - 0 0000518 (£) <“*■> 


For water at 68°F and air at standard conditions (68°F at 50 
relative humidity) the above equation is approximately equal to 

VP = 0.0000000623t> 2 = (-£- 
V4005 


per cent 


(15*3) 


or 

v = 4005 (VP)* (15-3o) 

which shows that a velocity pressure of one inch of water corresponds to 
a velocity of 4005 fpm. 

Total pressure is measured by inserting an open tube into the air stream 
with the tube mouth facing upstream. The fluid upstream from the 
mouth is decelerated as it approaches and undergoes a virtual isentropic 
compression so that the increase in pressure at the tube mouth (over that 
due to static pressure alone) is a definite function of the stream velocity 
and is numerically equal to the term VP in equations 15*3 and 15-3a, 

Velocity is imparted to the air passing through a centrifugal fan as a 
result of centrifugal force acting on the air which enters axially and is 
then thrown out radially through the blades and also by the rotary move¬ 
ment of the blades which causes the air to leave the blade tip with a 
component of velocity tangent to the path and equal to the tip speed. 
The average area of the fan housing enclosing the rotor is considerably 
less than that of the discharge duct so the velocity of the air as it leaves 
the blade tip is greater than duct velocity; thus some of the energy present 
in kinetic form in the air leaving the blades must be converted to flow 
work by the time the air stream reaches the duct. The scroll type housing 
used with centrifugal fans serves as a means of reducing the velocity and 
converting some of the stored kinetic energy in the air leaving the blade 
tips to transitory flow work in the air passing through the duct. 
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15*2. Static Pressure. The pressure range over which an average cen¬ 
trifugal fan operates is relatively small when expressed in pounds per 
square inch or in inches of water, but it must be remembered that the 
head should be thought of in terms of the fluid 
handled by the fan. In such terms the actual 
head on a typical fan system is not at all inappre¬ 
ciable since it amounts to approximately 70' of air 
for each 1 in. of water pressure. On the pressure- 
volume diagram, however, the pressure change 
appears very small and the corresponding change 
in volume (Fig. 15*1) is likewise small. The work 
done on the air during the actual process of com¬ 
pression is insignificant in comparison with the 
work quantities representing entrance and dis¬ 
charge from the fan. 

Neglecting the change in volume of the air during compression, the net 
work input to the fan, exclusive of that required to impart velocity to the 
air stream, is given by 

^compression only = 144 (p# Pa)Qs ~ 14AApQ (15*4) 

In Fig. 15*1, the error resulting from use of equation 15*4 is indicated by 
the work quantity corresponding to the shaded area; if Q d were used in 
place of Q a , the work calculated by this equation would be slightly closer 
to the exact value, but the error would no longer be conservative since 
the calculated work would be less than the actual work. 

Expressed in terms of the static pressure (duct “ bursting ” pressure) in 
inches of water, SP , equation 15*4 becomes 

W = 5.19 (ASP) Q (15*4 a) 

Neglecting changes in the volume and temperature of the air passing 
through the fan the static pressure increase is thus seen to be directly 
proportional to the flow work imparted to the air stream by the fan. 

15*3. Velocity Pressure-Static Pressure Relationship. The static 
pressure produced by a fan occurs in part as a result of centrifugal com¬ 
pression of the air passing through the fan and in part as a result of trans¬ 
formation of kinetic energy to flow work in the fan casing. The principal 
difference between the pressure characteristics of different types of fan 
blading systems is due to variation in the fraction of duct static pressure 
derived from centrifugal compression. In general, losses are greater dur¬ 
ing the process of conversion than during compression so the efficiency of 
a fan usually can be expected to increase as the fraction of static pressure 
coming from compression becomes greater. Figures 15*2abc illustrate the 
three basic types of blade arrangement and show the resultant tip velocity 
of air as it leaves each type of blade. 



Fig. 15*1. Fan Work. 
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Figure 15*26 shows a radial blade rotating clockwise about the fan axis. 
The air passing through the fan travels radially along the blade, leaving the 
tip with a velocity with respect to the blade of u 2 , At the same time air 
at the tip has a velocity component, u' 2f in the direction of blade travel. 
The absolute velocity of air leaving 
the radial blade is then equal to the 
resultant V 2) as shown in the figure. 

For the same numerical value of the 
y u and u f velocity components, the re¬ 
sultant velocity of the air stream at the 
blade tip is greatest for a forward blade 
(Fig. 15*2a) and least for a backward 
blade fan (Fig. 15*2c)/) Considering 
that all three types of blades are 
radial at the heel and allowing for 
viscosity drag effects at entrance, 
conditions at the heel would be the same for all types; the entering com¬ 
ponent of velocity with reference to the wheel being U\, the component in a 
direction tangential to the path of the heel being u [ and the absolute 
velocity of the entering air being V\> where all velocities are expressed in 
feet per second. 

The change in total pressure of the air passing through the fan blades is 
equal to the sum of the increases in static and velocity pressures across the 
blades and, for an ideal system, is given by 

TP = SP blA dea + FPbiade. 



Fig. 15-2. Fan Blade Velocity 
Vectors. 


(t4) 2 -(4) a ul-vt , YizVl 

64.4 ^ 64.4 ^ 64.4 j 


(15*5) 


The first two terms represent the gain in static pressure across the blades, 
the first term being expressed in terms of the change in heel to tip circum¬ 
ferential velocity and representing a pressure gain from centrifugal force, 
and the second term as a static gain due to change in the relative velocity 
of the fluid with respect to the wheel. Note that, for all three blade types 
of Fig. 15*2 the static pressure gain is the same. 

The last term of equation 15*5 gives the increase in kinetic energy, or 
the velocity pressure increase, occurring during passage of the air through 
the (an wheel. This term depends on the absolute leaving velocity and 
hence is governed by the type of blading. Though the static pressure 
increase across the blades of all three types shown in Fig. 15*2 would be 
the same, the velocity pressure and hence total pressure gains would be 
greatest for the forward blade fan and least for the backward blade type. 
Thus as the blade moves progressively from a forward angle to a back¬ 
ward angle, the ratio'of static pressure gain to total pressure gain increases. 
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Some of the velocity pressure possessed by the air leaving the blade tips 
can be converted to static pressure in the casing, but as already mentioned 
this conversion is a less efficient method of realizing a static gain than the 
direct methods which occur during passage through the fan wheel. Re¬ 
ferring again to the blading systems of Fig. 15*2, the total pressure of the 
backward blade can be raised to equal that of the forward blade unit by 
increasing the speed. But it is unnecessary for the speed increase to be 
great enough to raise the absolute leaving air velocity V 2 to the same value 
for backward as for forward because the static pressure gain across the 
higher speed backward blade fan would exceed that of the forward blade 
fan; thus a smaller fraction of the total pressure would have to come from 
kinetic energy of the air" leaving the blades. Therefore, for equal air 
volumes supplied in the discharge duct with equal static and velocity 
pressures, a backward blade fan would have to operate at higher speed 
than a forward or radial blade fan of the same size, but the absolute 
velocity of air leaving the backward blade unit would be lower than for 
either of the other fans and the per cent of static pressure gain occurring 
across the blades (and therefore most efficiently) would be greatest for 
the backward blade fan. 

Conversely, if forward and backward blade fans are operated at relative 
speeds such that the absolute air velocity leaving the blades is the same 
and if the fraction of velocity pressure converted to static pressure in the 
scroll is identical for the two fans, the backward blade will supply air at a 
greater ratio of static to total pressure. Since the static pressure is used 
in overcoming resistance, it follows that this higher ratio is advantageous 
in that it reflects the greater capacity of the air from a backward blade 
fan to overcome friction in the ducts and fittings. 

15*4. Air Horsepower. From equation 15*4a (note that 33*000 foot¬ 
pounds per minute are one horsepower), the ideal horsepower which must 
be delivered to the air to produce the static pressure increase SP is 


5.19 (SP)Q = (SP)Q 
33,000 6350 


(15*6) 


where AHP a is the static air horsepower. 

Similarly the total air horsepower is determined from the equation, 


AHP t 


C TP)Q 

6350 


( 15 * 7 ) 


where TP is the total pressure gain of the air passing through the fan. 
A change in density does not alter the air horsepower per unit weight of 
air since the density corrections to pressure and volume are compensat¬ 
ing. Conversely, as the density varies, the weight of air handled by a 
given fan and duct system will vary, but the volume handled will remain 
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the same; thus the actual air horsepower required by a fixed system 
operating with air of variable density would vary directly with the density. 

Fan efficiencies are usually expressed in terms of the static pressure and 
the total pressure, as follows: 


Static efficiency 


Total efficiency 



(15-8a) 
(15-81 b) 


The range of efficiency for centrifugal fans of the usual type is almost 
independent of size (for a given set of fans) and varies in the approximate 
range from 40 to 80 per cent. 

Fan ratings are sometimes expressed in terms of capacity at point of 
maximum total efficiency and sometimes in terms of capacity at maximum 
static efficiency. Though neither method has gained universal acceptance, 
the latter is more likely to be useful as it defines a rating point closer to 
the actual point of operation of most commercial fan types; the rating 
based on total efficiency may occur outside the usual operating range and, 
in some cases, cannot be readily fixed. 


FAN PERFORMANCE 

16-6* Fan Types and Characteristics. The performance characteristics 
of forward blade, radial, and backward blade fans are shown in Figs. 15-3, 
15-4, and 15*5. Forward blade fans are characterized by a point of inflec¬ 
tion in the static pressure curve (Fig. 15*3) and by a steadily rising power 
eurve. The inflection is not important when such a fan is operating alone 
on a given airway, but may lead to operating difficulties when two such 
fans are placed in parallel. 

Of greater importance is the characteristic rising power curve of such a 
fan. Note that when operating under shut-off conditions the static 
pressure and power have fixed values; as the resistance of the system is 
decreased (as by opening dampers) the static pressure first falls, then 
rises, and finally falls again as the volume of air handled and the power 
requirements both steadily increase. Consideration of this relationship 
between static pressure and power leads to the conclusion that a forward 
blade fan must be equipped with a sufficiently oversize motor to handle 
the ldad corresponding to the minimum resistance against which the fan 
might discharge. Frequently the possibility of accidental operation 
against resistances very low in comparison with the rated resistance of 
the system makes necessary the selection of a much larger motor than the 
service would normally justify. 

A further disadvantage of forward blading is that the static pressure 
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curve is relatively flat and its maximum occurs in or near the usual operat¬ 
ing range. This means that a large change in capacity may occur as a 
result of minor pressure adjustments or changes in the system. A slight 
error in estimating the resistance of a given airway may thus lead to 
selection of a fan whose output will depart considerably from the desired 
capacity. 
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Fig. 15*3. Forward Blade 
Characteristics. 


Fig. 154. Backward Blade Char¬ 
acteristics. 



Fig. 15*5. Radial Blade Characteristics. 

The advantages of the forward blade type are that it provides a maxi¬ 
mum air volume for a given wheel size and speed and is therefore lighter, 
smaller, and responsible for less noise due to mechanical vibration than 
other types. Offsetting the effect of lower speed on noise reduction is the 
higher absolute velocity of air leaving the blade tips of a fan of this type; 
noise originating as a result of fluid motion and turbulence is greatest from 
a forward blade type fan, and since this source of noise is the controlling 
factor in most commercial fans it follows that the forward blade type is 
likely to be more noisy than either of the others. As already mentionedf 
the greater conversion of velocity to static pressure which takes place in! 
forward blade fan casings results in a loss of efficiency. 

The backward blade type of fan (Fig. 15*4) does not have a point of 
inflection in its static pressure curve, and does have a power characteristic 
of the limit load type; maximum power is required at a point close to the 
rated capacity, so a motor capable of providing rated output will be more 
than capable of handling any other load which can occur at fixed speed. 
The steeper static pressure curve of the backward blade fan means that 
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only minor changes in volume will accompany small changes in system re¬ 
sistance; failure to predict accurately the resistance of a new airway will 
therefore have less effect on the actual volume of air handled by the fan 
if it is of the backward type. For the same total pressure and air volume 




Fig. 15*6. Comparative Horse¬ 
power Curves. 


Fig. 15-7. Comparative Static 
Pressure Curves. 


a backward blade fan must operate at approximately twice the speed of 
a forward blade fan of equal size. 

The characteristics of fans having radial blades (Fig. 15-5) are between 
those of the forward and backward types. Figures 15-6 and 15*7 show 
the assembled horsepower and air static pressure curves, respectively, of 
the three types of fans. Note that the 
positions of the horsepower curves with 
respect to one another are based on the 
rated values for each fan; the absolute 
values of horsepower would not have the 
same value for all three fans operating at 
the same absolute capacity. 

15*6. Series Operation. The combined 
characteristics for series operation of two 
identical low-pressure centrifugal fans are 
shown in Fig. 15*8. Neglecting the difference in density of air passing 
through the two fans, the velocity pressure for the combination, VP 0 > must 
be the same as the velocity pressure of either fan, 7Pi, when operating 
alone. The combined total pressure is twice the total pressure of a single 
fan, so the static pressure of the combination, h c> must be given by 



Fig. 15-8. Series Operation of 
Fans. 


SP C - TP 0 - VPc - 2 TP X - VPt (15*9) 


and also by 

SP 0 - TP t + (TPt - VP t ) - TP 1 + SP X - 2SPx + VP t (15.9a) 


Thus, for the same capacity, two identical fans in series will develop 
more than twice the static pressure of a single fan; the total pressure 
developed by all but the first fan of a group in series appears entirely as 
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a static pressure increase for the combination. The determination of the 
pressure characteristics of any group of fans in series can be investigated 
by the method already outlined even if the fans are not identical; it can 
also be extended to include high-pressure fans if correction is made for 

the density change of the air passing 
through the different fans of the series. 

15-7. Parallel Operation. Figure 15*9 
shows the single and combined character¬ 
istics of two identical low-pressure centrif¬ 
ugal fans operating in parallel. For a 
given static pressure the capacity of the 
combination must be twice that of a single 
fan. If both fans are operating at the 
same point on their characteristics their 
individual deliveries will necessarily be equal and the operating point of 
the combination will then be such that Q c = 2Q; on this basis the equal 
load characteristic, 4,5,6 of Fig. 15*9, is established. 

But a forward blade fan having a characteristic such as shown in Fig. 
15*9 has three possible points of operation corresponding to each particular 
value of the static pressure over a limited range; at SP lf for example, 
the single fan can deliver Q x or Q 2 or Q 3 . This multiplicity of capacities 
at a fixed static pressure does not have any important effect on a fan 
operating alone, because the airway characteristic will automatically fix 
the one and only value of Q which can be delivered against a fixed static 
pressure; when operating in parallel, however, the stabilizing influence of 
the airway is only partially effective, as will be seen. 

Consider two fans having the individual characteristic shown in Fig. 
15*9, each operating against a static pressure of SP 1} but one fan deliver¬ 
ing Qx and the other Q 2 ; the operating point for combined parallel opera¬ 
tion would then be 

Qa * =s Ql + Q2 

which is not a point on the uniform load characteristic, 4,5,6. Similarly, 
one fan might be delivering Qx and the other delivering Q 3 to give an 
operating point 

Qb “ Qi + Qa 

or one fan delivering Q 2 , the other Q 8 to give 

Qc *** Q2 + Q3 

The points a, b } and c are possible points on the combined characteristic 
for parallel operation, but they do not represent equal load distribution 
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Fig. 15*9. Parallel Operation of 
Fans. 
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and do not fall on the stable operating characteristic, 4,5,6. In a similar 
manner other non-equal load points can be found, thereby establishing the 
dotted line characteristic a,b,c of the figure. 

Consider two fans operating in parallel on a system defined by the 
airway characteristic od of Fig. 15*9. Either of the two points e and / 
fall on both the airway and the combined fan characteristic and therefore 
represent possible operating points of the system. Since both fans are 
operating at the same constant speed there is no apparent difference 
between them and no way of determining whether they will, in combina¬ 
tion, share the load equally or unequally. This condition therefore rep¬ 
resents unstable operation, and it is impossible either to prophesy or 
assure operation of the system at either point e or /. Further, e and / 
are not functionally related, so a change in operation of the system from 
one point to the other would be abrupt rather than continuous. 

Aside from discontinuity of the combined characteristic, parallel opera¬ 
tion at non-equal loads is undesirable because the efficiency of both fans 
is reduced, and the power requirements are therefore greater, for the same 
capacity, than would be the case for equal load. In many cases the shift 
from stable to unstable operation is accompanied by a reduction in 
capacity, static pressure, and air horsepower, but an increase in brake 
horsepower. Because of the unstable char¬ 
acteristic accompanying non-equal load 
distribution, forward blade fans are not, in 
general, satisfactory for parallel service. 

15*8. Adaptation of Fan to Airway. The 
resistance curve of a given airway consist¬ 
ing of ducts, fittings, filters, air condition¬ 
ing equipment, etc., is, in general, parabolic 
in shape, the resistance increasing approxi¬ 
mately as the square of the volume handled. For a particular airway 
there is one and only one resistance curve, and the fan delivering air 
through that airway must be operating at some point on the curve. 
Refer to Fig. 15T0 and consider a particular fan, identified as No. X, 
operating at speed N 1 and delivering air through an airway having the 
resistance curve indicated by W t . The point of operation must fall on 
both the fan and airway characteristic curves and is therefore point a\ 
the static pressure, capacity, and power requirements of this operating 
point can be read directly from the figure. Suppose that it is now desired 
to reduce the flow rate to a new value, Q & ; this can be accomplished by 
either of two methods or by any combination of them. 

I. Increasing the resistance of the airway (as by partially closing a 
damper) establishes a new airway curve W 2 which intersects the fan char¬ 
acteristics at point b for which the capacity has the desired value; corre- 



Fia. 15*10. Volume Control. 
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spcmding static pressure and horsepower can be determined from the 
figure. 

2. Reducing the fan speed to N 2 changes the fan characteristic and per¬ 
mits operation on the original airway with reduced volume. The operat¬ 
ing point is then b' of Fig. 15T0 with corresponding values of the static 
pressure and horsepower. Note that the power required at point b' is 
much less than that at b, indicating that speed reduction is a more eco¬ 
nomical method of decreasing the volume than is alteration of the airway. 
For maximum operating effectiveness (as measured by power require¬ 
ments) the airway resistance should at all times be kept at a minimum 
and volume adjustments made by varying the fan speed. 

15*9. Fan Laws. Fan laws are statements concerning the functional 
relationships existing among capacity, pressure, power, speed, and size of 
homologous fans which are operating at the same point on their character¬ 
istic curves; that is, fans geometrically similar and operating at the same 
efficiency. When size is not a variable and the density of air handled 
does not change, three basic laws can be developed for operation of a given 
fan at variable speed: 

1. Capacity is proportional to the product of area by velocity (Equa¬ 
tion 15*1). Since all areas of a given size fan remain constant and veloci¬ 
ties through such areas are proportional to the speed, 


Qi = Xi 

Q2 N 2 


(15*10) 


where N is the fan speed in revolutions per minute. 

2. For operation at the same point on the characteristic curve all 
property ratios must remain the same. Thus the ratio of static pressures 
must be equal to the ratio of velocity pressures at any fixed point within 
the fan. The velocity pressure leaving the blades (equation 15*5) is 
proportional to the square of the tip speed and therefore to the square of 
the fan speed in revolutions per minute. Thus, 


SPt /Ni\ 2 

SP 8 " \nJ 


(15-11) 


3. The horsepower (either brake or air) is proportional to work, which 
is proportional to the product of capacity and total pressure; thus (from 
equations 15-10 and 15-11), 


HPi (Ni\* 
HP , “ W 


(15-13) 


The three above equations are established for the specific condition rep¬ 
resented by operation at the same point on the fan characteristic; in their 
derivation nothing is said as to the possibility of applying them to actual 
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conditions represented by a fan discharging through a particular airway. 
Fortunately, however, the same equations are applicable to the latter case. 
This can be shown as follows: For flow through a given airway the 
resistance varies approximately as the square of the volume. Thus the 
static pressure required must increase with capacity by the equation 


m 2 _ (E±) 

W2/ \SPaJ required 


(15-13o) 


But from equations 15-10 and 15*11, the available static pressure varies 
with capacity by 

Qi \ 2 (SP 

qJ \ 8 P 


:) 


2/ available 


(15*136) 


From equations 15T3a and b it is evident that, as the speed changes, the 
point of intersection of the fan characteristic and airway characteristic will 
always occur at the same per cent of rating; equations 15T0, 15T1, and 
15T2 are therefore applicable to a variable speed fan operating on a fixed 
airway with air of constant density. 

Variations in performance resulting from density changes can be readily 
determined. The capacity, Q, and the pressure measured in feet of air 
do not change with density whereas the horsepower, the head in inches of 
water, and the weight of air handled vary directly with density. These 
relationships can be combined with the fan laws to obtain the effect of a 
density change. 

Three additional fan laws are frequently of use in comparing the con¬ 
stant-speed performance of fans differing only in size. These are: 


4. 



(15*14) 


where D is the diameter of the fan wheel or any other dimension or number 
which is proportional to wheel diameter. This law follows from equar 
tion 15*1, noting that A is proportional to D 2 and v proportional to D. 

g - (0 


5. 


This equation is obtained by the same reasoning used to establish equa¬ 
tion 15*11; velocity is proportional to diameter, and head is proportional 
to velocity squared, so head must be proportional to diameter squared. 


6 . 



(18*16) 


Equation 15*16 follows from 15*14 and 15*15, just as equation 15*12 
followed from 15*10 and 15*11. 
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The possibility of applying equations 15*14, 15*15, and 15*16 to fans 
operating on the same airway can be investigated by combining equa¬ 
tions 15*14 and 15*15 to determine the variation of capacity as a function 
of available static pressure, giving 


Qi = (SPi\ H 

Q2 \SPJ available 


(15-17) 



Fig. 15-11. Airway Adaptation. 


But equation 15*13a shows that the capacity-pressure relationship for a 
fixed airway differs from that of equation 15*17, so equations 15*14,15*15, 
and 15*16 cannot be used to determine performance of two fans operating 

on an airway of fixed characteristic. The 
difference in application between equations 
15*10, 15*11, 15*12 and 15*14, 15*15, 15*16 is 
illustrated in Fig. 15*11. A fan Dj, operat¬ 
ing at speed N lf is connected to a given air¬ 
way and delivers air at point a. If the fan 
speed were increased to N 2 , the new operat¬ 
ing point on the fan characteristic would also 
fall on the airway characteristic (by equa¬ 
tions 15*13a and b) and the fan would therefore deliver air at point 6. If, 
however, the original fan were replaced by one of larger size, D 2 , but 
operating at the same speed, jVj, the same point on the characteristic curve 
of the larger fan, when operating against static pressure SP 2 , would be a 
point c which does not lie on the original airway characteristic. Altera¬ 
tion of the airway characteristic is then necessary in order to permit oper¬ 
ation of the larger fan at the same fan characteristic point; otherwise the 
larger fan will operate at a new point, c', on its characteristic curve, and 
in this event equations 15*14, 15*15, and 15*16 are not applicable. 

15*10. Selection of Centrifugal Fans. The problem of selecting a par¬ 
ticular type and size of centrifugal fan for use with a given airway system 
is complicated by the need for considering many economic and other 
factors which are not susceptible to simple quantitative evaluation. 
Weight and space limitations may dictate the type even when operating 
economy or performance characteristics might better be realized with 
some other selection. First cost may necessitate selection of a smaller 
fan to operate at a point beyond rated load and hence at reduced effi¬ 
ciency. The system characteristics may require a fan with a relatively 
flat static pressure-capacity curve even when such a selection means 
greater power requirement, For all these reasons and for many others, 
tangible and intangible, the use of selection charts or of other more or 
Jess mechanical methods of choosing the “ best ” fan for a particular 
service must be carried out with considerable care, and the final selection 



SELECTION OF CENTRIFUGAL FANS 261 

must, in any case, depend very largely on the judgment and experience 
of the engineer. 

The particular hazard connected with charts or graphs for fan selection 
is that such devices, when used incautiously, overemphasize some factors 
at the expense of others and lead, therefore, to erroneous generalizations 
concerning the relative merits of the fans from which selection is to be 
made. A fan selection chart can easily be designed from which one can 
choose directly the size and type of fan which will operate on a known 
airway and deliver the required air volume with minimum power require¬ 
ments; the hazard is in assuming that the fan requiring the least power 
is necessarily the “ best ” for the service in question. In many cases it 
will be the logical choice, but not infrequently factors other than operat¬ 
ing cost will outweigh in importance the aerodynamic efficiency of the fan. 
Recognizing these limitations, some form of selection chart is nonetheless 
extremely helpful in evaluating the relative performance of fans and, par¬ 
ticularly, in selecting the most efficient size and type of fan from a group 
which, in other respects, may be equally well suited for the service. 

Basically, methods of fan selection are of two kinds: (1) those in 
which the selection system is intended to show the point on the rating 
curve at which different sizes of the same type of fan would operate; 
(2) those intended to permit determination of the correct size of any of 
a number of different types of fans each to operate at its point of maximum 
efficiency. Selection charts of the first kind are particularly useful in 
representing complete performance data for a series of homologous fans, 
and special forms of such charts have been developed and are used by 
certain of the fan manufacturers; all such charts are constructed on the 
basis of some form of generalized variable derived from the fan laws and 
used as a coordinate against a static efficiency curve. One such general¬ 
ized variable is the so-called specific speed N e , which is a constant for all 
sizes of a given type of fan when operating at the same rating point; from 
the fan laws the specific speed can be derived as 

NQ h 

Other generalized variables have been obtained and ingenious methods 
established for graphically ^evaluating them in terms of the basic char¬ 
acteristics of the fan and airway. 

The second kind of selection chart is of greater value to the engineer 
who wishes to investigate the relative performance of fan types as well 
as sizes, but it is subject to the disadvantage, not present with the first 
type, that selection is limited to the point on the rating curve correspond¬ 
ing to maximum efficiency. Frequently, however, this limitation is not 
serious as the efficiency differences indicated at best rating point are likely 
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to be maintained throughout the section of the characteristic performance 
curve within which the selection is to be made. Selection charts of the 
second kind can be constructed on the basis of the specific speed concept 
or directly from a consideration of the fundamental fan laws. The task 
of construction is largely a matter of plotting the fan law relationships 
for one type of homologous fan series and then using this basic background 
for comparing the performance characteristics of as many other types of 
fans as may be desired; the graphical construction for a single fan type 
will suffice for showing comparative performance of a limitless number of 
other types of fans. While the time needed to set up the original selection 
chart may be out of proportion to the value of data which it gives con¬ 
cerning the one fan type, the same chart can be used as a basis for com¬ 
parison of as many other fan types as may be desired. In the paragraphs 
which follow, complete details are given for the construction and use of a 
fan selection chart based on the fan laws and intended to permit selection 
of the most efficient size and type of fan for any system for which the 
capacity and static pressure are known. 

15*11. Maximum Rating Point Fan Selection Chart. Experimental data 
necessary to the construction of a fan selection chart of this type consist 
of the static pressure, capacity, and brake horsepower of any size fan of 
a given type when operating at any one speed, but at the rating point 
corresponding to maximum static efficiency. From this one set of per¬ 
formance data a selection chart can be constructed and used to determine 
the size and operating speed of a fan from the same homologous series 
which will carry any particular load at a rating point closer to maximum 
static efficiency than could any other size fan from the same homologous 
series. The required basic experimental data for any given type of fan 
can be obtained from the manufacturer’s catalogues or rating tables by 
one of the following methods: 

1. If a set of characteristic curves (similar to Figs. 15*3, 15*4, or 15*5, 
but with absolute rather than per cent ratings) is available for any 
one size and speed of fan the values of Q m , SP m , and BHP m corresponding 
to the maximum static efficiency can be read directly from the curves. 

2. Characteristic curves with absolute rating scales may not be avail¬ 
able, but per cent rating curves similar to Figs. 15*3, 15*4, and 15*5 are 
often included in fan catalogues. From such a set of curves the values 
of Q m , SP m , and BHP m can be calculated providing values of Q x , SP lf 
and BHP X are available for any operating point of any size fan of the 
series, at any speed. The latter set of data can be obtained from multi¬ 
rating tables, rated-capacity tables, or any other tabular or graphical 
source of specific operating information. 

Knowing Q X) SP l9 and BHP X for any rating point, the static air horse¬ 
power is calculated by equation 15*6 and the corresponding static effi- 
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ciency then determined from equation 15*8a. Entering the ordinate of 
the characteristic curve at the calculated static efficiency, the per cent of 
rated capacity representing is read on the abscissa, and the capacity at 
maximum static efficiency is then calculated by dividing Q x by its corre¬ 
sponding per cent of rating. In the same manner SP m and BHP m are 
calculated. 

3. Frequently no form of characteristic curve is available and specific 
information is not given in the catalogue concerning the position on the 
rating curve of experimental points for which data are published. In 
such cases the available data can be used to establish a characteristic 
curve and the values of Q m , SP m , and BHP m then determined as in the first 
method described above. The characteristic curve is established as 
follows: 

a. If data are available for rating points at the same speed these can 
be plotted directly to give a rating curve. 

b. If constant-speed data are not available, a convenient value of the 
speed can be arbitrarily selected, and data from such points as are avail¬ 
able can be extrapolated by equations 15T0, 15*11, and 15*12 to the 
assigned speed; these points can then be plotted to give the desired 
characteristic curve, and the values of Q m , SP m , and BHP m can be read 
therefrom. By a judicious selection of data from the multirating or other 
tables, the necessary correction for selected speed can be kept small. 

4. Multirating tables sometimes indicate in bold-face type the operating 
points, at a given static pressure and outlet velocity, which most closely 
approach the rating point for maximum static efficiency. In such cases 
the actual points indicated will individually depart slightly from maximum 
rating, but they can be used to determine maximum efficiency by a simple 
graphical method based on the assumption that, on the average, departure 
of individual points from maximum occurs equally both above and below 
100 per cent rating. This method will be described in a later section. 

The use of bold-face rating points to determine the point of maximum 
efficiency is, of course, limited to those cases where the bold-face ratings 
are given as the most efficient operating points for the corresponding 
pressure and outlet velocity; not infrequently such ratings are given'as 
the manufacturer’s recommendation for selection of fans to operate at 
some point beyond 100 per cent rating; that is, to sacrifice operating effec¬ 
tiveness in order to reduce first cost by permitting selection of a fan some¬ 
what smaller than would be needed if maximum efficiency were to be 
realized. Selection at points beyond 100 per cent rating is also desirable 
in order to take advantage of a static-pressure curve slope best adapted 
to the particular service; in all such cases the criterion of maximum static 
efficiency which forms the basis of this form of fan selection chart does 
not hold. The actual selection chart, once it has been constructed, can be 
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used to select undersize fans, but the bold-face data from the multirating 
tables cannot be used to provide the needed rating data used in the chart 
construction. 

Having determined Q m , SP m , and BHP m by any one of the above 
methods the actual construction of the complete selection chart can now 
be carried out in five steps: 

1. As an abscissa establish a linear capacity scale extending from zero 
to the maximum number of cubic feet per minute for which the selection 
chart is to be used. On the vertical coordinate establish a speed scale, 
expressed in revolutions per minute, from zero to the maximum revolu¬ 




tions per minute at which fan operation is to be considered. Entering the 
capacity scale at Q m (Fig. 15*12) rise to intersection with the speed N m 
for which the rating data apply; this intersection, P 2 , is one operating 
point for the size of fan for which the data were obtained. From a con¬ 
sideration of the first fan law, equation 15*10, the capacity is directly 
proportional to the speed, so a straight line, OD 2 of Fig. 15*12, from the 
origin through operating point P 2 is the locus of all maximum efficiency 
rating points of this particular size and type of fan. 

2. The operating locus of other size fans from the same homologous 
series can now be readily determined by application of the fourth fan law, 
equation 15*14, which permits direct calculation of the optimum capacity 
Qm of a fan having wheel diameter D\ when operating at the same speed 
N m as the original unit of the diameter D 2 , The intersection of Q' m and 
N m , P lf gives an operating point for the second fan size and permits draw¬ 
ing the locus ODt for this unit. In the same manner loci can be con¬ 
structed for as many sizes of fans of the same homologous series as may 
be desired. Thus optimum performance of all sizes of one type of fan 
can be shown by a series of radial lines passing through the origin. 

3. The static pressure corresponding to point P 2 is known, but in all 
probability it does not happen to be an integer. As a first step in con- 
etrueting constant static pressure lines on the chart it is necessary to 
determine the points on the line OD 2 where the static pressure has non- 
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fractional values, as 1 in., 2 in., 3 in. This is done by applying the fan 
law for static pressure change as a function of speed with fan size constant 
(equation 15*11); thus, 

By calculating the speed corresponding to each desired value of the static 
pressure, points along the line OD 2 can now be readily located (Fig. 15*13). 

Determination of static pressure points on lines for other size fans 
follows from a combination of equations 15*11 and 15*15, giving 

Ni = N 2 ^i 

for constant static pressure. Having used this equation to determine 
points of constant static pressure for a number of different fan sizes (as 
D i, D 2 , and D 3 of Fig. 15*13), lines of constant static pressure can be 
drawn through these points thereby establishing a static pressure back¬ 
ground on the fan selection chart. 




4. The brake horsepower corresponding to operation of size D 2 at point 
P 2 is known from the original data. Using the fan law (equation 15*12) 
for variation of HP with N when size is constant, points can be deter¬ 
mined along the line OD 2 at which the HP has selected values, as *4, %, 
1, or 2 (see Fig. 15*14). Location of corresponding horsepower points on 
operating lines for other size fans can be accomplished by combining equa¬ 
tions 15*12 and 15*16 to obtain the relationship between size and speed 
when power is constant, 

From this equation points are determined at a sufficient number of sizes 
to permit drawing in the dashed lines of constant horsepower as shown 
in Fig. 15*14. 
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6. To complete the fan selection chart for the one type of fan the static 
pressure and horsepower curves of Figs. 15*13 and 15*14 should be super¬ 
imposed to constitute a complete background for the different fan size 
locus lines. The resulting three sets of curves together with horizontal 
and vertical backgrounds for speed and capacity would be confusing; a 
great simplification can be realized by using points instead of lines to show 
the relative location on the chart of the different size fans. Refer to Fig. 
15*14 and draw an arc of any convenient radius through the origin of 
coordinates and intersecting the locus lines for different size fans at points 
labeled D lf D 2 , Z> 3 , etc. This arc, by definition, constitutes the locus of 
base points for all sizes of fan type 1 and the arc alone need be shown on 
the selection chart. 

Figure 15*15 shows the complete selection chart for type 1. As an 
example of its use consider that it is desired to select a fan of this type to 
deliver Q a cubic feet per minute against a static pressure of SP a inches of 
water. Entering the chart at Q w rise to intersection with curve for SP as> 
thereby establishing the desired operating point P., From the origin draw 
a straight line through P and extend it to intersect the type 1 arc at 
point x. This intersection shows that fan size D 3 is too large and size D 2 
too small; Z> 3 , however, is the fan which will come closest to operating at 
maximum efficiency. Drawing in the fan locus line OD 3 shows that fan 
D 3 would deliver the required air volume Q a at maximum static efficiency 
provided the airway characteristic were altered so that the static pressure 
at required capacity would be 2 in. instead of SP W . If the airway cannot 
be altered no fan of this type (unless specially constructed at a size cor¬ 
responding to point x) is capable of meeting the required load while 
operating at its maximum rating point. The exact horsepower required 
by fan D s when operating on the unaltered airway cannot be determined 
from the selection chart as the chart data are applicable only for operating 
points corresponding to maximum rating. However, the slope of the effi¬ 
ciency curve in the close vicinity of optimum rating is usually quite flat, 
so reasonably accurate approximations to non-optimum power can be read 
from the chart. 

Use of the basic selection chart for fan types other than the one for 
which it was constructed can be readily accomplished by addition of a 
new speed scale for each additional type and determination of a correction 
coefficient to be applied to the values of horsepower given for the basic 
type. As an example consider that data are available for one optimum 
operating point of some one fan of type 2; these data include Q' f SP\ 
N f , &HP'. Enter the basic chart on the capacity scale at Q f (Fig* 15*16) 
and rise to intersect the static pressure curve corresponding to SP f ; this 
establishes the operating point R, ^corresponding to the given data for the 
second type of fan, but the speed and BMP which appear on the chart for 
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point R do not agree with the speed N' and the horsepower BHP f for 
the fan. 

To construct a corrected speed scale, first move to the left from 0 along 
the capacity scale any convenient distance 00'. From point O' draw 
straight lines to points on the vertical speed scale; each such line is then 
a constant-speed line having the value indicated on the vertical scale (see 
Fig. 15-16). Now from point R extend the horizontal to the left to inter¬ 
sect the constant-speed line for N f and through this intersection draw a 
vertical line which will then be the correct speed scale for all fans of 
type 2. 


rrp£^ 



Fig. 15*16. 



The correction coefficient for brake horsepower is obtained by dividing 
the known power requirement at point R, BHP' f by the chart value; the 
quotient is a multiplying correction coefficient which can be used with 
chart values of the horsepower for all type 2 fans. This coefficient is con¬ 
veniently marked on the arc representing the locus of base points for all 
fans of type 2, and the arc is extended to connect with the type 2 speed 
scale. 

As many types of fans as may be desired can be similarly shown on the 
single fan selection chart. The background is the same for all fan types, 
each type added requiring only a speed scale, selection arc with fan sizes 
marked thereon and the correction coefficient for calculating the actual 
brake horsepower requirements from the values shown on the power lines 
of the background. The type of fan for which the power coefficient is 
smallest will obviously be the one having greatest efficiency. The value 
of th^ power coefficient is, of course, a constant for each fan type, and the 
variation of this coefficient between types is a good first indication of the 
relative desirability of the respective fans. As previously mentioned, 
operating efficiency is not alone a sufficient criterion for fan selection, but 
with differences of over 20 per cent sometimes appearing in the power 
coefficients of competitive centrifugal fans the efficiency is a factor that, 
in some cases, may easily be of major importance. 
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Figure 16*17 shows diagrammatically a selection chart including four 
types of fans. If the problem is to select a unit capable of delivering 
Q a cubic feet per minute against a static pressure of SP a , the required 
operating point is located on the chart and a line through that point and 
the origin then drawn and extended to intersect the four arcs. From the 
figure it is seen that type 1, size 5 is closest of its type, but slightly too 
small to permit operating at maximum efficiency on the design airway; 
type 2, size 2 is closest of its kind, but somewhat too large; type 3, size 
6 permits maximum efficiency of operation (for its kind); type 4, size 7 
operates at close to maximum efficiency, but is slightly too small. Assum¬ 
ing that the loss of efficiency of all types due to use of a slightly offsize 
fan is negligible, the horsepower of each of the sizes and types of fans 
considered is obtained by multiplying the chart horsepower, read at the 
operating point, by the respective correction coefficients, K ly K 2 > K%, and 
K 4 . Similarly, the approximate required operating speed of each of the 
fans can be obtained by moving horizontally left from the operating point 
to intersection with the speed scale for each of the respective fan types. 
If the airway characteristic were to be altered to permit each of the fans 
to operate at maximum efficiency the exact horsepowers and speeds would 
be found for each fan by drawing a line from the origin through the fan 
size point on the arc, noting its intersection with the required capacity 
line, reading actual static pressure and horsepower at the intersection, 
correcting the power by use of the power coefficient, and determining the 
speed corresponding to the actual operating point by going to the correct 
speed scale at the left side of the fan selection chart. 

For most practical purposes the basic selection chart as constructed 
above will suffice for the investigation of relative efficiencies attend¬ 
ant upon choice of a fan for some particular service. Where effi¬ 
ciency comparisons of fans operating at points other than that of maxi¬ 
mum static efficiency (as maximum total efficiency, or some rating point 
ahead of or beyond that corresponding to optimum static efficiency), a 
new chart can be constructed or the same basic chart used with a new set 
of speed scales, one scale for each desired rating point of a given type of 
fan. Thus if enough speed scales were added the one selection chart 
would permit choice of any type of fan to operate at any per cent of rated 
capacity. 

Another item of operating information which can be readily obtained 
from the chart is tip speed. This is proportional to revolutions per minute 
times diameter and therefore remains constant (for operation at a fixed 
point on the fan characteristic curve) along any constant static pressure 
line. The SP lines which constitute part of the selection chart back¬ 
ground are therefore constant tip speed lines and can be so labeled. The 
recorded values of tip speed will be for the basic fan type (for which the 
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chart was originally constructed), and correction coefficients can then be 
determined (as for horsepower) for all other fan type® which are included 
on the selection chart. 

To assist in establishing a selection method for the fan types of greatest 
interest to a particular user, Figs. 15*18 and 15*19 are included. Each of 
the figures gives a working size fan selection background on which the 
reader can readily establish size reference points for the fan types of 
interest to him. Knowing operating conditions of a given type and size 
of fan when running at its optimum point on the characteristic curve, the 
intersection of Q and SP lines on the background fixes the rating point 
and permits establishing the speed scale, type arc, size points and correc¬ 
tion coefficient for horsepower and for tip speed. Figure 15*18 is a stand¬ 
ard selection background for small fans while Fig. 15*19 is for larger fans. 
In many cases it will be found advantageous to redraw the selection back¬ 
ground with logarithmic coordinates, thereby giving straight lines for the 
constant static pressure and constant horsepower curve families. One 
additional advantage of log-log plotting is that it extends the capacity 
scale sufficiently to permit use of a single chart for fans of all sizes. 

As the user gains familiarity with the chart, other possible extensions 
of its usefulness will become evident and he can add or remove items until 
the chart form is that best suited to the needs of his particular selection 
problems. In any event this type of fan selection chart, or any other 
graphical or mechanical device for evaluating relative performance of 
different types of fans, will be found to be a most effective tool for reducing 
the calculations and the time needed to determine the relative performance 
characteristics of a number of competitive fans when considered for a 
particular installation. 


PROBLEMS 

1. The velocity head of an air stream at 68°, 50 per cent RH, is 95 ft of air. Calcu¬ 
late the velocity in feet per minute. 

2. A fan isentropically raises the static pressure of 6000 cfm of standard air from 
atmospheric to 3 in. of water. Calculate the work of the compression process (ex¬ 
clusive of work during admission and discharge) and express this as a percentage of 
the total work. 

3. Calculate the exact static air horsepower for the conditions of problem 2 and 
compare with AHP* calculated from equation 15*7. 

4. A forward blade fan (similar to the one of Fig. 15*3) is selected for operation at 
100 per cent of rated capacity. When installed and operated on the airway it is ob¬ 
served that the actual static pressure developed (at design speed) is 20 per cent less 
than the design value. What is the consequent percentage difference between actual 
and design air volumes? 

5. If the fan of problem 4 were of the backward blade type, what then would be 
the per cent difference in actual and design air volumes (assuming that actual SP, at 
design speed, is 20 per cent below the design value) ? 
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6. A fan is rated at 3 in. total pressure and 2 in. static pressure when delivering 
4000 cfm. If four such units were placed in series what would be the velocity pressure 
and static pressure in the discharge line (for 4000 cfm delivery) ? 

7. For two parallel-operating identical forward blade fans (of type shown in Fig, 
15*3) establish the stable and unstable pressure-capacity curves. 

8. A fan delivers 10,000 cfm with a static pressure of 2% in. What per cent change 
in speed would permit this fan to deliver 16,000 cfm through the same airway, and 
what would be the corresponding static pressure? What per cent change in static 
AHP would occur? 

9. A size 10 fan operating on a fixed airway is found to be inadequate. If it is re¬ 
placed with a size 20 (same type), can performance of the larger fan, operating on 
the same airway, be calculated by means of the fan laws? If not, explain. 

10. A fan delivers 18,000 cfm against 1 in. static pressure when operating at 400 
rpm and with a brake horsepower of 4.67. Calculate the static efficiency. 

11. The speed of the fan in problem 10 is increased enough to permit delivery of 
25,000 cfm through the same airway. For the changed operating condition calculate 
the speed, horsepower, and static pressure. Has the static efficiency changed? 

12. For two or more fan types for which you have manufacturer’s rating data, 
establish type locus lines, size points, and speed scales on Fig. 15*18 or 15-19. Calcu¬ 
late the power and tip speed correction coefficients for each type. 
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CHAPTER XVI 


AIRWAY DESIGN 

16*1. Duct Losses. If an inviscid fluid were circulated through a closed 
frictionless conduit there would be no need to supply energy to the system 
so long as the velocity at any given cross section remained constant. The 
total pressure throughout the circuit would be constant, and the static and 
velocity pressures would therefore vary inversely. Static pressure would 
be a dependent variable subject to change only as a result of change in 
velocity pressure (such as would occur if the cross-sectional area of the 
conduit were to vary). 

If air were an inviscid fluid and were circulated through a frictionless 
conduit open at both ends to the atmosphere, the energy requirements 
would be determined by the work necessary to impart velocity to the 
stationary fluid. The total pressure would have a value equal to the 
velocity pressure at the entrance and would, at any other cross section of 
the system, be equal to the sum of velocity and static pressures. Changes 
in static pressure would occur only as a result of area variation. 

Since air does possess viscosity and is circulated through ducts having 
varying degrees of roughness, fluid frictional losses (dynamic) occur as a 
result of turbulence, and skin friction losses as a result of drag along the 
duct surface. These two types of losses, the one due to friction within 
the main body of the fluid, the other due to conditions near the boundary, 
do not have the same physical origin and cannot properly be evaluated 
by a single equation. Both losses, however, have the same overall effect 
on the flow and, for straight duct sections, it is customary to evaluate the 
total friction by means of the Fanning equation, 

A=(/)W (j)(FP) ( 16 - 1 ) 

where A h = change in total pressure due to dynamic and skin friction 
losses in straight duct, inches of water, 
i L = duct length, feet. 

P = duct perimeter, feet. 

A * duct cross-sectional area, square feet. 

VP = velocity pressure, inches of water. 

/ « friction factor = 0 (Reynolds' number, roughness). 

The above equation is for isothermal, turbulent flow of an incompressible 

373 
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fluid, but it is applicable with good accuracy to air flowing through ducts 
under conditions such as are found in ordinary ventilating and air con¬ 
ditioning systems. Note that the friction loss, aA, is expressed as a change 
in total pressure, even though the direct effect of both dynamic and skin 
friction losses is to tend to decelerate the fluid, transforming kinetic energy 
into internal energy. But the equation of continuity requires that the 
velocity of an incompressible fluid remain constant so long as the duct area 
does not change; thus deceleration is not possible, and the loss of kinetic 
energy must be equaled by a transfer of static pressure to velocity pressure 
at a rate such that the kinetic energy and velocity pressure at a given 
cross section will remain unchanged. All friction losses are therefore re¬ 
flected in a decrease of both static and total pressure along all sections of 
constant area duct and a decrease of total pressure along all sections of 
duct. 

Examination of equation 16*1 shows that friction increases directly with 
the ratio of contacted surface per unit stream area. It is evident, there¬ 
fore, that, for the same velocity, a duct of circular cross section will have 
minimum loss whereas rectangular ducts of high aspect ratio will afford 
much larger losses. Since the first cost of the duct will likewise increase 
as the cross section goes from circular, to square, to rectangular, it is evi¬ 
dent that every effort should be made to approach, as closely as conditions 
will permit, to a duct of minimum perimeter. 

For a round duct P/A = ttD/(ttD 2 4) = 4/Z). Making this substi¬ 
tution in equation 16-1 and substituting for VP from equation 15*2a, 

Ah = ^ £o. 0000518 (t> 2 )J (16-2) 

where p a and p w are the weight densities, pounds per cubic feet, of air (in 
duct) and water (in manometer), respectively. For standard conditions, 
substitution for VP in equation 16*1 can be made directly from equa¬ 
tion 15-3a, giving 

Ah - (16*3) 

” D \4005/ C D \4005/ K ’ 


where D is the duct diameter, feet, and C ^ is the length of duct, 

expressed as a multiple of the diameter, in which the pressure loss would be 
equal to one velocity head. The term C varies with velocity, diameter, 
duct roughness, and with the physical properties of the fluid, but for 
approximate calculations it is frequently assigned a conservatively low 
value and considered a constant. In the range of velocities from 1000 fpm 
to 2500 fpm, for ducts varying from 12 in. to 48 in. in diameter, C has an 
average value of 67 when the fluid is air at usual temperatures. For ordi- 
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nary straight sheet metal ducting with the usual number of joints, values of 
C ranging from 40 to 75 have been recommended by different writers. 
With such a wide variation (88 per cent) a safer procedure is to retain the 
friction factor in equation 16-2 as a variable and evaluate it in terms of the 
conditions for each particular problem. 

The form of equation 16*2 would be more convenient if v were expressed 
in terms of the volume of air handled, Q cubic feet per minute, and the 
diameter d, in inches, 


Q Q 4 X 144Q 
A “ (tD 2 / 4) ~ 7T d 2 


(164) 


Substituting for v 2 in equation 16*2, replacing D with d and evaluating 
friction loss for 100 ft of straight duct gives 


A^ioo' 888 


12 X 4 X 0.0000518 X 100 X (4 X 144) 2 /Q 2 Pq 

7T 2 d 5 p w 


K 

But for a range of water temperatures from 40° to 100°, p w can be taken as 
approximately constant at 62.3 lb /cu ft (maximum error of 1 per cent) 
and p a can be expressed as a function of temperature by the equation 


Pa = 0.0001507(565.3 - t) 


Then by substituting, 

0.0000518X100X(4X12) 3 X 144 X0.0001507/Q 2 n . 

AAioo<-^5--JT (565.3-<) 


0.0202(565.3 - t)^ 


(16-5) 


Use of equation 16-5 to evaluate pressure loss first requires selection of, 
or determination of, the proper value of the friction coefficient. This 
term varies with the roughness of the duct and with a dimensionless term, 
Reynolds' number, which is expressed in terms of system characteristics 
and fluid properties by the equation 

DVp 

Reynolds' number «- (16*6a) 

W 


where D f 'V, p are as previously defined, g = 32.2 ft /sec 2 , and p is the abso¬ 
lute viscosity in slugs/cu ft. Substituting for pg/p * y, the kinematic 
viscosity (ft 2 /sec), and expressing F(fps) in terms of Q f (cu ft/sec), and 
area, 


Reynolds' number 


r DQ* 
(vyD 2 /4) 


*yD 


(16*65) 
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Then rewriting in terms of Q and d, and substituting for y the empirical 
expression, y — 0.0593 X 10“" 5 (196 + t), 


Reynolds’ number 


4 X 12 Q/ 1 \ 10 g 

60tt d \196 + t) .0593 


- (1W 

16*2. Duct Friction Chart. Rather than attempt to establish an empiri¬ 
cal equation giving the friction factor in terms of Reynolds’ number and 
roughness, a more direct procedure will be followed. From equation 16-6c, 
Reynolds’ number can be evaluated in terms of Q, d> and t. Then / can 
be read from an empirical curve of / vs. Reynolds’ number at a given value 
of roughness. Knowing /, A/i 10 o' can be determined from equation 16-5 
as a function of /, Q, d, and t. Thus equations 16*5, 16*6, and experi¬ 
mental curves of / as a function of Reynolds’ number and roughness per¬ 
mit direct evaluation of A/* 10 o'- To facilitate this solution a completely 
graphical method has been devised for evaluating A/& 10 o' in terms only 
of Q, d, and t. The construction, developed by D. Corcoran, is as follows: 


OMJwere:# scale. 


\ TEMPCRATUPE S CALE 


PC YNOL Dj'NU/ABrP SCALE 


PEYNOLOS NO. 


capacity scale, q 


'§N 


!5 




r* 

A 


(a) (b) (c) 

Fig. 16*1. Detail of Friction Chart Construction. 


1. A nomogram is constructed (Fig. 16-la), solving equation 16-6c for 
Reynolds’ number in terms of known volume, duct diameter, and tem¬ 
perature of air passing through the duct. Connecting the known points 
on Q and d scales with a straight line gives intersection x with the refer¬ 
ence scale. From x a straight line through the known point on tempera¬ 
ture scale extrapolates to intersect the Reynolds number scale at the 
value for flow conditions of the. particular problem. 

2. Using the Reynolds number scale of the above nomogram as one 
coordinate and the friction factor as a second (Fig. 16-16) establishes a 
set of empirical curves, one for each value of roughness. Roughness can 
be expressed as a ratio of depth of surface imperfections to diameter of 
pipe, but the imperfections are approximately the same for all sizes of one 
type of pipe so roughness can therefore be correlated as an inverse func- 
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tion of diameter. Curves can be established for pipe sizes from 3 in. to 
60 in. Rising from the value of Reynolds’ number established as in Fig. 
16*la, intersect the roughness curve for correct pipe diameter, then move 
horizontally right to intersection with the friction factor scale. 

3. By starting with the / scale of Fig. 16*16 a nomogram is constructed 
solving equation 16*5. Connect known points on / and Q scales (Fig. 
16-lc), intersecting reference line at point y. From y draw a straight 
line to known point on diameter scale and extrapolate to intersection with 
reference line at point z. Connect z with known point on temperature 
scale and read the answer at intersection of this line with the friction 
loss scale. 

4. By placing in series the nomograms of Fig. 16*la and 16*lc with the 
curves of Fig. 16*16, a continuous, once through, solution is realized and 
the need for numerical evaluation of either Reynolds’ number or / is 
obviated. A complete graphical solution of this kind is shown in Fig. 
16*2. This figure is sufficiently large to permit its use in solving practical 
problems. As an additional help, a velocity scale has been added so 
A/iioo' can be evaluated in terms of known Q, d, and t, or Q, v , t, or known 
v, d, t. A typical example is given on the figure and the solution shown 
by the dashed line. 

Friction losses in rectangular ducts can be obtained indirectly from Fig. 
16*2 by first calculating the equivalent diameter d of the rectangular duct 
having sides 6 and a, where 6 is the shorter. The exact relationship 
between 6, a, and d leads to a complex equation, but a direct and reason¬ 
ably accurate approximate solution is shown in the inset curve at top 
center of Fig. 16*2. To use this curve, enter at the ratio a/6, rise to 
intersection with curve, then move left to read corresponding a/d ratio; 
knowing equivalent diameter and actual volume, friction loss is then 
determined from Fig. 16*2. 

16*3, Duct Design. Effective design of any airway system requires 
judgment and experience* in lieu of which no mathematical or graphical 
system of analysis can be substituted. The “ best ” design for a par¬ 
ticular installation is determined from considerations of noise, strength, 
fire hazard, first cost, operating cost, and other factors, among which duct 
friction is significant, but by no means all important. Whenever possible, 
therefore, the sizing of ducts for an airway should be accomplished by 
assigning velocities in each main, branch, or riser on the basis of the 
designer’s experience. Knowing the required volumes and having the 
assigned velocities, duct diameters can be readily calculated, and the 
friction loss in each straight section of the airway system can then be 
evaluated by means of Fig. 16*2. When this method is used the total 
calculated loss will probably not be the same in parallel sections of the 
system. Since the total pressure drop from fan to discharge must be the 
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eame for all branches, dampers would have to be used in all sections except 
that one having greatest loss. 

Lacking the background of experience required in arbitrarily assigning 
duct velocities, the designer can refer to any standard handbook for tables 
of recommended air velocities for ducts of different type or service. The 
usual range is from 500 fpm for residential branch risers to 2000 fpm for 
main ducts in industrial installations, but velocities as high as 6000 fpm 
are frequently used in special industrial or marine installations. 

Two arbitrary design procedures which are often used are the follow¬ 
ing: 

1. Constant-pressure drop. Assigning the velocity in the main duct, 
the corresponding friction loss per 100 ft is obtained from Fig. 16*2. The 
same loss per unit length is then assumed as a basis for sizing all other 
ducts in the system. This method has the advantage of speed and 
simplicity, but the disadvantage of giving uneconomically low velocities 
in the smaller size branches. 

2. Constant velocity. Assigning a fixed velocity throughout the system 
is a design method now justly obsolete. Such a procedure inevitably re¬ 
sults either in undue noise from relatively high velocity in branch ducts, or 
increased first cost from relatively low velocity in main ducts. 

A design procedure based essentially on establishing optimum grille or 
outlet performance is to size the airway so that the velocity pressure will 
decrease at a rate equal to the head loss. By this method the static 
pressure can be maintained constant throughout the system with the con¬ 
sequent advantage of a uniform pressure drop across all outlets. When 
designed in this way a duct of usual size operates with the characteristics 
ordinarily found only in large plenum chambers. Continuous and uni¬ 
form reduction of cross section is usually not feasible, but a comparable 
design can be readily achieved by reducing the velocity pressure at the 
entrance to each branch of duct by an amount sufficient to compensate 
for the friction loss expected in that branch. 

As a matter of interest and as a striking example of the basic principles, 
the plenum design described above could lead to an airway in which the 
air flow was in a direction of increasing static pressure. This would occur 
if the velocity reduction per unit length of duct were greater than that 
needed to provide static regain. Thus the usual conception of air flow 
from % region of high static pressure to low static pressure is in need of 
analysis when the design is of the static regain type. 

All the above design methods lead to evaluation of the total friction 
loss and the consequent load for which a fan must be selected. In unusual 
eases a fan may already be available and a design required for which the 
airway resistance will not exceed the fan rating. The procedure is then 
to calculate an available Afcioo’ from the fan rating and the overall duct 
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length; sizing of the duct is then carried out by means of the graphical 
solution. 

Refinements of design such as sizing branches to give an equal rate of 
friction loss on either side of a connection to the main, or reducing 
velocity at a rate for which static regain will equal the friction loss, will 
commend themselves to the designer of a system requiring either precise 
performance or high engineering efficiency. Detailed discussion of such 
design is not required here as the methods do not differ in principle from 
those already covered, and the detailed procedure can only be established 
in terms of the particular design problem. 

16*4. Fitting Losses. In addition to the friction losses in straight 
ducts, additional losses, very largely of dynamic origin, occur at entrance 
and exit and whenever the air stream undergoes a change of velocity or 
of direction. Many forms have been used for expressing such fitting 
losses: as equivalent length of straight duct, fraction of a velocity head, 
or loss in inches of water. To establish uniformity and provide the de¬ 
signer with a maximum of data from a single source, Fig. 16*3 has been 
prepared. On this figure friction losses for forty types of commonly used 
fittings are arranged on a log scale with a velocity background grid such 
that the actual head loss in inches of water can be obtained for any of the 
fittings at any velocity between 400 fpm and 6000 fpm. 

To use the chart, move down the left-hand side to the horizontal line 
for the particular fitting of interest. Then move right to the point at 
which this line intersects the vertical corresponding to duct velocity; at 
the intersection read the head loss from the scale marked on the hori¬ 
zontal. As an example, consider a round elbow with ratio of radius of 
curvature to diameter equal to 1.0 and velocity of 800 fpm. This fitting 
is represented by the second horizontal from the top; at intersection with 
vertical for 800 fpm read friction loss as 0.01 in. Whenever a change of 
velocity occurs during passage through a fitting the chart values are based 
on the velocity in the smaller pipe . Brief discussion of the fitting groups 
follows: 

o. The three lines for round elbows are based on 90° ells followed 
by a short section of straight pipe. For elbows of angle between 90° 
and 180° the head loss can be computed as proportional to the angle 
through which the stream is deflected. 

6. Rectangular ells are grouped according to ratio of width to depth 
where the width, for a vertical ell, is considered as the horizontal dimen¬ 
sion. For each W/D-ratio scales are provided for the same three R/D 
ratios which were used with round ells. 

c. Gradual expansion losses are arranged in groups based on velocity 
ratio, with three scales in each group to cover the usual range of angles 
likely to be used in transition pieces. The transition angle is evaluated 
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in degrees and also by means of the term (D x - D 2 )/L. Where detail 
drawings are available the angle can most readily be taken off with a 
protractor; lacking such drawings the (D x — D 2 )/L term will be of 
greater convenience. 

d. Gradual contraction losses are negligible up to a transition angle of 
30°. This loss is also practically independent of the velocity ratio in 
the range from 0.2 < V x /V 2 < 0.8. 

e. Abrupt contraction head loss depends on velocity ratio and reaches 
a maximum for free entrance through a sharp-edged opening (scale for 
"V\/V 2 = 0). Free entrance through a bell mouth orifice can be taken 
as 10 per cent of the loss given by the chart scale. 

/. Abrupt expansion results in exceptionally high head losses, the maxi¬ 
mum occurring at free discharge (corresponding to V x /V 2 — 0). For 
this case correction of exit conditions by use of a bell mouth or other 
orifice will have no effect on the loss as the entire kinetic energy of the 
leaving air stream must be dissipated through turbulence. The scale 
for free discharge gives a loss equal to one velocity head and this line 
can therefore be used as a convenient datum for evaluating the velocity 
pressure corresponding to any particular stream velocity. 

g . Note that the chart gives the loss in total pressure which occurs in 
any fitting. This will be equal to the loss of static pressure only if the 
velocity through the fitting does not change. For the general case the 
loss of static pressure is given by the equation 

ASP-AW - (FPi -VP 2 ) 

where Ah 10 o> is the head loss taken from the chart for the fitting (based 
on higher of the two velocities), VP X is the velocity pressure at entrance 
(taken from chart for condition of free discharge), and VP 2 is the velocity 
pressure at fitting exit (also from chart for condition of free discharge). 
The A/iioo' term is a loss and will always be positive. The term in paren¬ 
thesis may be positive or negative depending on whether the velocity is 
decreasing or increasing. The A*SP tern^is given as a loss and will usually 
be positive, but for a condition of great velocity decrease through the 
fitting it can be negative; negative A SP is equal to static regain. 

The scale arrangement used in Fig. 16*3 is similar to that of a standard 
elide rule. The data could be readily transposed to a single scale and a 
slide rule constructed to consolidate all the information given on Fig. 16*3. 
Additional data for types of fittings not now included can be readily placed 
either on the slide rule or on added scales of Fig. 16*3. 

16-5. Summary, In this chapter the basic data needed for the design 
of a duct system have been summarized in the two graphical solutions of 
Figs. 16*2 and 16*3. The first figure permits direct determination of 
friction loss in straight sheet metal duct from known values of capacity, 
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temperature, and either velocity or diameter. The second figure gives 
the head loss due to passage of air at given velocity through any of forty 
types of fittings. 


PROBLEMS * 

1. Ten thousand cfm of 70°F air at 2000 fpm pass through a 240-ft rectangular 
sheet metal duct which is 10 in. deep. Determine the duct width and the friction loss 
in inches of water. 

2. Ten thousand cfm enter a 400-ft, 20-in. diameter duct. If 2000 cfm are extracted 
at intervals of 80 ft along the duct, determine the necessary diameter of each 80-ft 
section to permit realizing the same static pressure at each take off point. 

3. Six thousand cfm of 70°F air are to be passed through 250 ft of round duct in¬ 
cluding 4 ells with R/D = 1.5 and an abrupt expansion (at discharge). If the total 
allowable pressure drop is 0.5 in. H 2 O, calculate the required total pressure in the 
entering end of the duct. 

4. Determine the size of each branch connection to the main duct of problem 2 if 
the linear rate of friction loss at the connection is to be the same in main and in 
branch. When branches are designed on this basis note the abrupt velocity change of 
air leaving the main and estimate the probable energy loss from this cause. Would 
the connections be more acceptable (from standpoint of performance and energy re¬ 
quirements) if they were designed for equal velocity in branch and in main? 

5. Air at 5000 fpm passes through a rectangular elbow having RID = 1.5 and 
w/D = 0.5. Determine the energy loss. 

6. Determine the loss as 4000 cfm of 70°F air enter a 15-in. diameter exhaust grille 
located in the wall of a room. 

7. Determine the loss due to gradual contraction [(Di — D%)/L = 0.52 and V 1 /V 2 — 
0.4] of an air stream initially moving at 4000 fpm and compare with the loss for an 
equal abrupt contraction. 
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Absolute temperature, 6 
Absorbents, 89, 201 

influence of on evaporator pressure, 92 
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Absorption, dehumidification by, 200 
Absorption system, analysis of, 99 
coefficient of performance of, 99 
deviation of actual from ideal, 89 
equipment arrangement in, 89 
flow circuits in, 90' 
heat balance for, 100 
multi-stage, 102 
pump work for, 88 
purging of evaporator in, 96 
resorption cycle for, 102 
thermodynamic relationships for, 91 
boiling point diagram, 91 
mixture effects, 92 
Acclimatization, 235 
Activated alumina, 200 
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Actual cycles, 75-87 
cylinder wall heating in, 77-79 
fixing on ph chart, 76 
influence of compressor jacketing, 79 
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thalpy process, 158 

deviation of wet bulb temperature 
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equipment for accomplishing, 156 
temperature of, 156 
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silica gel, 197, 200 
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heat of, 200 
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motion in ventilation, 228 
psychrometric properties of, 155-160 
dew point temperature, 155 
dry bulb temperature, 155 
wet bulb temperature, 159 
thermodynamic properties, 148 
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heat removal requirements of, 227 
moisture removal requirements of, 228 
odor removal requirements of, 226 
Air washer, 195 
adiabatic process in, 195 
summary of possible processes in, 197 
Airway, adaptation of fan to, 257 
design of, 273-283 
fitting losses, chart of, 281 
friction losses in, chart of, 278 
theory of, 273-278 
Alumina, activated, 200 
Ammonia, ph chart (in envelope on back 
of book) 
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Aqua-ammonia, 92-96 
chart of properties, 95 
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heat of solution, 93 

partial pressure of water vapor over, 99 
volume change on mixing, 92 
Area, geometric mean, 106 
logarithmic mean, 105 
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Boiling point diagram, 91 
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By-pase of air streams, equation for, 170 
equivalent concept for, 175 
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book) 
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Centrifugal compressor, 81 
Charcoal, activated, 103 
Chernb, R. E., 174,222 
Clearance, definition of, 42 
effect on compressor power, 44 
Coefficient of heat transfer, overall, 108 
Coefficient of performance, comparison 
of, 12 

definition of, 29 
of heat pump, 83 
Coils, controlled, 204 
dehumidification process of, 183 
equivalent uniform surface tempera¬ 
ture, 186 

operating at fixed surface temperature, 
176 

required surface temperature, 177 
series operation of, 187 
Combined radiation-convection coeffi¬ 
cient, 114 

Comfort chart, 230 
Compound compression, 49-67 
flash intercooling, 
multiple expansion valve, 55 
single expansion valve, 51 
multi-load arrangement, 66 
no intercooling, multiple valves, 52 
water intercooling, single valve, 51 
Compression processes, isentropic, 20 
linear T-s, 20 
polytropic, 15, 16, 18, 23 
Compressor, centrifugal, 81 
clearance in, 42 
coefficient of performance, 29 
condensation in cylinder of, 80 
conventional volumetric efficiency of, 
43 

dual-effect, 57 
energy equation for, 28 
heat loss from cylinder of, 20 
table of comparisons of, 25 
multiple-effect, 57 
periodic heat exchange in, 77-80 
effect of jacketing cylinder, 79 
entropy change due to, 78 
rotary, 81 
valve losses in, 80 
wiredrawing in, 80 
work of process m, 15 
weak of cycle in, 15 
Condensation, in air stream, 185 
in co mpresso r cylinder, 80 


Condenser, desuperheating in, 30 
energy equation for, 27 
Conductance, thermal, 107 
of air spaces, 110 
Conduction, 5 
Fourier equation for, 104 
Conductivity, thermal, 105 
table of values, 105 
Convection, definition, 5, 106 
evaluation of coefficient for, 107 
Newton’s law of cooling by, 107 
Nusselt’s equation for coefficient of, 
107 

Contraction of ducts, loss due to, 281 
Conventional volumetric efficiency, 43 
Cooling, simple process of, 176 
Cooling and dehumidification, equipment 
arrangements, 207-210 
processes on psychrometric chart, 
183-190 

Cycles on psychrometric chart, indirect 
evaporative cooling, 213 
over-dehydration, 210 
run-around, 212 

Dalton's law, 149 

Dehumidification, processes, 183-190 
by low temperature coils, 183 
relationship of heat and mass transfer 
during, 184 
theory of, 183 

Dehumidification and cooling, equipment 
arrangements, 207-210 
processes on psychrometric chart, 
183-196 

Design state, inside air, 231 
Desuperheating in condenser, 30 
Dew point temperature, 155 
minimum determined by maximum 
LHL, 166 

Dichlorodifluoromethane (F-12), 102 
ph chart (in pocket on rear cover of 
book) 

Diffusion equation, 159 
Diffusivity, thermal, 118 
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Discharge pressure, influence on power, 
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Dbopkin, David, 155,162 
Dry bulb temperature, 155 
minimum determined by maximum 
SRL, 166 



INDEX 


287 


Dual-duct control in zoning, 220 
Dual-effect compressor, 57 
clearance requirement in, 62 
combined system, arrangement in, 66 
equation for, 59 

graphical solution of state for, 60, 61 
Duct, design procedure, 277 
friction loss, chart for, 278 
equations of, 273 

Effective temperature, 230 
Efficiency, conventional volumetric, 43 
static, of fan, 253 
total, of fan, 253 
Elbows, head loss in, 281 „ 

Ellen wood, F. O., 45 
Emissivity, factor, 110 
table of values, 111 
Emswileb, J. E., 26 
Energy, 1 

combination terms, enthalpy, 7 
latent heat of vaporization, 7 
specific heat, 8 
in storage, as internal, 6 
as mechanical, 6 
in transition, as flow work, 2 
as heat, 5 
as shaft work, 2 
Energy equations, 17-23 
flow to non-flow, 22 
general (steady flow), 21 
simplified form of, 22 
simple (non-flow), 18 
Enlargement of duct, head loss due to, 
281 

Enthalpy, definition of, 7 
for diy air, 149 
of an air-vapor mixture, 153 
temperature-enthalpy relationship for 
superheated water vapor, 149 
when an energy term, 7 
Entropy, absolute value, 12 
definition of, 12 
equation for, 12 
limitation of, 13 

Equipment arrangement, 203-214 
for cooling and dehumklifying, 207- 
216 

for heating and humidifying, 203-207 
for special psychrometric cycles, 
210-214 

Equipment selection, 220 


Equivalent by-pass concept, 175 
Equivalent uniform surface temperature, 
186 

Evaporative cooling, 213 
Evaporator, energy equation for, 28 
Exhaust ventilation, 238 
Expander, energy equation for, 27 
Expansion valves, condition of refriger¬ 
ant leaving, 31 
energy equation for, 28 
flash during passage through, 31 
by-pass of vapor from, 32 
multiple arrangement, 47, 52 
quality at discharge from, 31 

Fairies, V. M., 45 
Fan, blade characteristics, 251 
efficiency, 253 

kinetic energy imparted by, 248, 251 
laws, 258 

parallel operation of, 256 
performance of, 253-255 ^ 

selection charts, 269, 270 
series operation, 255 
specific speed, 261 

Fan selection chart, construction, 262-267 
method of use, 267 
working copies of, 269-270 
Finite differences, Schmidt method of, 
118 

Fishenden, M., 117 
Fitting losses, chart of, 281 
Flash, intercooling, 51 
vapor leaving expansion valve, 31 
Flash cooling, steam jet unit, 81 
Flow to receiver, energy equation for, 23 
increase of internal energy during, 23 
Flow work, 2-3 

Fog region in psychrometrics, 185 
Fourier equation, 104 
Freon-11, ph chart (in pocket on rear 
cover of book) 

Freon-12, ph chart (in pocket on rear 
cover of book) 

Freon-21, ph chart (in pocket on rear 
cover of book) 

Freon-113, ph chart (in pocket on rear 
cover of book) 

Freeh air, requirements of, 226 
Friction lose, in duct, 278 
in fittings, 281 
Fuller, C. A., 272 
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General energy equation, 21 
simplified form of, 22 
Generator, 00 
Geometric mean area, 106 
Giesecke, F. E., 134, 136, 147 
Grain, definition of, 151 
Grant, R. E., 174, 222 
Graphical solution, body heat loss, sensi¬ 
ble, 239 
latent, 240 

conductance of air spaces, 110 
cooling equation, 138 
dual-effect compression, 60, 61 
equivalent radiation coefficient, 113 
heating equation, 130 
heat storage characteristics, 140 
multiple-effect compression, 60-61 
periodic heat flow, through air spaces, 
133 

through composite walls, 128-133 
through homogeneous walls, 121-128 
polytropic equations, exponent un¬ 
known, 18 

final state unknown, 16 
ventilation requirements, 239-240 

Head loss, in duct, 273 
in fittings, 281 

Health, chart of atmospheric hazards to, 
230 

effect of high temperature on, 227 
Heat, definition of, 5 
humid specific, 59 
latent, 7 

mechanical equivalent of, 5 
of absorption, 200 
of solution, 93 
sensible, 6 

Heat balance, in absorption system, 100 
Heating, intermittent, 141-146 
simple process of, 176 
Heating and humidification, 208-207 
Heat loads in psychrometrics, critical, 165 
due to occupants, 239-240 
partial load conditions, 168 
ratio of sensible to total, 163 
sensible, representation of, 163 
Heat pump, coefficient of performance, 
83 

description of, 84 
preferred operating range, 86 
systems, 84-85 


Heat transfer, basic differential equation 
for, 118 

conductance in, 107 
conductivity in, 105 
Fourier equation for, 104 
graphical solutions of, 121-133 
Holme method of analysis, 135 
overall coefficient of, 108 
periodic, 104 
resistance to, 106 
Schmidt method of analysis, 118 
steady state, 104 
through air spaces, 109 
through heterogeneous walls, 109 
through homogeneous walls, 108 
transient, 104 
High side, 28 
Hirshfeld, C. F., 45 
Holme, H., 135, 146 
Holmes, R. E., 222 
Houghton, F. C., 114 
Humidification, by water injection, 192 
by steam injection, 194 
by use of wetted surface, 191 
Humidity, relative, 153 
specific, 151 

Humidification and heating, 203-207 
Humid specific heat, 159 
Huntington, E., 236 
Hutchinson, F. W., 74, 117, 134,147 

Ice region in psychrometrics, 185 
Ideal refrigeration system, condition for, 
29 

Indirect evaporative cooling, 213 
Intercooling, flash vapor, 52 
with water, 51 

Intermittent heating, 138-146 
Internal energy, 6 
increase during flow to receiver, 23 
kinetic fraction, 6 
potential fraction, 6 
Irreversible process, 14 
Isentropic process, 20 
work during, 22 

Jacketing of compressor, 79 
Jennings, B. H., 202 

Keenan, J. H., 26, 45, 103,162, 283 
Kiefer, P. J., 26 

Kinetic energy imparted by fan, 248 



INDEX 


289 


Laminar flow, 106 
Latent heat, 7 
Lewis, S. R., 202 
Liquor, in absorption system, 89 
Lithium chloride, 102, 103, 201 
Loading conditions, psychrometrics, 166 
Logarithmic mean, area, 105 
temperature difference, 137 
Low side, 28 

Macintire, H. J., 45, 87, 103 
Mackey, C. O., 162, 174, 202, 272, 283 
Maiubi, G., 102, 103 
Marco, S. M., 117 
Markson, A. A., 87 
Mass transfer, 183, 184 
McAdams, W. H., 117 
McCabe, W. L., 202 
McDermott, P. F., 114 
Mechanical energy, 6 
Mechanical equivalent of heat, 5 
Methyl chloride, ph chart (in pocket on 
rear cover of book) 

Mixing of air streams, 169 
equation for and representation of, 170 
three-way, 214 

Multiple-effect compression, 57-64 
Multiple expansion values, infinite num¬ 
ber, 47 

thermodynamic analysis of, 47, 52 
Mumford, A. R., 87 

Nessi, A., 117,118,134 
Newton’s law of cooling, 107 
Nisolle, L., 117,118,134 
Nusselt’s equation, 107 

Odor control, 225 
air required for, 226 
Olfactory bulb, 226 

Overall coefficient of heat transfer, 108 
Over-dehydration cycle, 210 
Oxygen requirements, 223 

Parallel operation of fans, 256 
Pabkersbn, W., 45 
Paschkis, V., 134 
Patents, 170 note 
Perfect gas law, 148 
Periodio heat flow, across air spaces, 
131-133 

graphical solution of, 121-128 


Periodic heat flow ( Continued) 
through composite walls, 128 
through homogeneous walls, 121 
through non-plane walls, 133 
Peterson, C. M. F., 117 
ph chart, 150 

for refrigerants (in pocket on rear 
cover of book) 

Physiological changes, due to carbon 
dioxide, 224 

due to high temperature, 227 
Polytropic process, definition, 15 
equation for, 14 
graphical solution of, 16, 18 
work during, 15, 23 
Power, definition and units, 2 
Pre-cooler, 89 

Pressure, Dalton’s law of partial, 149 
discharge, from compressor, effect of 
rise in, 33 

high side, in refrigeration system, 28 
low side, in refrigeration system, 28 
static, in duct, 250 

suction, at compressor, effect of drop 
in, 33 

total, in duct, 249 
velocity, in duct, 249 
Pressure-enthalpy chart, ph, example of, 
13 

for various fluids (see pocket on rear 
cover of book) 

Pressure ventilation system, 238 
Process, definition of, 14 
irreversible, 14 
isentropic, 20 
linear P-s, 20 
polytropic, 15 
real vs. ideal, 14 
reversible, 14 
Properties, list of, 12 
psychrometric, of air, 154 
representation of, 13 
thermodynamic, of air, 154 
Psychrometric chart, 161 
Psychrometric problems, four types, 169 
Psychrometric properties, 154 
Purging, in absorption systems, 96 

Quality, leaving expansion valve, 31 
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Radiation, combined coefficient, 111 
emiasivity factor for, 110 
equation for combined coefficient, 114 
equivalent coefficient, difficulty in 
evaluating, 112 
equation for, 111 
geometric factor for, 110 
graphical determination of, 113 
Stefan-Boltzmann law, 110 
Ratio lines, sensible to total heat, 163 
Recirculation, method of introducing air, 
215, 218 

summer conditions, 218 
winter conditions, 215 
Rectifier, 90 

Refrigerants, coefficient of performance, 
12 

comparison of, 11 
desired characteristics, 10 
ph charts for (in pocket on rear cover 
of book) 
selection of, 10 
Refrigerating effect, 32 
Refrigeration, units of, 28 
Refrigeration cycles, basic, 27 
combined, 64 
compound, 66 
dual-effect, 66 
parallel operation of, 65 
sectionalized, 66 
compound, 49 
graphical analysis of, 70 
sectionalized, 46 
simple saturation, 29 
simple subcooling, 34 
simple superheating, 37 
Relative humidity, 153 
Resorption system, 102 
Reversible process, 14 
Reynolds 1 number, 275 
Rotary compressors, 81 
Run-around cycle, 213 

Saturation line on psychrometrie chut, 
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BAvmmaa, O. A., 117 
Schack, A., 117 
Schmidt, E., 118,134 
Sectionalizing, 46,66 
Selection of equipment, 220 
Sensible beat, definition of, 163 
Sensible beat load, ratio to total, 163 


Sensible heat load ( Continued) 
representation of, on chart, 163 
Series operation, of coils, 187 
of fans, 255 
Shaft work, 2 
Shock effects, 235 
Shut-off fan operation, 253 
Sigma heat content, 157 
Silica gel, 103, 200 
Simple energy equation, 18 
Simple saturation cycle, 29 
Smith, E. G., 147 
Solution, heat of, 93 
Sparks, N. R., 26, 74,103, 162 
Specific heat, definition, 8 
Specific humid heat, of air, 159, 171, 195 
Specific speed, of fans, 261 
Static pressure, 250 
Steam jet system, 81 
concentration change in, 81 
Stefan-Boltzmann law, 110 
Stuart, M. C., 26 

Subcooling of refrigerant, effect of, 35 
by use of liquid refrigerant, 40 
by use of vapor, 39 

Suction pressure, influence on work, 33 
Sulfur dioxide, ph chart (see pocket on 
rear cover of book) 

Superheating of refrigerant, effect of, 39 
due to energy gain in line, 38 
due to expansion valve Betting, 37 
Supply area, psychrometrics, fixed sur¬ 
face temperature, 176 
minimum condition to reach all 
points, 171 

required coil surface temperature, 
177 

simple heating or cooling, 176 
economic limitation, 182 
humidity limitation) 181 
thermodynamic penalty, 180 
single-point supply, 172 

Temperature, absolute, 6 
correction for radiation, 155 
dew point, 155 

minimum from maximum LHL, 166 
dry bulb, 155 

minimum from maximum BSL, 166 
effective, 231 

effect on human body* 227 
of adiabatic saturation, 166 
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Temperature ( Continued) 
surface, equation for, 114 
graphical determination of, 115 
wet bulb, 159 

minimum from maximum THL, 166 
Thermal conductivity, 105 
Thermal diffusivity, 118 
Thermodynamic properties of air, 151 
Thermodynamics, first law of, 17 
Three-way mixing, 214 
Ton, 28 

Total pressure, 249 
Trace sheet, 71 

Transient heat flow, cooling curve equa¬ 
tion, 136 

general form of, 142 
graphical solution of, 138 
typical curve for, 141 
heating curve equation, 137 
graphical solution of, 139 
typical curve for, 141 
Holme method for, 135 
illustrative example, 144-146 

Unhealthful conditions, 230 

Valve losses, in compressor, 80 
Velocity pressure, 249 
Ventilated clothing, 246 
Ventilation, by air blast, 245 
criteria of, 223 

for carbon dioxide removal, 223 
for heat removal, 226, 239 
for moisture removal, 228, 240 
for odor control, 225 
for oxygen supply, 223 


Ventilation ( Continued) 
limitations of, 238 
local systems, fluid barriers, 245 
solid barriers, 244 
load due to occupants, 239 
load independent of room load, 168 
methods and systems, 238-245 
supply volume, limitation on maxi¬ 
mum, 165 

limitation on minimum, 167 
Volume, specific, of air-vapor mixture, 
151 

Volume control, in xoning, 219 
Volumetric efficiency, conventional, 43 

Water intercooling, 51 
Water jacketing, 79 
Wet bulb temperature, 159 
deviation from temperature of adia¬ 
batic saturation, 159 
minimum from maximum THL, 166 
Wilkes, G. B., 117 
Wilson, T. A., 99 

Wiredrawing, in compressor valves, 80 
Work, definition of, 2 
equivalent of external latent heat, 4 
flow, 2 

of compression and expansion, 3 
cycle, 15 
process, 15 
shaft, 2 

Working substances, 9 
comparison of, 11 
selection of, 10 

Zoning, 219-220 





